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ABSTRACT
NUMERICAL MODELS FOR THE ASSESSMENT OF THE CYLINDER-KIT
PERFORMANCE OF FOUR-STROKE INTERNAL COMBUSTION ENGINES
By

Andreas Petrou Panayi

Governments across the globe are introducing more stringent emission standards,
setting targets for higher engine efficiencies and looking into alternative fuels. At the
same time the consumer demands have to be met: low cost, high fuel efficiency, long
trouble-free life, low emissions and low noise and vibration. In order to meet all of these
demands, a vast amount of design and testing is needed. This is where the numerical
models for the assessment of cylinder-kit performance apply. Such models greatly reduce
the amount of time from conception to launch of a new product. They reduce the number
of expensive prototypes required to complete a design, and they allow for multiple design
iterations to be tested in virtual space.

In this dissertation, numerical models for the assessment of cylinder-kit
performance of four-stroke internal combustion engines are explored. A novel 3-D
numerical model for predicting piston dynamics was developed. This model deviates
from conventional ones, as in addition to the axial and thrust plane motions of the piston
it also considers the secondary motion in the wrist-pin plane. It is shown that the motion
in this additional dimension becomes important with the new generation pistons,

especially when faced with asymmetric and eccentric cylinder bore deformations. The



model is used to investigate piston dynamics for both gasoline and diesel engines, and the
predicted results are compared with the actual operating pistons.

Also, a method for the optimization of piston skirt profiles used in internal
combustion engine piston design is proposed. The method is based on a response surface
approximation of standard performance measures used in piston design, namely, the
RMS values of the piston’s transverse and angular accelerations, used as indicators of
piston slap and noise, and the friction work on the skirt. The method is intended to be
used in conjunction with computationally-intensive piston simulation tools. As such, it
can be used also as a paradigm for strategies to solve optimization problems that rely on
computationally expensive simulation models. An example illustrates the capabilities of
the method and the significant enhancements in performance that result from an
optimized piston skirt profile.

Finally, the ring-pack performance of a newly developed gasoline engine is
benchmarked against that of a similar production engine using CASE, a commercial ring
dynamics simulation program. Some limitations of such models that perform the
calculations at one cross-section of the ring-pack are identified, and an introduction is

made to the initial developments of an advanced 3-D ring dynamics numerical model.
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“It is an art to design an engine that revs up to 19000 RPM and
yields a power beyond the 950 bhp horizon for a lifespan of one
race weekend. The real art though is to design an engine that is
Juel-efficient, reliable with a lifespan beyond 150,000 miles, and
has a light footprint on the environment. It even becomes a

masterpiece when you can harness some of the waste energy.”
Andreas P. Panayi, 2009

for my wife, Darioulla

for my parents, Petros and Panayiota



ACKNOWLEDGEMENTS

First I would like to give my sincere thanks to my advisor, Dr. Harold Schock, for
giving me the opportunity to work as a research assistant at the Automotive Research
Experiment Station. These years have not only enriched my engineering knowledge, but
also developed me as a researcher and a person, preparing me for the next step in life.

Under his tutelage I have been motivated to strive for and achieve exceptionally
high standards in engineering. He provided me with the opportunity to attend and present
at multiple conferences, while working with him on several research projects. This has
established my professional network which will be an invaluable asset in my future job
hunt. In many areas, both personally and professionally, Dr. Schock has taught and
encouraged me to meet challenges that I had never before thought possible. Most
important of all he led me to understand the art of the production internal combustion
engine.

Second, I would like to thank the members of my Guidance Committee. Their
advice and input along the way led me to the completion of this dissertation. Namely I
would like to thank Dr. Farhad Jaberi. He was the first one to expose me to all the glory
of numerical modeling from my first semester here at Michigan State University. I thank
Dr. Ronald Averill, who advised me on finite element modeling throughout my Masters
and continued to do so through my PhD; and Dr. Alejandro Diaz who introduced me to
optimization methods through his Optimal Design of Mechanical Systems class. His
ability to motivate and challenge me resulted in a collaboration beyond the class which

led to the development of the pseudo-Adaptive Response Surface Methodology which

vi



will be described later in this dissertation. Finally, I thank Dr. Mikhail Ejakov of Ford
Motor Company, who advised me from the early stages of my research on the numerical
modeling of pistons and later piston rings. I would also like to extend to him my sincere
appreciation for making it possible for me to intern at Ford Motor Company last summer.
The experiences I acquired from that industry exposure will be invaluable in my future
career.

In turn I would like to thank Mulyanto Poort of Mid Michigan Research for his
support and friendship all these years. We have spent quite a few hours together
exchanging ideas for modeling approaches. Also, the support of Mid Michigan Research
allowed for the development of these numerical models.

I would like to thank Dr. Dan Richardson of Cummins Inc. for all his input month
after month regarding the modeling efforts in both piston dynamics and ring dynamics. I
would also like to express my appreciation to him for giving me the opportunity to get
involved with the Internal Combustion Engine Division of ASME and allowing me to
assist in the organization of two technical conferences. Many thanks to Andy Flack of
Cummins Inc. also, for all his inputs in the piston modeling efforts.

Furthermore I would like to thank all the people at the Automotive Research
Experiment Station who made these years more pleasant through lunch breaks, fishing
trips or just hanging out.

Finally, I would like to thank and express my gratitude to my wife Daria and to
my parents, Petros and Panayiota, for their love, support and patience, even when I am so
far away. In order to achieve this, we had to spend considerable amounts of time apart on

opposite sides of the Atlantic, however, they were always there.

vii



To conclude, I would like to extend my apologies to the future researchers that
will end up reading this work on microfiche, as some of the images in this dissertation are

presented in color.

viii



TABLE OF CONTENTS

LIST OF TABLES xiii

LIST OF FIGURES XV

KEY TO SYMBOLS xxiii

INTRODUCTION 1
CHAPTER 1. NUMERICAL MODELS FOR THE ASSESSMENT OF

CYLINDER-KIT PERFORMANCE 3

1.1 MOUIVALION......ccciriiieieeeeieiteteesteees e stessee st et esee e st e et e seessnesaessasasessanas 3

. ODJECLIVES ...uerrerreerirnenienieettenreetesaeessestesnesstesstensesseessesssessessesssessasssessenns 4

1.3 Previous EffOrts ...ttt sane s 5

1.3.1 Piston DYNamicCS........ccceeeerereniererrieneereriieniestensesressessessessessessessesseses 6

1.3.2 Skirt Profile Optimization ...........cc.ccccevvireirniccnennnennennienersesneenessnanne 9

1.3.3 Ring DYNAMICS ......cccuerirvuiiniirireeenircennenieeientssnreseeeseseessesesssesnees 12

1.4 Structure of the DiSSErtation ...........c.ccecceveniieninnienccnnenienseenseeneeeeeseesaennne 13

CHAPTER 2. THE CYLINDER-KIT 15

2.1 INErOUCHION.....c..eiiuieieiretiiertecte ettt e e ae s 15

2.2 ThE PiStON ...coueiiiiieeiiniirieneetrcestsetetest et et ereseessesesssessesssessassaesanans 18

2.2.1 Piston Design.......cccervuirienuirniieieniiniinieceeresenste e et seesae e 20

2.2.2 PiStON MaSS ....cocveeuveriineerienirrenseenneesiesntensesseessessnessessesssesesssesassnes 22

2.2.3 PiStOn CIOWN.....ccutiriiieierieieeicsc et seeesteesae s ee st e seeseessanens 23

2.2.4 Top Land ......ceovirieiiieieieeecceecetetet ettt et 23

2.2.5 Second and Third Lands...........ccccceeiervereiencenneniereieneesceenireesneens 24

2.2.6 PisSton Pin-DOSS .......cccureereuiriecrinnienirirensiinernientsneetesnessnessessessnesns 26

2.2.7 WIISE-PIN.curreureenieieniereeerieeeneressienseeseeseeestsssesseessessesssessesssessesssenaes 26

2.2.8 PiStON SKilt.....cooceevuerieciiriiniienensteneeseestesesseseesae et e sseesaessesseessesnas 27

2.2.9 Piston SKirt DESigN.......cccceevuervureriierirerneeeniennrerneeneessresseeeseessessnens 30

2.2.10 Piston Strength .........ccccveeeieniienieenneirienerccrreeeeesre e esee e esaeens 31

2.2.11 Piston Deformation ...........ccceceeeveeeeereniernernrennnenenseesesneesesseessennes 32

2.2.12 Thermal Expansion Control ...........cccceccevvirveniincneccienienesneesueenns 33

2.2.13 Skirt Lubrication and Friction...........cccccecvververveeniennienennerneennennns 34

2.2.14 Piston Profile.........ccccoveeeirvieneenennirnienienieseesteseseeseeseesneeeesseenne 35

2.2.15 Piston OVality .....c..cccceereerreineenieennieeieeeseesreesressneesseesseessneessessnes 37

2.3 The RING-PACK.....cocirvrirrirrieiiertineeeeetnstest et st stee e see st e st s e e svesasesnens 38

2.3.1 Top Compression Ring..........ccccoceveiveviiiiinnniinniincnnecicneeneccennes 41

2.3.2 Second Compression Ring ..o 43

2.3.3 Oil Control RING........coerueeieieririeiniiiniiieieneestestetessesseesseessesenne 43

2.3.4 Pressure Loading..........ccccevuvverieiiniiniininicninicncniccnenienieeseneesnennens 44

ix



24

CHAPTER 3.

3.1
3.2

33

34
35
3.6
3.7
3.8
39

3.10
3.11
3.12
3.13

CHAPTER 4.
4.1
4.2

4.3
44

4.5

CHAPTERS.
5.1

2.3.5 Heat TranSer......cccciviiviieiieeiireeeeeeereeesiiireereeeerssssssssreeeeessessssssaseenees 46

2.3.6 Ring FriCtON .....cccecoveiiriiiiiiiiiiiieeiccenne et sae e 48
2.3.7 Engine Speed.........ccceiriiiiiiirininiitiiiienencnee e esenes 49
CYlNAET LINET ....ucoveieueiereerreentrrestreeeseteesessesesessestssssesssssssssessssssessesens 49
PISTON FINITE ELEMENT ANALYSIS AND DYNAMICS
MODEI 52
INETOAUCHION......coouiineitiiiniieciccncncrtct ettt seenes 52
Overview oOf the PIFEAD..........cccoccoiieinntiireneneneeesteereetet e svesaannes 53
3.2.1 Skirt Compliance...........ceecevuerueeirirsiiiercninineeene ettt sressesees 54
Piston DYNamUCS .....cccccovuerveriieniiniiiirnieeteccecitnteete et ee e eeesnnens 58
3.3.1 Coordinate SYStEIMNS........cccevuerrrerereesuerrerereeetrteseseeseeeeseessessessesnens 59
3.3.2 Piston Coordinate SYStem ...........ccceevvevervrerversreeseeniecreessesssesssesseenns 60
3.3.3 SKiMt ..ottt ettt ettt et sesnees 61
3.3.4 Axial DYNAmICS....c.cecuevueereeeriesiennenienieienteseesseseeseseeeeesseesessesnesnes 62
3.3.5 Piston ECCentriCity.......ccccceeueeueririiseencrencneneneseeeeeeeesee e saenees 64
3.3.6 Equations of MOION..........ccccecuetrriereenencncnirrenenneceeeseesneseessesaens 67
Hydrodynamic PreSSure..........cccooueerueeeenirninsinnensennnenenneeeneeeneeseessnessaenne 74
Oil Film ThiCKNESS.....ccccveeiieiirieneeirierteeeeeeesiesreseesseeseeesesseesseessesssessnens 77
Squeeze Film VEIOCity ......cccevevrvuerieiiieienccnintneneseeesecenesnecsnnees 78
Oil Dynamic ViISCOSItY.....cceveererrurrurrreererirrnesierrereneserneseseeseesssssessessesses 79
Hydrodynamic Forces and Moments...........ccccceevevereeeneenrenereseenenseenenene 80
CONLACt PIESSUTE. ....c..eivirineririiintiienitnnece sttt stssnesaesnssnes 81
3.9.1 Contact Forces and MOMENLS ............ccceverererinsennerseenerneeseesresesnnes 83
WIiSt-Pin FIICHON.......coiiiiiiiiiiiiiientctcenitteteicee et seens 84
WAL ...ttt st 84
Numerical Procedure ...........cocccoeeeviniininiiineninnininieteeeeeteeesveseesseenens 85
REMATKS ..ottt 91
APPROXIMATION OF THE ASPERITY CONTACT
PRESSURE 92
INtrOAUCHION......c..ciiiiiiieiiitretereceetet sttt sasse e s sassnesnesaasanes 92
Background of the Greenwood-Tripp Asperity Contact Model ............... 93
The Greenwood-Tripp Model EqQuations...........ccoceeueeeenvenvecvecnenuerccnenenes 94
ADPIOXIMALIONS......corireuerreresireiorressreenressuesssesinessessuessssssessesssessssssesssesssnsns 96
4.4.1 POWET LaW.....cccotriuiniiiiiniiiiiiciiinicnicitnicntenteseseessesnessessanens 96
4.4.2 Sixth Order Polynomial............ccccceervriemieennernriennerneirrenieeeseesaeens 96
4.4.3 Proposed ApProXimation..........ccccceeueerueemerreersnesnsseeeesssessuessesseecsnens 97
Comparison of the ApproXimations............cceceeererereriereenerserneenersrecsennes 98
4.5.1 Quality Of Fit......cccoeirvuinsiriiiiirienircieetiereecteeeeccecse e sneenees 98
4.5.2 Computation Time.........cccecervueruevrerrenrirrrenerenerenesreeeseessessessesnes 102
PISTON DYNAMICS SIMULATIONS 104
New Generation Piston: A Comparison between 2-D and
3-D Numerical MOdEIS .........cccvvveiriiniinininininininncnencnccecceieeenens 104
5.1.1 Numerical EXPEriments...........cccceeeveereriierennenniesenseeneesiesseneessenenns 104



5.2

53

54

CHAPTER 6.

6.1
6.2
6.3

6.4

6.5

6.6
6.7
6.8

6.9

CHAPTER 7.

7.1
72
73
7.4

CHAPTER 8.

5.1.2 Predictions by 2-D and 3-D Models..........cccoecerecreeeivnnscnrennenns 109
5.1.3 2-D/Land and 3-D/Land Models, Fully Flooded Land

LUbLICALION ...covvieiiiicriiiictcctctctctc st 114
5.1.4 Dry and Fully Flooded Second Land Conditions.......................... 117
5.1.5 Analytical RESUILS ......ccccovereireierieeeicenereerse e 120
5.1.6 ReMAIKS....c..covireiiiieieintccetre ettt eees 121
High-speed Piston.........ccoeciviiviiniiniiiiiiiiciiiicciecrcteee et 123
5.2.1 Cyclic Stress ReCOVEry........ccovvimiininiinininiiincnececcsicecneeaens 123
5.2.2 Progressive WEATr.......cccecvenueruecrieiisuensiinunssiseessseseiseesessseeseessessens 131
Assessing the Piston Performance of a Development Engine Relative
to a Production Engine.........c.ccocvirircninicninniinicineniccinenncneccsceeneens 140
Wear Prediction for a Heavy-duty Diesel Engine Piston........................ 148
5.4.1 Skirt Compliance..........coccevererrinirnensiisunncnienssseiieenesnseseessesaees 152
5.4.2 Investigations on SKirt Wear ...........cccccoevervirnenncenenennncensenneennnenene 153
5.4.3 ReMATKS......covuiiiriiirniniiicntiacsenaintceescsesassestesse s e s 174
AN OPTIMIZATION ALGORITHM FOR PISTON SKIRT
PROFILES 175
INtrOAUCHION.......ucimiieinirrinniintntccctceetrse e sesassees 175
Overview of Piston Modeling and Performance...........ccccceeceeeveevueennene 176
Optimization Problem............cccevvvininiiincnicninniicniiicnciicncceenee 180
6.3.1 Design Variables In Piston Skirt Design.........c.ccocceveniivicnrincnn. 180
Geometric CONSLTAINLS ......ccccvveerimvreniininiiseneniiiesieeeseesesnsessessessessses 181
6.4.1 Problem Formulation..........c.cccoceviiiuiiiinnenniiiniciienicncceeeenes 182
6.4.2 Skirt Profiles Described by Other Equations .............cccecevuienennne 184
The Surrogate Model ........c..coviiviiiiiniinniniininincnicnccesee s 188
6.5.1 Adjustment of Regression Coefficients by IRLS.......................... 189
6.5.2 Generation of the Initial Set of Design Points.............cccceeereunneee 190
6.5.3 Adding a Point to an Existing Set .........ccccocevvevvcrinniencnniciucneinene 192
The Pseudo-Adaptive Response Surface Method.............cccoceruenennene. 193
Selecting the Interpolation Model in Piston Skirt Design ...................... 196
Skirt Profile Optimization...........ccccccevuevmninneenininincnincniccesenieeeeeeens 198
6.8.1 Robustness of pPARSM.........ccccocevvivuiriiniiiiinniniccncnenicnicnenenenes 205
6.8.2 Effects Of IRLS.........cccovirieinininininicriicenesnscnensensscsneesaene 208
6.8.3 Optimal Profiles at Different Operating Conditions ..................... 211
Final Remarks ........ccooeveeinineninininiiinccccenrcsetncecec e 213
RING-PACK PRESSURES AND BLOW-BY 215
INtrOdUCHION.......coviiiiiiiitreccrcc et ese s 215
The Leakage CoeffiCient..........cccceeivieieinieniiiinniinicierenineceeseenccnenes 215
Ring-pack Pressures........cocovueiiiveeniiieniininiiicccnecccenee e 216
Ring-pack BIOW-DY......cccceveiiiiiiiiiriiietcccecceeie e 225
7.4.1 Tuning the CASE Model for Blow-by .......c.ccccovevuvcrivunnucnuccunnunnnns 229

AN INTRODUCTION TO 3-D NUMERICAL MODELING
OF PISTON RING DYNAMICS 241

Xi



8.1  Background..........cccocueueorreireeerereniteeeneeeecneteret et 241
8.2  Finite Element Model in RING..........cccceciviniinininriicrenreeee e 244
8.3  Finite Element Model for a 3-D Ring........cccceevervuereeceencrnineireenenirennen, 245
8.4  Ring Discretization and Coordinate Transformation.............cccccueueueee. 252
8.5  Bore Deformation .........c.ccvveeeureeeneneennineenieieieeeenteeneee et 256
8.6 Gap LOCAtON.......cocertevrriieececreeeteeesteneetetetesne et sn ettt esaesaaneas 257
8.7  Ring-bore Conformability - Methodology ............cccceeverueveercnenerenennennns 257
8.7.1 The Fix-and-release Strategy..........cccceecervervuererveneenrensersvesseessennes 261
8.8 Choosing the Penalty Number .........ccccovvivuieuiiiiiiiiierniieeeeeieeeneeenees 261
8.9  Validating the Ring Finite Element Model..............cccccocervrvnnurnrrnnnnnnen. 264
8.10  Choosing the Number of Nodes........cccocvireririnrininiiniicreiieeeeeeeenees 265
8.11 Sample Numerical Results..........cccceoevuiiiiiininieinenieceieeneceeeree e 268
8.12  Incorporating the GrOOVE..........covvuiiiiiiiiiiiiieiieiecteeeee e 279
8.12.1 Constrained Ring Results...........ccooueciivieniiiiiniicniineiiieeeieenen. 282
8.13  Further Developments..........ccoouvvevuiiiniiniiniiieieieineeeeeeeeeereeeeeeeaees 286
CHAPTERY9. FINAL REMARKS 288
9.1  Lessons Leamned...........ccoccovieiininiinininnininniniicnieieceencsee s 288
9.2  Limitations and Recommendations.............cc.covueinincnnceninniennnncrncrscnsennes 289
9.3 CONCIUSIONS.......cruinrirnieinninrireeniiniieeisrtsestsstese sttt ses 291
APPENDIX A PARSM - PERFORMANCE MEASURES OF THE
SURROGATE MODEL QUALITY 294
APPENDIX B PARSM - COEFFICIENTS FOR THE QUARTIC
POLYNOMIAL SKIRT PROFILE 296
BIBLIOGRAPHY 297

Xii



Table 2.1:
Table 2.2:
Table 2.3:
Table 2.4:
Table 4.1:
Table 4.2:
Table 4.3:
Table 5.1:
Table 5.2:
Table 5.3:
Table 5.4:
Table 5.5:
Table 6.1:
Table 6.2:
Table 6.3:
Table 6.4:
Table 6.5:
Table 6.6:
Table 7.1:
Table 7.2:
Table 7.3:

Table 7.4:

LIST OF TABLES

Engine components in Figure 2.1........cc.ccooevvivinenveinenninviineneececreceecvenne 16
Piston features in Figure 2.4...........ccccoovuiviviiniiniinnninininieeceeeeeeeeeene 20
Piston mass to diameter ratios..........c..eeveeurveeruererserrerreesieeseneesessesseseeseesenns 22
Coefficients of thermal expansion for different materials.......................... 34
Tabulated Values fOr (4.6) .......uuveeeeeeeverieereieieeee e e e csareeeeesans 96
Statistics for the three approxXimations...........cceceeveerieeeveinveeneeeseessrerseennnns 100
ComPpUutation tIMES .........ceeeeireiereriieireeietereeeteseeresteeresresseessesesssessassnens 103
Engine and piStOn ProPerti€s ...........cecuervererreerenrueneneeseesseeneeseesesssesessenns 106
High speed piston dimensions and properties ............c.cceeceeverveerversreesereene 124
Piston dimensions and Properties...........ccceveeereecuenrerrerrueseeserseesersveseesenas 142
Heavy-duty diesel piston dimensions and properties..........cccccoeceeeverenennne. 149
SIimMUIAtiON CASES ......cooueririierieeirierietetecteet et sree st e s e s e sstessessaesaenes 153
Engine and piston data ..............coceeievieneninienneenenceteseseeesee e 179
Surrogate model SEAtISHICS.........covueeerrrrienreeierreniertesee e esree e seeeesaeens 197
Summary Of TESUILS..........ccvverieiieeiecteceeceee e s e nes 202
Summary of optimization results at 3000 RPM.........c.ccccceviriieneninvenene 207
Summary of optimization results at 1000 RPM.........ccccccccevrvveeervernuennnnns 210
Summary of results at S000 RPM .........ccccooevivirceeceeceeceeeeeeeree v 212
Channel height...........coooiiiiiiiire e 220
Leakage COEfiCIENtS........cooueevuiiniieniieeciecceeecetcece et 220
Ring-pack channel heights for the two engines ..........ccccoccevveecienenveneennen. 228
RING MASSES....ceveiurireieeiiiteieestesteseee ettt seesae et es s s stesaessaesnenanas 228

Xiil



Table 7.5:
Table 7.6:
Table 8.1:
Table 8.2:

Table 8.3:

End gap clearances ...........coccecceevueeeiiiiniiniininnicicccee s 229
Leakage coefficients and blow-by per cylinder at WOT .......................... 230
RiNG PrOPEILIes .......ooviiiiiiiiiciectceetencctecice ettt 262
Effect of number of nodes........c..coccevueriiiiiiiniiiiiiiiiiiiccccceeeee 267
RiINg-pack Properties ........cccceeerireeieeeiiiiineniiicicntiteecsenceeesee e 269

Xiv



Figure 2.1:
Figure 2.2:

Figure 2.3:
Figure 2.4:
Figure 2.5:
Figure 2.6:
Figure 2.7:
Figure 2.8:
Figure 2.9:

Figure 2.10:
Figure 2.11:
Figure 2.12:
Figure 2.13:
Figure 2.14:
Figure 2.15:

Figure 3.1:
Figure 3.2:
Figure 3.3:

Figure 3.4:

Figure 3.5:
Figure 3.6:

LIST OF FIGURES

Cross-section of @ V-8 €ngine ..........cccceeevvviniininienennicicnnccicneneeeceenenes 16

The four strokes in a gasoline engine — intake, compression, expansion

and €XhaUST.........coouiiiiiiiitcce e 18
Modes of energy losses at the piston assembly.........c.cccocvvuviirninirirennnneee. 19
Piston features, light-duty diesel piston ..........c..ccccocerveevinncnninnnenneencrennnes 19
TOp 1and CTEVICE ......cvirveiiriiiiiieicctctc e 24
Second and third 1and 10ads ..o 25
Connecting rod reaction force components during expansion stroke ......... 28
AsymmetriC thrust Sides .........cocceevriiiiiiiiiiiininereceeee e 31
Cold and hot piston profiles ..........coceeueveeniiviiriniininininnnninencesenene 36
PisSton OVality........ccceveviriniriiiitiici s 38
A typical ring-pack (a) diesel engine and (b) gasoline engine..................... 39
In-cylinder and land pressures.........c.cocvveviininiiniiniinicnnicnencnenenen 46
Oil film wedge forming during the upstroke.............cccovuvvvevinviivueniineincnene. 47
Forces generating axial friction at the ring-cylinder liner interface............ 48

Cylinder liner deformation (a) assembled cold and (b) rated conditions.... 51

Skirt nodes contributing to compliance matrix ...........coccoeeveeircriscrncnnnene 57
Skirt cross-sections for obtaining the skirt compliance..............cccecvruennnne. 58
CoOrdinAte SYSLEIMS ....c.eeevererenreeenieeeeteeieesreesteeeessreeestes e seseessesressaeesanes 59

Piston coordinate system (a) Xp-Yp plane, (b) Yp-Z, plane and

(©) Xp-Zp Plane ..o s 60
Skirt mesh on the local coordinate system..........cccocoeveviinininiinineninenene 61
Vector diagram of the piston crank assembly .........c.ccccevrvviviinininniinnnnene. 62

XV



Figure 3.7:

Figure 3.8:

Figure 3.9:
Figure 3.10:
Figure 3.11:
Figure 3.12:
Figure 3.13:
Figure 4.1:
Figure 4.2:
Figure 4.3:
Figure 4.4:
Figure 5.1:
Figure 5.2:
Figure 5.3:
Figure 5.4:
Figure 5.5:
Figure 5.6:
Figure 5.7:

Figure 5.8:

Figure 5.9:

Figure 5.10:

Figure 5.11:

Figure 5.12:

Reference points (a) in the Xp-Yp plane and (b) in the Xp-Zp plane.......... 66
Eccentricity in (a) the Xp'Yp and (b) the xp‘Zp planes with respect to the
cylinder center liNe ........cc.coveviiviinineininniniiicncrcc e 66
Piston-connecting rod assembly free body diagrams...........cccceceeervcrneenen. 69
Second land mesh, 4 X 90 €leMENtS........ceevveeerereieiiiiieirieerieererreessiieeeeeeeeeees 76
Schematic of cylinder bore deformation ...........c.cccceeveeververnernererenceennenne. 71
Components of pressure on skirt SUrface ...........cccceceevccineiiiecinnnenieenneenne 80
PIFEAD flow diagram .........c.ccceeiriueniriecirieenineenceiecresteresaeseesseencenens 90
Gap between two rough surfaces ..........cccccevevvevniniincnninncnieneccenecenens 94
Approximations Of (4.6).........ccceeceirveriiiiiiiiiiniinncnr e 101
Approximations of (4.6) in SEZMENLS ..........ceceevueruiinierinniiiienieneesenienennes 101
Residuals of approximations of (4.6) ........ccccceevvevereirreirieenreensnenseeneennes 102
Piston mesh ........... e AR s 105
SKIrt Profile ......cccceevieriiieeiiiiiiniiienicincnte et 107
PIESSUIE tTACES .....veiiemeereieeeieeeiit et st e st e eete s e e seseeeseneesenteseneeesaneeesanaas 107
Cylinder bore temperature............ccceevevveiiiineiiinniiiiiecesenenenes 108
Cylinder bore deformation ..............ccceeveerceernenneereecienieneenseeesresseeseesnes 108
Eccentricity at wrist-pin level, Xp-Ypplane ..., 110
Piston tlt ...co.eeoneieieee e 110
Total force in the Xp-Yp plane........ociiime, 111
Eccentricity along the WIiSt-pin ........ccccocvvirnievenninicnniniencniceecceene 112
Skirt wear (a) minor thrust 2-D model, (b) major thrust 2-D model, (c)
minor thrust 3-D model, (d) major thrust 3-D model..........cc..ccceeueenneen.... 112
Skirt wear on minor thrust side (a) 2-D model, (b) 3-D model................. 113
Skirt wear on major thrust side (a) 2-D model, (b) 3-D model................. 113

Xvi



Figure 5.13:

Figure 5.14:
Figure 5.15:
Figure 5.16:

Figure 5.17:

Figure 5.18:
Figure 5.19:

Figure 5.20:

Figure 5.21:

Figure 5.22:
Figure 5.23:
Figure 5.24:
Figure 5.25:
Figure 5.26:
Figure 5.27:
Figure 5.28:
Figure 5.29:
Figure 5.30:
Figure 5.31:
Figure 5.32:
Figure 5.33:
Figure 5.34:
Figure 5.35:

Figure 5.36:

Eccentricity at wrist-pin level, Xp-Yp plane ..., 115
Piston tilt ........ccooiviiiiiiii s 115
Eccentricity along the WIiSt-Pin .........c.ccecevvieeeniineniniinnieicnieseecensee e 116

Second land wear predicted by (a) 2-D\Land and (b) 3-D\Land models.. 116

Eccentricity at wrist-pin level, Xp-Ypplane ..., 118
Piston tilt ........ccoieiiiiiiiii 118
Eccentricity along the WIist-pin ...........cccccocuieeniiniiccnnenncneneeceenenene 119
Second land wear predicted by (a) 3-D\Land — fully flooded lubrication

and (b) 3-D\Land — dry lubrication models...........cc.ceecrreerrrurercrruecucrennnes 119
Forces in the Xp-Yp plane.........coins 121
IN-CYlINdEr PrESSULE......ccucimieeuirieitiieeteteetetest ettt sa e nesaeeane 125
Piston axial acceleration...............ccovviviniiniinininiiiiiiincceaens 125
Piston temperature distribution ............coceeceriiviniinincniininieceeee 126
Principal stresses at 7500 RPM, O cad ..........ccocceeiiiniiniinicnceiccccenee. 128
Principal stresses at 7500 RPM, 270 cad .........cccooveeeeeenirncrnccencecceeeenne 128
Principal stresses at 7500 RPM, 369 cad .........c..cocecvvieivininicniccecnncnnnnens 129
Principal stresses at 7500 RPM, 450 cad ..., 129
Principal stresses at 9000 RPM, 373 cad ........cccocueivviiviniincncnicnncneenne. 130
von Mises yield criterion 7500 RPM, 369 cad...........cccocevvecvriruccnnncnne. 130
von Mises yield criterion 9000 RPM, 373 cad.......ccccoccevvecerinneennecncnncnne. 131
Instantaneous SKIrt WA ...........ccccovevuerueruinienieniineeineeeeneeescsseseeeseneneens 134
Cumulative skirt wear at 1 hour ..o, 135
Cumulative skirt wear at 2 hours..........ccccocuevririvnninininincininenes 135
Piston secondary motion in thrust plane (a) eccentricity at wrist-pin

level and (b) piston tilt .........c.coccevuervimninniniininiricct e 136
Piston translation along the WriSt-pin.......ccccecvvcerveiniiiinicniicinniicceieienne 137

Xvii



Figure 5.37:

Figure 5.38:

Figure 5.39:
Figure 5.40:
Figure 5.41:

Figure 5.42:

Figure 5.43:

Figure 5.44:
Figure 5.45:

Figure 5.46:

Figure 5.47:

Figure 5.48:

Figure 5.49:

Figure 5.50:

Figure 5.51:
Figure 5.52:
Figure 5.53:

Figure 5.54:

Figure 5.55:

Figure 5.56:

| Dy T 1107110 (o) (o - RRER TR 137

Piston side forces in thrust plane (a) hydrodynamic and contact and

o) 011 0] (of RSSO 139
Cylinder bore deformation for the two engines...........cccceceeveeeivuenernuennen. 141
Piston translation along the WriSt-Pin........cc.ceceeveevnniernnnenireseneeeeeieene. 143

Piston secondary motion in thrust plane (a) eccentricity at wrist-pin level
and (b) Piston tilt ........cccoiiiiiniiiii e 144

FIICHON fOTCE c.oeiveieiiiiiieeeeeeeee e aaseteteteessteseeeeseneaseessesssas

Piston side forces in thrust plane (a) hydrodynamic and contact and

((0) 017 118 0] (o U PRRRU 146
Engine block configuration ...........cccecceeecrereninecennneneneereeseseeseeseeenenes 148
In-cylinder pressure at idle (750 RPM) no-load conditions...................... 150
Cylinder bore deformation (a) three-dimensional and (b) along cylinder
bore length at minor and major thrust sides ........c.cccccevevirernenensenncnnnieenns 151
Skirt compliance of the heavy duty diesel piston............cccceccrvvreecrennnne. 152
Symmetric temperature distribution decreasing along cylinder bore

1eNGth ... 154
Asymmetric temperature distribution, hotter imposed on the inboard

side Of €ither bank .........cccocceeieviriiiiniiiicecineceees e 154
Piston secondary motion in thrust plane (a) eccentricity at wrist-pin

level and (b) piston tilt, Case 1.......cccccoeevirnieniinennenieniccinieceneeceeeeeen 156
Piston translation along the wrist-pin, Case I ........c.ccococcevivninecnccnnnnen. 157
Piston total side force, Case 1 .........cccoceviiuiviniinninniiiiinineceeeecnceeees 157
Side force analysis at 380 crank angle degrees..........cccoceevveeveenencerecnnee. 158
Typical loading on left bank with the engine run at no load (a) minor

thrust side and (b) major thrust side ..........ccoccevervenerceciinricicnscnennncnennne. 159
Piston secondary motion in thrust plane (a) eccentricity at wrist-pin

level and (b) piston tilt, Case 2...........cceevervueevienrnrinseriieieceieeeceeseeeeeenens 160
Skirt cONtact fOrces, CASE 2 ....ocveeeieieieeeeeeieeeeeeeeesnssereerererereeeseeeesssesesesee 161



Figure 5.57:
Figure 5.58:
Figure 5.59:

Figure 5.60:

Figure 5.61:
Figure 5.62:

Figure 5.63:

Figure 5.64:
Figure 5.65:
Figure 5.66:
Figure 5.67:
Figure 5.68:

Figure 5.69:

Figure 5.70:

Figure 5.71:
Figure 6.1:

Figure 6.2:

Figure 6.3:

Figure 6.4:
Figure 6.5:
Figure 6.6:

Skirt wear, left bank, Case 2.......ccuvveeviiveeriieeiiiiiierreeeeeeneninreeeecsssssreesenes 162
Skirt wear, right bank, Case 2 .........c.ccceveeiiieniinninniniiereneeccctecesseenene 162
Skirt coOntact fOrCeS, CaSE 3 ......euvveiiiivrvinrereriirieinreeereeeesnsrreeessesssesressssssnns 163
Piston secondary motion in thrust plane (a) eccentricity at wrist-pin

level and (b) piston tilt, Case 3........cccooeeeierireieiicercterceeeeee e 164
Skirt wear, 1eft Bank, CaSE 3......eeeeeeieeeiiiieiiiiiieeeiieeeieeeeeseseesreassssnesssesesesees 165
Skirt wear, right bank, Case 3 ..........ccocceeiiiiteiireieeeeeece e 165
Piston secondary motion in thrust plane (a) eccentricity at wrist-pin

level and (b) piston tilt, Case 4..........ccccceerereerrrereirrrrcreencerereeeseeseeennes 167
Piston translation along the wrist-pin, Case 4 ...........ccccceevcevirnvecscrnennne. 168
Skirt contact fOrces, CaSE 4 .........uuvveieereeverereiiiciierreeeineiinrereeeeesessisseeseessnns 168
Skirt wear, 1eft Dank Case 4..........ceeevvvvevrrereiriirineereeeerrsseneeeseessssssereseseens 170
Piston wear on left bank (a) minor thrust side and (b) major thrust side .. 170

Skirt wear, right bank, Case 4 ...........cccceeeeiinieiinnieneniieneninieeeeeeeeeeeee 171
Piston wear on right bank (a) minor thrust side and (b) major thrust

SIAC .ttt ettt ettt s s s a e s an e a s s s sa e e 171
Wear marks on cylinder liner (a) left bank bottom of major thrust side,

(b) right bank bottom of minor thrust side.........c.ccecvvuerirrriecnecnensnnsnnnne. 172
Piston drop.......cccocevieiiiniiiiiniiiiic e 173
Representation of skirt profile and oil film thickness .........c..ccccceeuennnennee. 177
Skirt profile described by a quartic polynomial (a) skirt profile

coordinate system referenced to the piston nominal diameter,

(b) design variables ..........cccceeeireiiniiiiniinenteteeeee et 181
Skirt profile described by NURBS with (a) three and (b) four control

POINES 1ottt sttt aes s st sbs et s e s aessbeaesbaebessassaessaens 186
Skirt profile described by the barrel equation .............ccoceeveceevirirccnerennen. 187
Skirt profiles, reference (SPI) and optimized (SPO32 and SPO69).......... 202
Transverse and angular accelerations in the reference (a) and optimized
SPO32 (D) Profile .....cooueririiririieieiiiniinientcicnineenicsreneseceesseessessessens 203

Xix



Figure 6.7:
Figure 6.8:

Figure 6.9:

Figure 6.10:
Figure 6.11:
Figure 6.12:

Figure 7.1:

Figure 7.2:
Figure 7.3:
Figure 7.4:
Figure 7.5:
Figure 7.6:
Figure 7.7:
Figure 7.8:
Figure 7.9:
Figure 7.10:
Figure 7.11:

Figure 7.12:

Figure 7.13:

Figure 7.14:

Figure 7.15:

Figure 7.16:

Total friction forces in the reference and optimized SPO32 profiles........ 204
PARSM iteration history for the SPO32 profile..........ccccecrvvrercrrcernrennen. 204
Best merit function in design library at each pARSM iteration for the

SPO32 Profile....c.covueeuerueniiiiiieiiiineiiinentrctteeesee e 205
SKIrt PrOfIlES .....couvereeeererierieneneereeenteee sttt sttt et et se e et e sneeens 207
Skirt profiles obtained from optimization 3 at 1000 RPM......................... 210
Optimal skirt profiles at different engine speeds.........c.ccccervveeerrverernnnne. 212

Ring leakage: (a) channel height and (b) leakage height when ring is
seated at the bottom of the groove and (c) leakage height when ring is

seated at the top Of the SroOVe.........cccevueeeriienienieseiiinneninseeseesneseeeieene 216
Ring-pack pressures ............ eeetesetete et et ete e te et et et e et et e et eae e benenees 217
In-cylinder pressure at 1500 RPM 2 psi boost...........cccocuevcirvvvcrnirnernnenne. 220
TOP IiNG GrOOVE PIESSUIE.......coverrereeeririrererssesreeressuesstessesseessesseessessaessesas 221
Second 1and PreSSULE.........cccceecrererverrrererererenirerserseeesreesseeseesssesssesssesssens 221
Second ring SroOVE PIESSUIE ........c.cocerruieuireersuesesstesiessuessesssesesssessessseeness 222
Third 1and Pressure...........oceeveeeereviineenienueeeceneseceeeseseseesesessesseseesens 222
Oil FiNG ZrOOVE PIESSUTE .......veveveirreerererernrreeeessersaessessasessessresssesssssssanans 223
Top ring location relative to bottom of groove .........cccccceceveveervierceernneennee. 223
Second ring location relative to bottom of groove..........cccecevirvecerncnne. 224
Oil ring location relative to bottom of groove..........coceecerveeirvuereriuennnnne 224

Blow-by mechanisms, (a) ring floating, (b) ring collapse and

(C) through €nd AP ......ceoveeevereeerrerrircrereeerereectreseessneeeeeseesssesssessseesnees 226
In-cylinder pressure traces for Engine 1 engine at 3000 RPM ................. 227
In-cylinder pressure traces for Engine 1 and Engine 2 engines at 3000

RPM WOT ...ttt sessesesse s 228
Measured blow-by (average per cylinder).........cccceeueverveenieceenerseecencncns 229
Predicted and measured blow-by at WOT ............cccocuvviiiriicinnnicnnnnens 231

XX



Figure 7.17:
Figure 7.18:
Figure 7.19:
Figure 7.20:
Figure 7.21:

Figure 7.22:

Figure 7.23:

Figure 8.1:

Figure 8.2:

Figure 8.3:
Figure 8.4:
Figure 8.5:
Figure 8.6:

Figure 8.7:

Figure 8.8:

Figure 8.9:

Figure 8.10:
Figure 8.11:
Figure 8.12:
Figure 8.13:

Figure 8.14:

Figure 8.15:

Predicted blow-by for the four cylinders of Engine 1 using Leakage 2.... 232

Predicted blow-by for the four cylinders of Engine 1 using Leakage 2.... 233

Predicted blow-by, Engine 1, Cylinder 1, Leakage 1........c.ccccoceeerunenneen. 234
Predicted blow-by, Engine 1, Cylinder 1, Leakage 3..........c.cccccecvreueennne 235
Predicted blow-by, Engine 2, Cylinder 1, Leakage 2.........c.cccccceveeuereneennne 236
Predicted ring location, Cylinder 1, Leakage 2, Load WOT, 6500 RPM

(a) Engine 1 and (b) ENgine 2 .......cocevvereiiirccnenctinecieneneeeaeeesseeseeane 238
Predicted ring location, Cylinder 1, Leakage 2, Load 25P, 6500 RPM

(a) Engine 1 and (b) Engine 2 .......ccooovueiiiiniiiiiiiiiiiiineeeeecee e 239
Axial cross-section Of FiNG-Pack ........ccccecerirvvrverieincnnenieenenieneecaneseeene 242

Typical groove and land volumes at (a) end of compression stroke

(b) beginning of €Xpansion StrOKE.........ccceerercrerreecrerseeseessenssereressensseesaenns 243
Planar frame element.............coccoviiviininiiniiiiiiciiceneeee e 244
Space frame element .............coceeviirnieiiireiceeniie e 246
Principal axis (y-z) rotation, viewed from the positive x-direction .......... 249
Beam €lemeNnt..........cccveeiriiiiieeiiieeniienes et sttt sresreene 251

Ring in its global coordinate system (viewed from the negative

Y-QIrECHION) ..eeevreeeireeecieeeieeeeeireeesereeessssaeessseeesasnesessasessssessrssasssssessnsessnns 253
Radial-tangential coordinate System ...........cccceevververinniecsiencrnnenniesseennenas 254
RING end GaP.....cccevvuiiiiiiiiiiiiecr e 255
Flow area created due to non-conforming nodes ...........cccccecevririernnennens 255
Bore deformation.............ccceveiiriinicrcniiniiniiicceneee s 256
GaP 10CALION ......eeeuieiiieriereeeieeee ettt st rre e e e ee et e s saeesaaessneenns 257
Nodal clearances and displacements............ccccceeuernieiiiiinneennenereneeneenenens 258

Radial displacements prediction due to a distributive load with different
PENAILY NUMDETS ......ooovirriereeieieereerrententeeeesreseesstessessesseessesssesssessesssess 263

Ring fitted to distorted bore with different penalty numbers..................... 263

XX1



Figure 8.16:
Figure 8.17:

Figure 8.18:

Figure 8.19:
Figure 8.20:
Figure 8.21:
Figure 8.22:
Figure 8.23:
Figure 8.24:
Figure 8.25:
Figure 8.26:
Figure 8.27:
Figure 8.28:
Figure 8.29:
Figure 8.30:
Figure 8.31:
Figure 8.32:
Figure 8.33:
Figure 8.34:
Figure 8.35:
Figure 8.36:
Figure 8.37:
Figure 8.38:
Figure 8.39:

Figure 8.40:

Half ring subjected to uniform distributive load .............cccecvevvrvrvirnnncnen. 264
Comparing analytical with finite element model results........................... 265

Effect of number of nodes on (a) number of iterations (b) on the

normalized gas flow area and end gap clearance...........cccceevuervveernernerennen. 267
RiING SrOOVE PIESSUTE.....c..eeeiiiiriieeiieeeeieetrireetseneeteseeestessessresseessesseenenns 269
Cylinder bore diStOrtion ............ccceeeeriiirieiiieniienienccecree e ceesseeeee e 270
Ring-bore conformability — tOP FINE .......ccceevuiviivirniiiinnieniiiesreencneene 271
End gap clearance — tOp MiNg........ccccevervievuiiiininniniiccicccneeseereseenene 272
FlOow area — tOp MNE ......ccceevirieiriiiniiiniiicniiitinteecee et sesneens 272
Non-conforming node — tOp FiNG......ccccoceeeriininiineincininiticneeereeeeeeeeneen 273
Ring-bore conformability — second ring ...........ccceeveevererveeneenviecnerneeneens 274
Ring twist — SECONA TING......ceovervuiriiiriiiriiirenieeteceeee et 275
End gap clearance — second ring..........ccccceveevvereiniinenncninneneenenennnenne 275
Flow area — second ring ........c.ccccevueviviiniiniinicninncnincneniencseeseeeeenes 276
Non-conforming nodes — second INg ........cc.ceveeervrerieninvernenneeneeneensennes 276
Ring-bore conformability — oil ring segment............ccccoecevvvrververrcnneennnnne 277
End gap clearance — oil ring segment............ccocceveririennininiinennieniennnenne 278
Flow area — 01l ring SEZMENt ...........ccocervieiiiriniiiiiiiinenetnreee e 278
Non-conforming nodes — oil ring segment..........c.ccceeveveerurneerreneeruenreneennens 279
Groove coordinate SYSEML........cecuerveerruenririnersiisieninereeneeseensesseeseessessnessesne 280
Ring-bore conformability — constrained second ring........c.c.ccoceeruveeneenneen. 283
Ring twist — constrained second [N ........cccceeveererrreercrererernreenieeenenseennens 284
End gap clearance — seCONd ING .......c.ceoveeervrervernenveinrnneenieeeneesreeeennenne 284
Flow area — Second NG .........cccocueeirviriecccininiicnintccrereccereeeereseeenenne 285
Non-conforming nodes — second Fing ..........cccccevviviiiiiniiininneinecnncnnnennn. 285
Loads on ring at ONe Cross-SECtiON .........ccccevireeeirinieeieniinienneieeenneisnenne 287

Xxii



ao
a
ay
as
a4
acm,x
acm,y
Aﬂow

ARMS

KEY TO SYMBOLS

profile height at the top of the skirt

profile height at the bottom of the skirt

location along the skirt length where the skirt profile height is at maximum
skirt profile maximum height

first derivative of the profile at the top of the skirt.

acceleration of connecting rod center of mass in X-direction

acceleration of connecting rod center of mass in Y-direction

gas flow area

rms acceleration objective function

piston axial acceleration

tuning constant
nominal piston-to-cylinder bore clearance

crown height

piston diameter
infinitesimal skirt area

cylinder diameter

ring inside diameter

piston skirt nominal diameter
ring outside diameter

wrist-pin diameter

XXiii



piston diameter in the thrust axis
piston diameter in the wrist-pin axis

modulus of elasticity
composite modulus of elasticity

piston modulus of elasticity

cylinder bore modulus of elasticity
eccentricity at the bottom of the piston
ring end gap clearance

eccentricity at the center of gravity
eccentricity at the bottom of the second land
eccentricity at the top of the second land
eccentricity at the wrist-pin axis
eccentricity at the bottom of the skirt
eccentricity at the top of the skirt
eccentricity at the top of the piston
eccentricity along the wrist-pin

load vector

normal contact force

contact force Xp-direction
contact force Zp—direction
total friction force on the skirt

contact friction

XX1V



Fp, hydrodynamic shear

Ffy, wrist-pin friction

Fg friction force in the Yp-direction

Fg combustion gas force

Fgy, combustion gas force in the Yp-direction

Fp, hydrodynamic forces in Xp-direction

Fy, hydrodynamic forces in Z,-direction

Fipx piston inertia in the X,-direction

Fipy piston inertia in the Y ,-direction

Fip, piston inertia in the Z-direction

Firx connecting rod inertia in the X,-direction

Firy connecting rod inertia in the Y-direction

Fipx wrist-pin inertia in the Xp-direction

Fiyy wrist-pin inertia in the Yp-direction

fr local load vector

Frpx piston weight component in the Xp-direction

Frupy piston weight component in the Yp-direction

Frrx connecting rod weight component in the Xp-direction
Fory connecting rod weight component in the Yp-direction
Frwx wrist-pin weight component in the Xp-direction
Frwy wrist-pin weight component in the Y-direction

XXV



crankshaft reaction force

reaction at the piston-wrist-pin interface in the Xy-direction
reaction at the piston-wrist-pin interface in the Yp-direction

radial reaction force

reaction at the wrist-pin-connecting rod interface in the Xp-direction
reaction at the wrist-pin-connecting rod interface in the Yp-direction
force due to ring tension

total force in the Xp-direction

total force in the Zy-direction

geometric constraint

oil film thickness

skirt material hardness

squeeze film velocity

channel height

oil film thickness due to the elastohydrodynamic effects

leakage channel height

normalized oil film thickness

second moment of inertia of the piston about the Zp—axis

second moment of inertia of the connecting rod about the Z-axis

pressure iteration step
global stiffness matrix

local stiffness matrix

XXvi



b

nd

vl

Po

skirt wear coefficient

element length

skirt length

direction cosine

piston inertia moment
direction cosine

piston mass

connecting rod mass
connecting rod inertia moment
total moment about the wrist-pin
wrist-pin mass

matrix of shape functions
number of nodes
engine speed in revolutions per minute

number of regression coefficients
number of data values

direction cosines

ring groove index

pressure on the boundary

distributive load
combustion gas pressure

hydrodynamic pressure

XX Vil



qL

r
)
R2

r3

global displacement vector

local displacement vector

radial displacement

ring radius

piston radius

adjusted coefficient of determination
crankshaft radius

length of the connecting rod

coefficient of determination

wrist-pin position from the crankshaft axis
roughness average value

distance moved by the skirt
transformation matrix

high oil temperature

low oil temperature

transformation matrix

transformation matrix

oil temperature

reference oil temperature

transformation matrix

deformation component in the Xp-direction

deformation components in the Zp-direction

XX viii



<l

Ycg

Ywp

volume of material removed

piston axial velocity

ring width

friction work constraint
Xp-coordinate of the piston’s center of mass
cylinder local coordinate system
X,-coordinate for the crank offset
global coordinate system

wrist- pin local coordinate system
piston local coordinate system

skirt 2-D coordinate system
Xp-coordinate of the wrist-pin offset

set of data

arithmetic mean of y
Yp-coordinate of piston’s center of mass
piston axial position

Yp-coordinate of the wrist-pin

XXiX



Greek symbols

a

coefficient of thermal expansion
constant in double ellipse equation

connecting rod angular acceleration

piston tilt

constant in double ellipse equation
ring twist

boundary region

cylinder bank angle

piston ovality

cylinder bore deformation
skirt profile height

skirt deformation

time step

piston ovality

residual error

asperity density on the skirt
scaling factor

crankshaft angle

piston angular coordinate
piston mass to diameter ratio
penalty number

leakage coefficient

XXX



M oil dynamic viscosity

U1 oil viscosity at T

U oil viscosity at T,

Kf coefficient of friction between the piston skirt and the cylinder liner
Href oil viscosity at T)ef

Hy wrist-pin friction coefficient

Vi piston Poisson ratio

123 cylinder bore Poisson ratio

¢ asperity radius of curvature on the skirt

I1 potential energy

p distance from the connecting rod big end to its center of mass

o composite standard deviation of aspérity height distribution

é standard deviation of the error

) standard deviation of asperity height distribution on the surface 1
o, standard deviation of asperity height distribution on the surface 2
] connecting rod angle

X(B,)  switch function

¥ descent (merit) function

W] engine angular speed

Wy connecting rod angular speed
w, underrelaxation factor

XXXi



Abbreviations

ABDC

ATDC

BBDC

BDC

BTDC

CAD

CAE

FDM

FEM

HC

LHD

NURBS

PIFEAD

RMS

WOT

after bottom dead center

after top dead center

before bottom dead center

bottom dead center

before top dead center

computer aided design

computer aided engineering

finite differences method

finite element method
hydrocarbon

Latin Hypercube Design
non-uniform rational basis splines
Piston Finite Element and Dynamics
root mean square

top dead center

wide open throttle

XXX1i



INTRODUCTION

This past year with its economic crisis has been an awakening to the automotive
industry worldwide. It was clearly understood that the old school “muscle engine” was
being put aside and the smaller, more fuel-efficient and environmentally friendly engine
was stealing consumers’ hearts. The trend started a while back, especially in Europe and
Asia, but this year only reinforced it and made this new breed of engines more desirable
even in the North American markets. The key to the success of every manufacturer being
able to understand and adjust to the current consumer demands. For this to happen, the
people who drive these manufacturers have to understand the trends. The author of this
dissertation was faced with a similar challenge, adjusting from the search of sheer power
to the search of a greener future:

“The internal combustion engine always fascinated me, since a young boy
watching the Formula | cars circling the track. In the search to understand
better the technologies that caused this fascination and with the intention of one
day contributing to it, I embarked on my engineering journey. And what better
place to enhance the understanding of the internal combustion engine than the
front where chemistry meets mechanics, the heart of the engine, the piston and
piston rings. A famous Greek poet, Kavafis, once wrote ‘it is the journey that
counts, not the destination.” And indeed all the experiences along this
dissertation journey have influenced my thinking. I came in searching for sheer
power for the racetrack and 1 am going out looking to utilize my expertise in
improving engine efficiency and life and ultimately contribute to a greener
future.”

In recent years there has been an increased awareness of the future of the planet.
In response to this, governments across the globe are introducing more stringent emission
standards. At the same time, a concern for the quantity of oil reserves fuels the search for

higher efficiencies. This search for fuel efficiency is also driven by the most important



factor in the lifecycle of the internal combustion engine, the consumer. Since 2008 when
gas prices rose beyond four dollars a gallon, there has been a big jump in demand for
more fuel-efficient engines. The manufacturers who could deliver prospered whereas the
ones who could not suffered.

As mentioned earlier, the key to every manufacturer’s success is to understand
and adjust to the consumer demands. What are the demands nowadays though? Low cost,
high fuel efficiency, long trouble-free life, low emissions and comfort at operation, that is
low noise and vibration. In order to meet all of these demands, a vast amount of design
and testing is needed. This is where the numerical models for the assessment of cylinder-
kit performance and more generally of the whole engine apply. Such models greatly
reduce the amount of time from conception to launch of a new product. They reduce the
number of expensive prototypes required to complete a design, they allow for multiple
design iterations to be tested in virtual space. As a result, a better final product design that
can meet all consumer demands can be achieved in less time, thus making it cheaper.

After all, it is cheaper to move electrons than atoms.



CHAPTER 1. NUMERICAL MODELS FOR THE ASSESSMENT
OF CYLINDER-KIT PERFORMANCE

1.1 Motivation

In today’s automotive market, the ability of a manufacturer to develop a powerful,
fuel-efficient, low emission, quiet and durable internal combustion dictates its ability to
survive in the years to come. The prime “navigators” in the search of these qualities are
computational tools. Such tools allow for a fast and relatively cheap course for a
prototype design, but they can also be utilized for troubleshooting and optimization of
existing designs.

The internal combustion engine as it is known today has been around since 1876
when Nikolaus Otto, Gottlieb Daimler and Wilhelm Maybach developed the first
practical four-stroke internal combustion engine. Despite the fact that nowadays
alternatives are being sought, and implemented, to the internal combustion engine, it does
not cease to be the prime mover in automobiles and heavy duty machinery. As long as
there is oil to be pumped out of the earth, the internal combustion engine will exist. This
necessitates continuous efforts in investigating the physics of this machine.

The internal combustion engine is a cyclic machine. Its cyclic behavior represents
an unsteady complex system with multiple physical processes occurring simultaneously.
The system then is a multidisciplinary one which can be described by combustion,
thermodynamics, heat transfer, solid mechanics, fluid mechanics, dynamics, and

tribology.



The “heart” of a reciprocating internal combustion engine is the cylinder-kit. It is
comprised of the piston, the piston rings, the cylinder bore and the cylinder head. The
cylinder bore and cylinder head are stationary, whereas the piston and piston rings
reciprocate allowing for the formation of the combustion chamber with a varying volume.
The function of the piston is to convert the thermal energy of the combustion gases into
the mechanical energy that drives the engine. The piston rings are responsible for sealing
the combustion chamber, that is, preventing any gases escaping into the crankcase. They
achieve this by sliding over the cylinder bore which acts as a guide for this reciprocating
motion. It is generally believed that about hali.r of the mechanical energy losses in an
engine occur at the piston assembly [60]. Emissions are also greatly affected by the
sealing ability of the piston rings. Therefore piston and piston ring design is a very
important factor in engine performance.

The focus of this dissertation will be on the piston, the piston rings and the

cylinder bore and their interactions.

1.2 Objectives

The main objective of this work was to develop a piston dynamics numerical
model that would utilize the meshed geometry of a piston CAD model and also
incorporate advanced numerical techniques in the model. A pre-existing model [7] that
used parameterized piston geometry and a methodology of different modes of contact to
evaluate piston dynamics proved to have limited capabilities in modeling modern engines
and was being phased out. During the development process of this new model, the

necessity to consider motion along the wrist-pin was identified and implemented. This
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new model has been used in numerous modeling efforts as it is described further on in
this dissertation.

Also, along the way, an opportunity to develop an optimization methodology
tailored to the piston skirt profile optimization problem was identified and pursued. This
methodology complements the piston dynamics numerical model and has been proven to
be robust and easy to implement.

Finally, in the last stages, effort was made to understand piston ring dynamics by
utilizing a commercial ring dynamics numerical model. This led to the identification of
potential limitations in conventional models and the commencement of a new advanced

3-D ring dynamics model.

1.3 Previous Efforts

Mathematical models for the assessment of cylinder-kit performance have been
around since the inception of the internal combustion engine. These models started
becoming more and more complex by simultaneously accounting for multiple
phenomena, with the evolution of computers. They are utilized and independently
developed both in academia and in industry. In the recent years, facing all the demands

for the optimal engine, special attention is paid to these models.



1.3.1 Piston Dynamics

Over the years several numerical models and computational tools have been
developed in an attempt to model piston behavior and estimate its performance and its
impact on the efficiency of the internal combustion engine.

In the area of thermal modeling Annand [2] and Woschni [75] pioneered in
proposing correlations to calculate the heat transfer coefficient of the combustion gases
above the piston crown. Woschni [76] continued to evaluate heat transfer coefficients for
a high-speed diesel engine piston. He proposed ranges for heat transfer coefficients
describing the different surfaces of the piston. Wu et al. [79] modified Annand’s
correlation to include radiation effects, and they developed a numerical model for the
calculation of the piston’s temperature distribution. Li [32] considered the piston’s
thermoelastic behavior. He assumed that temperature fluctuations during a cycle affect a
piston layer only about 2 mm thick. Beyond this layer the temperature is steady, given
enough operating time for the engine. Consequently he treated the piston’s thermoelastic
behavior as a steady state problem. He used experimental temperature measurements to
propose a range of heat transfer coefficients for an aluminum gasoline piston.

Li et al. [34] developed an automotive piston lubrication model to study the
effects of piston pin location, piston-to-cylinder clearances and lubricant viscosities on
piston dynamics and friction. They solved for the particular solutions of the Reynolds
equation using’ finite differences, and used the Newton-Raphson method to solve for the
nonlinear equations of motion for the piston. In their model they assumed a rigid piston.
Li [33] considered the elastic deformation of the piston skirt; integrating this with

hydrodynamic lubrication has formed the elastohydrodynamic lubrication analysis which



is considered by most of the recent efforts [9, 10, 11, 17, 29, 30, 41, 42, 47, 55, 74, 81,
82]. All these have contributed to understanding the elastic deformation of the piston
using the finite element method. Oh et al. [47] used the finite element method to solve for
the Reynolds equation; however they linearized it, thus solving for a set of linear
equations. The other efforts used finite differences to solve for the Reynolds equation.
This method, however, requires mapping of nodal information back and forth from the
finite element mesh to the finite difference grid. This can result in the loss of crucial
numerical information, especially where sharp gradients exist between two nodes. Zhu et
al. [81, 82] were the first to consider the elastic deformation of the cylinder bore. They
also used the average Reynolds equation developed by Patir and Cheng [54] which
accounts for the effect of surface texture on hydrodynamic lubrication. They proposed
flow coefficients for the average Reynolds equation that account for the skirt waviness if
any. They also solved for the solid-to-solid contact using the Johnson (1985) model for a
blunt wedge against a plane. In more recent years Duyar et al. [11] used the mass-
conserving Reynolds equation to solve for the hydrodynamic pressure using finite
volumes. They predicted lower hydrodynamic pressures compared to the finite difference
solution of the Reynolds equation. This allowed for higher transverse motion of the
piston and consequently higher contact forces. Chui [7] continued the modeling efforts on
an existing numerical model to implement the elastohydrodynamic analysis of the piston
skirt. He used oil film thickness measurements from an optical engine to validate his
efforts, and he concluded that in-cylinder gas pressure and engine load play significant
and independent roles in determining piston secondary motion. McClure [41, 42]

developed a numerical model to investigate component friction under both dry and



lubricated conditions. She concluded that the dry model can be used as a fast tool for
investigating the influence of system parameters on piston dynamics, as it is
computationally less expensive.

All these models, though, employed a common assumption. Piston motion along
the wrist-pin was considered negligible, compared to the oscillating motion of the piston
in the thrust plane. Consequently the motion along the wrist-pin was ignored. This
allowed for the modeling of a half-piston in some of the above models. This assumption
in turn led to another assumption; the pressures developed on the skirt surface were
symmetric. Consequently a symmetry boundary condition was imposed in the solution of
the Reynolds equation. However, this is not the case, especially when bore deformation is
considered, which is usually circumferentially asymmetric. Furthermore, assuming no
motion along the wrist-pin allows for the incorrect prediction of the location of possible
solid-to-solid contact. Thus skirt wear is not accurately captured. Also, the interaction of
the piston lands with the cylinder bore was not investigated. Although piston land-
cylinder bore interaction is not desirable and piston design engineers try to inhibit it, it
does occur under actual operating conditions. These observations imply the need for a
new improved computational model for piston dynamics.

Panayi et al. [49, 51] compared the behavior of the parameterized piston used by
CASE, a comprehensive cylinder-kit simulation software used to predict piston and ring-
pack dynamics, to the behavior of the corresponding CAD piston model under different
loading conditions. The two showed very good agreement under both thermal and
mechanical loading. However, they demonstrated quantitative disagreement when the

deformation due to thermal loading was considered. This led Panayi in search of a



computational tool that would consider the real piston model. The Piston Finite Element
Analysis code was developed [50]. This model is a computational tool that uses an
externally supplied mesh of a CAD piston model to perform a finite element analysis
over a full four-stroke cycle. It estimates the piston’s temperature distribution,
deformation, strains, and stresses.

The need, posed above, for an improved computational model for piston
dynamics led to further developments, yielding the Piston Finite Element Analysis and
Dynamics model. This model is a marriage of the methods used in the previous piston
modeling efforts and the finite element analysis developed in [50], as well as some of the
methods used in bearing dynamic analyses [46]. The model considers translation along

the wrist pin as well as second land interactions with the cylinder bore.

1.3.2 Skirt Profile Optimization

The relation between skirt profile and piston performance involves complex, non-
linear behavior. Over the years several attempts have been made in the development of
piston performance simulation software [29, 41, 53, 74, 81, 82]. These works consider
the effects of the skirt profile but treat profile height as prescribed input, usually as 2-D
coordinates along the skirt length, and then interpolated over a mapped 2-D skirt domain.
These 2-D coordinates are the industry standard in describing skirt profiles on piston
CAD drawings. The models are quite effective in analyzing piston performance, but they
are complex, computationally intensive, and available to practicing engineers primarily as
black-box software packages. A set of coordinates describing the skirt profile typically

consists of twenty points. The optimization of such a set would be very expensive and
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require highly complex constraints to ensure a barrel-shaped skirt profile. To overcome
this obstacle, the 2-D coordinates can be very accurately interpolated with a quartic
polynomial. Consequently, the shape of the skirt profile can be defined by five design
variables and a geometric constraint can be imposed to ensure the optimization yields a
barrel-shaped profile. This makes the optimization far more attractive. The random
selection of design variables by standard space-filling techniques, however, would yield
some non-barrel-shaped profiles and make the implementation of such techniques
troublesome. Tsujiuchi et al. [67] presented the optimization of the piston skirt profile for
a generator engine. They showed that an optimized profile (defined by a quartic
polynomial) is effective in reducing piston slap.

Since piston performance simulations are performed using black-box software
packages, the optimization of skirt profiles needs to be performed on surrogate models.
One attractive method for surrogate modeling is the Response Surface Methodology
(RSM) where response surfaces are fitted to data collected from the expensive black-box
simulations. In turn these surfaces are used for the optimization. This method has been
widely used in research. Jones et al. [28] developed an efficient global optimization for
black-box functions aiming to model the response of nonlinear functions that typically
occur in engineering. Li et al. [35] presented a new approach for the surrogate modeling
of multi-response deterministic simulations. These surrogates are built by utilizing the
correlation of different responses. This makes them mutually dependent and thus
improving the accuracy of the surrogate itself. Both of these efforts used the Kriging
model (Sacks et al. [63]) to approximate the responses. Papila and Haftka [52] explored

the modeling errors associated with polynomial response surfaces. They demonstrated
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that higher-order (cubic) models help reduce noise in the data as well as increase the
accuracy of the optimization process.

The two competing response surfaces are the Kriging and polynomial models. It
is believed that a Kriging model is more accurate for nonlinear problems and typically
requires fewer function evaluations than a traditional second order polynomial response
surface. However, it is far more complex to implement, as its parameters are estimated so
that they maximize the likelihood of the sample. On the other hand, a polynomial model
is easy to construct and use. The interested reader is referred to Simpson et al. [64] and
Wang and Shan [72] for a thorough review of surrogate modeling techniques.

An important area of research focuses on methods that iteratively improve the
accuracy of RSM. Wujek and Renaud [80] presented a review of such methods and
proposed an adaptive strategy for the adjustment of design variable limits.

Wang et al. [71, 70] developed an Adaptive Response Surface Method (ARSM)
utilizing LHD. ARSM progressively reduces the design space by finding new bounds for
each design variable, inheriting the last optimum, and generating new LHD points to
make up for the ones that fall outside the reduced design space. This method, though,
requires the solution of two subsidiary optimization problems for each design variable,
with nonlinear objective functions at each reduction step. Wang also incorporated a
search algorithm to place the new LHD points at the underrepresented regions of the
design space.

The findings from these efforts are utilized to develop the pseudo-Adaptive

Response Surface Method which is presented in Chapter 6.
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1.3.3 Ring Dynamics

Alongside the piston dynamics numerical models, there has been parallel
development of ring dynamics models. These models couple the gas dynamics of the
combustion gases with the ring motion in an effort to assess the performance of the ring-
pack [1, 7, 12, 13, 14, 37, 38, 39, 40, 61, 66]. All these have contributed to better
understanding the ring dynamics. Richardson [61] made a comparison between measured
and calculated interring gas pressures for a diesel engine using two different ring-pack
configurations. The comparison showed good agreement between measured and
predicted results. The numerical model helped explain the differences in measurements
observed for the two ring packs. These were due to significant differences in ring motion.

Ejakov et al. [13] used a ring dynamics model to generate blow-by maps and
compared them to measured ones. The results showed good correlation. In their study
they found that blow-by is greatly affected by top ring design and motion. They also
concluded that ring-pack performance depends on the ring parameters such as mass and
tension. Also, they found that cylinder bore-to-stroke ratio affects ring-pack performance
as it influences ring-pack inertia.

Ejakov [14] continued to develop an existing ring dynamics model. He developed
the first model to consider ring twist calculated via finite element methods. For his model
he considered only a half ring and used that to generate gas flow area maps by applying a
range of loads and moments on the ring. These flow area maps would be used to perform
the two-dimensional gas flow calculations. He found that ring twist is an important
parameter affecting ring-pack performance and necessitates a three-dimensional analysis

of the ring motion. He also developed an optimization technique for the ring-pack design.
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It was used to show that optimizing ring geometry can lead to significant decrease in
blow-by.

Liu et al. [37, 38, 39, 40] developed a static finite element model to facilitate ring
design. The model can be used to fit an uncompressed ring into the cylinder bore and
predict the induced twist due to the radial loads. The model accounts for half the ring
assuming axisymmetric conditions about the cylinder bore axis. He then went on to
develop a three-dimensional model for ring and gas dynamics by coupling the dynamics
along the ring circumference. It was used to model a heavy-duty diesel engine and
showed significant variations along the ring-pack circumference in both interring gas
pressure and ring motion predictions.

Following the observations from these researchers and recognizing from
experience that asymmetric cylinder bore deformations can have great impacts on the
cylinder-kit performance, it was deemed appropriate to develop a new advanced 3-D ring
dynamics model. The finite element developments for this model are presented here. The
model accounts for the whole ring in order to capture all the variations along the ring

circumference.

1.4 Structure of the Dissertation

The rest of this dissertation is organized as follows. An overview of the cylinder-
kit and its components is included in Chapter 2. In Chapter 3, the theory behind the piston
dynamics numerical model is described. The present approximations in literature for the
Greenwood-Tripp asperity contact model are reviewed and a new one is proposed in

Chapter 4. In Chapter 5, the piston dynamics numerical model is employed to assess the
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performance of different gasoline and diesel pistons. Some of the predicted results are
compared and correlated with test results. In Chapter 6, an optimization algorithm
tailored for piston skirt profiles is presented. An example for the optimization of a
gasoline piston skirt profile is also shown. In Chapter 7, the predicted ring-pack pressures
and blow-by for three gasoline engines are discussed, and numerical results are correlated
with measurements. An introduction to the finite element model for development of an
advanced 3-D ring dynamics model is presented in Chapter 8. The dissertation is
concluded in Chapter 9 where limitations of the models are identified, experiences are

shared and some recommendations are made.

14



CHAPTER 2. THE CYLINDER-KIT

2.1 Introduction

The internal combustion engine converts the thermal energy of combustion into
mechanical energy. This conversion occurs at the cylinder-kit. The cylinder-kit is
comprised of the piston, piston rings, cylinder liner, and cylinder head. The cylinder liner
and cylinder head are stationary, whereas the piston and piston rings are movable. The
piston converts the thermal energy of combustion into reciprocating motion, which is
transferred via the wrist-pin to the connecting rod and finally to the crankshaft where it is
converted and output as rotational motion. The reciprocating motion of the piston allows
for the formation of the combustion chamber with a varying volume. The piston rings are
responsible for sealing the combustion chamber, that is, preventing any gases escaping
into the crankcase. They are situated in the ring grooves below the piston crown and
create a seal by sliding over the cylinder bore, which acts as a guide for this reciprocating
motion.

In this chapter the main components of the cylinder-kit that are of relevance to
this dissertation, the piston and piston rings, will be described. The interested reader may
refer to [22] for an in-depth description of the other components.

Figure 2.1 shows a schematic of a V-8 pushrod engine with its main components
(Table 2.1). The cylinder head shown in this schematic is simplified. It houses the valves,
intake and exhaust ports, the camshafts for overhead camshaft engines, and the spark

plugs for gasoline engines.
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Figure 2.1: Cross-section of a V-8 engine

Table 2.1: Engine components in Figure 2.1

No.

Component

—_— 0 00NN HAEWN -

Piston

Ring-pack

Wrist-pin

Cylinder liner
Combustion chamber
Connecting rod
Crankshaft
Crankshaft bearing
Cylinder head

Water jacket
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The four-stroke internal combustion, on which this dissertation is focused, is the
most widely used type of engine in automobiles, heavy-duty machinery and small scale
power generation. As the name implies, the four-stroke engine requires four strokes per
cycle and one cycle consists of two complete crank revolutions.

Figure 2.2 shows the four strokes schematically for a gasoline engine. The piston
starts at the top dead center (TDC) during the intake stroke and moves downwards while
the intake valve opens to allow air-fuel mixture to flow in the combustion chamber.
When the piston reaches the bottom dead center (BDC) the motion is reversed and it
starts moving upwards. The intake valve is already closed; thus the compression begins.
The next stroke is known as the expansion or power stroke. The air-fuel mixture is
ignited by the spark-plug and the useful work is delivered pushing the piston down. The
final stroke is the exhaust where the exhaust valve opens and the exhaust gases are
pushed out by the piston. In the case of a diesel engine, the spark plug is not necessary as
the air-fuel mixture self-ignites. Also, the fuel is injected directly into the combustion
chamber, something that is being adopted in modern gasoline engines as well in an effort
to control emissions better and limit cylinder-to-cylinder variability.

The convention in this dissertation is that a cycle begins at 0 cad (crank angle

degrees) and ends at 720 cad. Each cycle is subdivided as follows:

e 0-180cad intake stroke

e 180-360cad compression stroke
e 360 - 540 cad expansion stroke

e 540 -720cad exhaust stroke
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Intake Compression Expansion Exhaust

Figure 2.2: The four strokes in a gasoline engine — intake, compression, expansion
and exhaust

2.2 The Piston

The piston assembly, even after more than a century of revisited designs, is far
from being ideal. While the piston undergoes the reciprocating motion it loses energy by
several modes (Figure 2.3) such as inertia losses due to the piston mass, noise due to
slapping on the cylinder liner, heat transfer through the ring-pack and the skirt to the
cylinder liner, hydrodynamic shear and scuffing at the skirt-cylinder liner interface, and
bearing friction at the wrist-pin, connecting rod and crankshaft interfaces. It is generally
believed that about half of the mechanical energy losses in an engine occur at the piston
assembly [60]. Consequently, assessment and control of these losses requires careful
piston design and investigations on piston dynamics in order to understand how piston
geometry and material properties affects them.

Figure 2.4 and Table 2.2 show and name respectively the different piston features.
The piston external surfaces are comprised of the crown, the ring-pack, the skirt, the

under-crown area and the wrist-pin bore. The basic function and design considerations
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are described in the following sections. The interested reader is referred to [27] for a

description of piston features.

Inertia Noise

Hydrodynamic shear
and scuffing

Heat
dissipatior

Bearing
friction

16

12
Figure 2.4: Piston features, light-duty diesel piston
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Table 2.2: Piston features in Figure 2.4

2z
e

Feature

Crown

Bowl

Bowl lip

Top land

2nd and 3d ring lands
Compression ring grooves
Oil ring groove

Pin retainer groove
Pin-boss

Under-crown surface
Skirt

Skirt tail

Wrist-pin bore diameter
Lower skirt length

Skirt length

Piston height
Compression height
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2.2.1 Piston Design

In order to design a new piston, several steps have to be followed by the design
engineer. The first step is to collect some key engine design characteristics and operating
conditions. These are:

Cylinder bore diameter

Engine stroke

Cylinder bore height

Maximum in-cylinder pressure
Maximum combustion temperature
Maximum engine speed

Pin design, fixed or floating

Piston dome or dish/bowl size to achieve desired compression ratio
Connecting rod length

Connecting rod small end width
Desired top land width

Piston ring widths
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Once these parameters are obtained, the next step is to calculate the piston pin-
boss inside spacing that will allow for minimum clearance with the small end of the
connecting rod. Then the wrist-pin outside and inside diameters and length are calculated
based on expected loading. The wrist-pin length then dictates the pin-boss outside
dimension. The connecting rod small end outside diameter and piston under-crown
boundary can then be established based on the wrist-pin outside diameter. Then the
second and third land widths are calculated based on the maximum combustion
temperature and in-cylinder pressure. With all these known dimensions, the wrist-pin
outside diameter and the ring and land widths, and the piston compression height can be
calculated. By considering the maximum combustion temperature and in-cylinder
pressure, the minimum crown thickness can then be calculated. Next the pin-boss lower
area is designed to withstand the inertia forces based on the approximate weight of the
piston and wrist-pin.

The next step in the piston design process uses numerical models such the one
described in this dissertation. Once engineers have established all the key dimensions of
the piston, piston dynamics CAE tools are employed to determine the wrist-pin offset,
skirt length, skirt profile, skirt ovality and ring land profiles. The optimal design of these
features will ensure the optimal performance of the piston.

The final step in the piston design process is to employ cylinder head CAE tools
to determine whether any valve pockets are required on the top of the crown. This is

beyond the scope of this dissertation and will not be explored further.
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2.2.2 Piston Mass

The inertia of the piston is one of the main modes of energy losses at the piston
assembly. The objective in every piston design is to minimize the mass in order to keep
inertia losses at a minimum. The piston compression height has the most influence on
piston mass. The minimization of mass can be achieved with careful design iterations and
the utilization of CAE tools to get the optimal dimensions for the piston features. Also
newer, higher-strength aluminum alloys allow for the reduction of mass.

A ratio, k, similar to density in units, is used to compare different piston designs

based on mass,
K=—F 2.1

where my, is the piston mass and D is the piston diameter.

Over the years this ratio has been decreasing. Table 2.3 shows these trends. By
modern pistons, it implies designs that use high-strength aluminum alloys or use design

techniques for uneven thrust sides.

Table 2.3: Piston mass to diameter ratios

Piston K (g/cm3)
Conventional ~0.55-0.65
Modern ~0.50
Target ~0.40 -0.45
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2.2.3 Piston Crown

The piston crown forms the combustion chamber geometry together with the

cylinder liner and cylinder head. It is the only piston surface that comes in direct conduct
with the combustion gases. Temperatures at the crown can range between 260 °C to 350

OC in gasoline engines. In diesel engines the crown temperatures can be even higher as
combustion temperatures are higher.

The thickness of the crown depends on the in-cylinder peak pressures, and the
shape depends on the required compression ratio. The domes are usually employed in
gasoline engines to increase compression ratio. However, they increase weight. The
bowls/dishes are employed to reduce weight and also enhance mixing of the fuel in
direct-injection engines. Traditionally they are used on diesel pistons. These design
characteristics of the crown, though, can have adverse effects in the operation of the ring-
pack. Domes or bowls/dishes increase the surface area exposed to the combustion gases

and thus increase heat transfer to the piston and in turn to the ring-pack.

2.2.4 TopLland

The key question to answer when designing the top land is how close the top ring
can be placed to the crown so that temperatures will not have adverse effects on its
operation. The desired position is as close to the crown as possible to minimize weight.
Also, low ring placement relative to the crown is not desirable for emissions. The crevice
between the top land and the cylinder bore (Figure 2.5) traps unburnt gases which are

released in the exhaust gases thus increasing hydrocarbon (HC) emissions.
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Figure 2.5: Top land crevice

The typical height of the top land in a gasoline engine is about 6.5 — 8 % of the
piston diameter. There are some applications, especially in racing, with top lands as low
as 3 mm. However, they utilize reinforcement at the top groove, usually a steel insert.
The land profile should also be designed carefully in order to account for the thermal
expansion of the top land and thus avoid contact with the cylinder liner during operation.

Top land contact results in noise and cylinder liner polishing which decreases engine life.

2.2.5 Second and Third Lands

The height of the second and third lands is as important as the height of the top
land in reducing piston weight. The second and third lands have to be designed to

withstand the load from the combustion gas pressure (Figure 2.6). The combustion gas
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pressure acts on the top ring, which most of the time is seated on the second land.
Therefore the second land has to be sufficiently thick to withstand the combustion
pressure load which creates stresses at the root of the groove. The pressure above the
second ring is lower; thus the third land can be thinner than the second land. The fillet
radius at the groove root as shown in the magnification in Figure 2.6 is very important as
it leads to significant stress reductions. A stress reduction means a thinner land;
increasing the fillet radius from 0.2 — 0.4 mm to 0.4 — 0.6 mm yields the same stress

reduction as increasing the land thickness from 3.5 mm to 4.0 mm.
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Figure 2.6: Second and third land loads
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2.2.6 Piston Pin-boss

The piston pin-boss is one of the most highly loaded areas of the piston as it is
responsible for transmitting the loads from the piston to the wrist-pin. Over-designing the
pin-boss will result in unnecessary increase in mass, under-designing it will reduce piston
life. Therefore the pin-boss design requires finding the right balance between piston life

and piston mass.

2.2.7 Wrist-pin

The wrist-pin connects the piston to the connecting rod, and it is the intermediary
component in the transmission of piston loads to the connecting rod. The wrist-pin can be
of two types, a floating pin or fixed pin.

In a floating pin design the wrist-pin is free to rotate. This rotation is caused by
the interaction of moment friction at the wrist-pin piston interface. The bearing surface of
such a design is under heavy loading as the loads continuously change direction and also
due to the renewal of the oil film which affects hydrodynamic pressures. The benefits of
such a design are very good scuff resistance and low wear rates. In some applications the
piston wrist-pin assembly is with interference and when the piston reaches operating
temperatures and expands thermally it floats. This technique is employed to reduce noise
at cold starts.

In a fixed pin design the wrist-pin is with interference fit at the connecting rod
small end. This eliminates the need of a bushing at the connecting rod small end. With
this design, though, all the oscillatory motion of the connecting rod is transferred at the

pin-boss, which results in less favorable lubrication conditions. In such a case, other
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techniques are employed to enhance lubrication. One way is to drill passages that will
direct oil from the oil ring groove to the pin-boss.

The choice of a wrist-pin design is purely driven by cost. A fixed pin design is the
cheapest and the path of choice. However lubrication problems that result in scuffing at
the pin-boss will require that one introduces oil passages on the piston or moves to a
floating pin design. The piston compression height also affects the wrist-pin design. A
low compression height will lead to higher temperatures at the pin-boss, which will
require better lubrication conditions and thus a floating pin design. Also high
compression ratio engines that experience high loads at the pin-boss bearing require
floating pin designs. Finally, the desired engine life will dictate the wrist-pin design. In
long life expectancy engines, greater than 150,000 miles, such as track engines, the

floating pin design is used as it shows less wear.

2.2.8 Piston Skirt

The piston skirt extends below the piston crown. It is comprised of the major and
minor thrust sides, also sometimes referred to as thrust and anti-thrust sides. The major
thrust side is the one that experiences the highest loads during the expansion stroke
because of the connecting rod orientation (Figure 2.7).

The main function of the skirt is to provide guidance for the piston during its
reciprocating motion. The piston is fitted with some clearance to the cylinder bore to
account for thermal expansion. Most pistons are made of aluminum alloys with cylinder
liners of cast iron, except in heavy-duty diesel engines where one can find steel pistons.

Aluminum alloys expand faster and more than cast iron so the design of the piston has to
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account for these, hence the piston and cylinder bore are designed with a clearance. Of
course nowadays some of the high end engines utilize cylinder blocks made from
aluminum or magnesium alloys which allow for much tighter clearances. The transverse
components of the combustion gas force and inertia arising due to connecting rod
orientation result in tilting about the wrist-pin and transverse movement of the piston.
These two motions constitute the piston secondary motion. This motion can greatly
impair ring sealing and oil consumption. Also, the secondary motion is responsible for
the piston noise which can make an engine uncomfortable to the end user. As the piston

move and slaps on the cylinder liner it transfers energy to it which creates noise.

MAJOR THRUST MINOR THRUST

Figure 2.7: Connecting rod reaction force components during expansion stroke
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A well-designed skirt will provide optimal control over the piston secondary
motion, thus ensuring good ring sealing and minimization of o0il consumption and
induced noise. Several parameters determine the effectiveness of the skirt in completing

these tasks:

Clearance

Skirt length

Skirt profile

Piston ovality

Skirt elasticity

Expansion control

Position of piston’s center of gravity relative to wrist-pin axis
Wrist-pin offset

Cylinder liner distortion

In recent years, in the attempt to reduce piston weight, shorter and shorter skirts
are being introduced. This necessitates very careful skirt design and skirt profile
definition.

The location of the wrist-pin axis relative to the skirt is an important factor
dictating the loading on the skirt and the quality of the lubrication conditions. In order to
achieve even loading of the skirt and development of optimum lubrication gap, it would
require the wrist-pin axis to be located approximately at the middle of the skirt. This
would minimize any moment imbalance about the wrist-pin due to hydrodynamic
pressures. This, however, shifts the piston center of gravity away from the wrist-pin
towards the crown and thus results in unfavorable tilting. In modern piston designs the
wrist-pin axis is pushed as close to the crown as possible to minimize compression height
and thus weight. This in turn necessitates extremely short skirts to accommodate the
wrist-pin axis approximately at the middle of the skirt and thus very careful design of the
skirt.
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Another function of the skirt is to transmit forces from the piston to the cylinder
bore. These forces depend on combustion pressure, inertia, and moment arising from
wrist-pin offset and wrist-pin friction.

Also the skirt assists in the control of the piston temperature. It has a limited
contribution in transmitting heat to the oil film, which in turn transmits the heat to the

cylinder liner to end up in the cooling system.

2.2.9 Piston Skirt Design

All the skirt functions described in Section 2.2.8 together with piston weight and
elasticity depend on skirt design. A well-designed skirt will result in the optimal
operation of the engine, low friction, low noise, low oil consumption, low emissions and
ultimately long engine life.

The skirt design can vary from full skirt, which can be found in some diesel
applications where combustion pressures are very high, to the shaved skirts found in
lighter duty applications. In gasoline engines the skirt tends to be more flexible as it
experiences lower loads. Also, the surfaces are recessed in the pin direction, where there
is no bearing function.

Another skirt design characteristic that has been introduced with the modern
pistons driven by the difference in thrust side loads is the asymmetric skirt design. This
aids in the reduction of piston weight as well as friction at the skirt surface. In such a
design the major thrust side is different from the minor thrust side accommodating the

loads on each side. This is achieved by the major thrust side being wider than the minor
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thrust side, but more often the length and thickness for each side are adjusted according

to the loading. In such a case the minor thrust side is shorter and thinner (Figure 2.8).

Major Minor

Figure 2.8: Asymmetric thrust sides

2.2.10 Piston Strength

The piston experiences cyclic loading throughout its operation due to combustion
gas pressure, inertia, thermal expansion, and thrust side loadings. In order to fulfill its
operation cycle after cycle it needs to be stiff in some areas but elastic in others. Its shape
and cross-sections must always be matched to the local loading so that the permissible
stresses will not be exceeded.

The design process of the skirt requires compromises to be made in regards to
stiffness. On one hand the skirt has to be sufficiently stiff, that is achieved by thickness,
to avoid large deformations or even fracture. On the other hand the skirt has to be
sufficiently elastic to undergo deformations due to external loads from the cylinder liner.
This will reduce scuffing and prolong the engine life. In general a more elastic skirt

requires less expansion control (Section 2.2.12) but it is more susceptible to permanent
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deformation which will degrade its functions. During operation the top part of the minor
thrust side is subjected to loading due to the tilting that arises from the wrist-pin offset
(usually wrist-pin offset is towards the major thrust side) and the deflection of the lower
part of the skirt on the major thrust side. It must be able to withstand the reversing
stresses that occur between the compression, expansion and exhaust strokes as the
loading moves from minor thrust side to major thrust side and back to minor. The length
and strength of the lower part of skirt, more significantly of the major thrust side, is
responsible for maintaining the piston axis parallel to the cylinder bore axis. A poorly
designed lower skirt part would fail to maintain the axes parallel at operating conditions
and could result in land conduct with the cylinder bore which would be detrimental to the

engine life.

2.2.11 Piston Deformation

The cyclic loading the piston experiences results in a very complex deformation.
The crown and skirt are connected, and thus their deformations are interrelated. In
numerical modeling the piston deformation is obtained by superimposing the thermal
expansion, and the deformations due to combustion gas pressure, inertia and thrust side
loading.

The thermal expansion results in the diametral growth of the piston. This growth
reduces moving down the skirt as temperatures drop and usually material volume is less.

This allows for the barrel shaped skirt profile.
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The combustion pressure and inertia loading bend the crown around the wrist-pin,
which pushes the skirt downwards. This causes an oval deformation as the diameter in
the thrust direction decreases relative to the diameter in the wrist-pin direction.

Over time the piston diameter in the thrust direction tends to reduce slightly. The
piston tilt in this direction causes wear and in some cases plastic deformation, called skirt
collapse. Skirt collapse can be caused by high mechanical or thermal loading or by
unfavorable cylinder bore deformations. A well-designed skirt will minimize skirt

collapse as it will lead to noise problems.

2.2.12 Thermal Expansion Control

As most of the pistons are made of aluminum alloys which expand much faster
than the traditional cast iron cylinder liners, some effort is required in the design process
to control the thermal expansion of the piston.

One method is the use of bimetal pistons. The first successful commercial design
was introduced in the 1920’s. These pistons usually have a steel (lower coefficient of
thermal expansion than aluminum) ring or struts, inserted at the top of the skirt. This
reduces the thermal deformation of the skirt in the thrust direction and directs it to theA
wrist-pin axis direction.

In recent years better understanding of piston design and advances in
manufacturing techniques, materials, casting, skirt shaping and bore distortion control
allow the mono-metal pistons to achieve most of the functional benefits of the bi-metal

pistons.
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Also, the introduction of newer aluminum alloys has made the bi-metal pistons
less favorable. High silicon, hyper-eutectic aluminum alloys have lower coefficients of
thermal expansion which enhances expansion control. Pistons made from these alloys are
lighter, and also cheaper as manufacturing is simpler than bi-metal pistons. Table 2.4
shows a comparison of the coefficients of thermal expansion for different types of

aluminum alloys and steel. A strutted piston typically would have a coefficient of thermal

expansion at around 14.0 pm/pum °C.

Table 2.4: Coefficients of thermal expansion for different materials

Material a (um/pm °C)
Hypo-eutectic aluminum alloy 21.6
Hyper-eutectic aluminum alloy 19.0

Eutectic aluminum alloy 21.0

Steel 11.0

Strutted piston ~14.0

2.2.13 Skirt Lubrication and Friction

The piston assembly is responsible for about 50% of the mechanical energy losses
in an engine. The piston itself and more specifically the skirt itself contributes about one
third of these losses. The major thrust side is heavily pushed towards the cylinder liner
wall close to TDC in the expansion stroke. In order to prevent scuffing, lubrication is
required. Lubrication necessitates the existence of a gap between the cylinder liner and

skirt. The factors that have an important effect on this gap are the skirt profile barrel
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shape, the design of the skirt upper and lower edges, and the piston mobility about the
wrist-pin.

Lubrication does not eliminate friction. However, it minimizes it. The
hydrodynamic pressures developed at the skirt-liner interface result in hydrodynamic
shear stresses. The magnitude of these shear stresses depends on the oil viscosity which is
temperature dependent, on the piston axial velocity, and on the gap or oil film thickness.
As the gap decreases, the shear stresses increase.

The steps employed in the piston design process to reduce friction are the
reduction of the skirt surface area, the design for adequate clearances at all operating
conditions, the hydrodynamic optimization for the skirt profile and the design for
minimum lateral forces. The lateral force can be kept at a minimum by a small
compression height and wrist-pin diameter and short skirt.

In order to ensure good lubrication characteristics the skirt surface texture has to
be carefully selected as well. A smooth skirt has limited oil retention capabilities, which
can impair engine break-in and also lead to scuffing at critical lubrication conditions. A
rough skirt, on the other hand, can lead to excessive abrasive wear. A roughness average,

R, value of 0.8 to 1.4 pm is desirable on the skirt. Such a surface will possess good oil

retention capabilities as well low abrasive wear rates.

2.2.14 Piston Profile

The piston temperature distribution varies along the piston height. The
temperature decreases moving away from the crown towards the lower skirt. This
temperature difference at different levels necessitates the need for a piston profile to
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account for the thermal expansion and maintain adequate clearances between the skirt
and the cylinder liner at operating conditions. The initial profile is usually selected based
on experience and then it is optimized using CAE tools such as the ones described in this
dissertation. Figure 2.9 shows a schematic of how a typical piston profile looks at cold
conditions and how it becomes at operating hot conditions. The clearances at all levels
become tighter.

Usually profiles are added to the top two lands and the skirt. The third land is
usually smaller in diameter to maintain lower gas pressures below the second ring; thus, a
profile is not needed.

The land profiles are typically tapered. The high combustion pressures and
temperatures and the large crown deformation require large clearances at the lands. On
the other hand such large clearances increase ring loading and HC emissions, especially

at cold conditions when the crevice volumes are large.

Piston
he{ight

3
i, Y

—

TTTTTITT 7 77T 7 WF77 75
TTATT 777777707

(Ll
(Ll e

Profile
§ / height
R
cold 5h_oT

Assembly clearance
Figure 2.9: Cold and hot piston profiles
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The skirt profile is usually a complex barrel shape. It is designed to aid the
various skirt functions. It ensures good guidance by supplying the biggest bearing surface
area without compromising scuff. Its curvature is increased at the top and bottom to
encourage hydrodynamic lubrication.

A properly designed profile allows for smaller clearances at both the skirt and
land levels. This results in less noise, limited scuff, improved oil consumption, lower
blow-by and HC emissions and ultimately prolonged engine life.

The different equations used to describe skirt profiles will be further discussed in

Chapter 6.

2.2.15 Piston Ovality

The loading conditions described in Section 2.2.11 and the volume of material
found at the pin-boss necessitate the introduction of piston ovality. Piston ovality refers to
the case where the piston diameter in the wrist-pin axis is smaller than the piston
diameter in the thrust axis (Figure 2.10). Piston ovality ensures that once the piston has
expanded thermally and has been loaded, it is almost cylindrical.

The ovality is usually used only on the skirt. Ovality on the lands is only
introduced in the event of contact.

The most common equation to describe ovality is the double ellipse equation,

which varies the diameter along the piston circumference,

s, =-‘]{[a(l—cosZOP)—ﬂ(l—cos49p)] 2.2)
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Figure 2.10: Piston ovality

2.3 The Ring-pack

The ring-pack in modern internal combustion engines is usually comprised of two
compression rings and an oil control ring. The ring-pack in conjunction with the piston
lands and the cylinder bore act as a labyrinth of seals and orifices that control gas and oil
flows. The combustion gases and oil share common paths, so leakage of gases to the
crankcase should be minimum and existing oil should be directed back to the crankcase.

The primary functions of the ring-pack are:

i. Blow-by control, that is, controlling the amount of combustion gas
flowing from the combustion chamber to the crankcase.

il. Oil control, that is, distributing evenly the oil film on the cylinder
bore walls and circulating oil through the ring-pack. Effective oil
control leads to the minimization of oil losses due to evaporation

and burning of leftover oil on the combustion chamber walls.
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1il.

Heat transfer; the ring-pack aids in the cooling of the piston. The

piston crown is exposed to the combustion gases. The piston rings

act as a path for the heat to flow from the piston to the cylinder

wall and eventually to the cooling system, thus ensuring operation

of the system at normal operating temperatures.

The ring-pack design is driven by the search of reduced oil consumption, blow-by

and exhaust emissions; higher power output, lower friction, decreased variability from

cycle-to-cycle, prolonged engine life and reduced costs. In the effort to reduce friction

and also piston weight, some applications utilize a two-ring ring-pack. The second

compression ring is retired, eliminating its contribution to friction and allowing for a

shorter crown to decrease piston weight.
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Figure 2.11: A typical ring-pack (a) diesel engine and (b) gasoline engine
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Figure 2.11 shows the typical ring-pack configuration for diesel and gasoline
engines. The rings are usually made of steel alloys, and different coatings are utilized at
the face and sides to increase wear resistance. The diesel ring-pack configuration
employs a keystone-type top compression ring as well as a reinforced top groove (higher
combustion gas pressures). In cases of turbocharged engines, the second compression
ring can also be of keystone type. Diesel combustion results in higher deposits than
gasoline combustion. The keystone ring is thus preferred in diesel engines as it is less
likely to stick to the piston since it promotes the break-up of deposits due to piston
secondary motion. The top ring is usually designed to have a positive twist (front end
lifted upwards) when fitted in the cylinder so that when loaded with combustion gas
pressure it will have approximately zero twist.

The second compression ﬁng is designed with a tapered face in order to promote
the scraping of oil from the cylinder wall during the downward stroke and distribute a
thin layer during the upward strokes. The Napier ring design allows for a more natural
path for the oil flow than the standard tapered ring. It also creates extra volume in the
third land region for oil accumulation.

The oil control ring can either be a three-piece ring or a two-piece ring. In diesel
engines the two-piece ring is preferred, again because it is less likely to stick to the
groove due to deposit build-up.

Piston rings are designed to exert a uniform radial pressure on the cylinder wall
due to internal tension as well as due to gas pressure behind the ring. The oil control ring

has the highest internal tension as the gas pressure in the third groove is very low, close
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to the crankcase pressure. In order to achieve this high internal tension it utilizes a spring
expander, hence the name two-piece or three-piece.

The following sections will describe the main functions and characteristics of the
rings. The interested reader is referred to [24, 25, and 26] for a description of the different

types of rings.

2.3.1 Top Compression Ring

The top compression ring is responsible for sealing combustion gases in the
combustion chamber and preventing them from escaping to the crankcase. The main path
of gas flow is through the ring end gap. The end gap flow area is affected by the ring
outside diameter, chamfers at the gap edge and land diameter. These clearances should be
kept at minimum to reduce blow-by in both directions, from the combustion chamber to
the crankcase and vice versa.

During the intake stroke, especially at the beginning, the combination of ring
inertia and pressure differentials between the second land and the combustion chamber
forces the top ring to reside at the top of the groove. Close to the end of the intake stroke,
the ring will start moving toward the bottom of the groove. This transition period will
lead to loss of sealing, creating a leak path for gases and increasing blow-by. This
requires the clearances to be kept as small as possible, as well as careful selection of ring
inertia to maintain this transition period as short as possible. Some axial ring movement
is necessary in order to ensure favorable lubrication conditions at the interface between

the lower sides of the ring and groove to inhibit wear.
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During the expansion stroke high pressures may build up at the second land
volume. These high pressures may lift the top ring, especially at the end of the expansion
stroke. This lift will allow for reverse blow-by, thus increasing HC emissions as unburnt
gases trapped in the second land volume will flow into the exhaust gases. In order to
avoid this problem, the ring-pack is designed so that it relieves this pressure in the third
land. In doing so it also helps oil control, as the flowing gases to the third land transport
with them oil which is ultimately returned to the crankcase. Another remedy to this
problem is decreasing the second land diameter or introducing a groove at the second
land. This increases the volume at the second land which leads to lower pressure build-up
in that region. The decrease of the second land diameter is not usually preferred, as it will
increase the flow areas at the end gaps of both the top and second ring.

The face of the top ring is usually barrel-shaped in order to provide good sealing
and oil distribution. It maintains better contact with the cylinder liner as the piston tilts,
thus tilting the ring. The barrel-face profile also makes the top ring a non-dimensional
scraper. However, in high loading conditions where the piston experiences high tilts or
the ring high negative twists, this can have adverse effects as the top edge of the ring can
end up being a scraper due to top outside diameter contact. This will throw oil into the
combustion chamber which will increase oil consumption. The introduction of up-tilted
grooves, positive twisted rings, or asymmetric barrel face profiles are utilized to help

eliminate this problem.
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2.3.2 Second Compression Ring

The main functions of the second ring are to act as a scraper for oil control and to
dampen the pressure drop across the top ring.

The tapered face usually found on the second ring acts as a unidirectional scraper.
It rides on the oil film on the upward strokes and scrapes the oil on the downward stroke
to control oil consumption. The taper face profile is very important as it is determinant to
engine life. Engine life is affected by how long it will take for the taper face to wear out.
A groove is usually introduced at the bottom of the second ring in order to provide extra
volume for the accumulation of oil. It also helps in the control of interring gas pressure.
For the same purpose, grooves may be introduced at the third land.

The second ring also controls the pressure differential across the top ring. It
achieves this by sealing the dynamic pressure increase in the second land during the
compression and expansion strokes and delaying the release into the third land. The
timely release of this pressure prevents top ring lift. Also, it enhances the oil-scraping

action of the second ring, as the flow carries oil with it.

2.3.3 0il Control Ring

The main function of the oil control ring is to control oil consumption. It has
negligible gas sealing and heat transfer capabilities. It scrapes excessive oil from the
cylinder liner to the crankcase and acts as a check valve to prevent oil flow into the
combustion chamber.

The expander provides a uniform radial force to push the segment or segments, in

the case of a three-piece ring, against the cylinder liner. In the case of the three-piece
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ring, the expander also provides an axial force to push the segments against the top and
bottom sides of the grooves. This seals the oil passages and prevents reverse oil flow at
high engine vacuums. This axial force, though, should not be excessively high so that it
can be overcome by gas pressure and scraped oil in the third land to create a crevice for
the oil to flow into the crankcase. The radial force determines the oil film thickness that
will stay on the cylinder liner, which is important for engine life and oil consumption.
Unlike the second ring, the oil control ring is a multi-directional scraper. It
scrapes oil both during the upward and downward strokes. During the downward strokes,
the bottom segment scrapes oil directly into the crankcase. During the upward strokes, it
scrapes oil into the groove through the expander. This necessitates the introduction of
holes at the back of the groove to allow for oii drainage. A cheaper solution is the
introduction of cast slots at the bottom of the groove as it does not require drilling.
Similarly, the top segment scrapes oil into the groove during the downward stroke. The
recovery of oil scraped in the third land by the top segment during the upward stroke
becomes more complex. This completely relies on the forces acting on the top segment,
which at times throughout the cycle overcome the axial fdrce of the expander and create a
crevice for the oil to drain into the third groove. At the same time this relieves pressure

from the third land.

2.3.4 Pressure Loading

The three rings across the ring-pack experience different pressure loadings. Figure
2.12 shows typical in-cylinder and land pressures. The upper surface of the top ring is

exposed to the high in-cylinder (combustion) pressure. This high pressure puts a moment
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about the land on the ring forcing it to twist downwards. This twisting can have several
adverse effects. As described in Section 2.3.1, this can lead to oil scraping into the
combustion chamber. The pivoting of the top ring about the second land increases the
radial force exerted by the ring, which can break the oil film and lead to high wear rates.
This twisting also degrades the lower side sealing as the ring back edge lifts away from
the groove, thus allowing for gas leakage past the lower side of the ring. These adverse
effects can be avoided by careful design of the top ring, groove, and second land.

The second and third rings experience much lower pressure loads. The second
land pressure after a point during the expansion stroke exceeds the in-cylinder pressure as
both the top and second rings are seated at the bottom of the groove sealing the gases in
the second land. This point is known as the crossover point and it is desired to occur at
around 120 degrees ATDC. If it happens earlier it can cause the top ring to lift and
increase blow-by. At around 120 degrees ATDC ring inertia starts dominating as the
piston slows down, thus even though the second land pressure is higher the top ring still
remains seated.

The pressure build-up in the third land is necessary to help the transport of oil

accumulated there into the crankcase as described in Section 2.3.3.
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Figure 2.12: In-cylinder and land pressures

2.3.5 Heat Transfer

Other than controlling blow-by and oil consumption, piston rings are very
important for maintaining favorable piston temperatures. It is estimated that about 70% of
the piston heat is dissipated by the piston rings. The heat flow path is from the piston to
the piston rings to the oil film to the cylinder liner and finally to the coolant in the water
jackets. The heat flow is dominant in the radial direction from the inside diameter to the
outside diameter; thus, any heat flow in the circumferential direction of the ring is
ignored in numerical models. The fact that the rings spend most of their time seated at the
bottom the groove results in the top part of the groove being hotter.

The formation of the oil film wedge between the ring and the cylinder liner
(Figure 2.13) is very important in controlling heat transfer as it increases the ring-to-oil

surface contact area. The top ring with the barrel profile benefits from this wedge in both
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upward and downward strokes, whereas the tapered second ring benefits only in the
upward strokes. The importance and contribution of the second ring in cooling the piston

has been noted in experiments, where removing the second ring resulted in increased

piston crown temperatures of about 14 °C.

Oil film
wedge

Figure 2.13: Oil film wedge forming during the upstroke

The challenge in the modern trends of engine development becomes how to keep
the piston at favorable temperatures. Rings are getting thinner to decrease friction and
inertia losses. Also, some applications seek to eliminate completely the second ring.
These trends will result in higher thermal loads and higher heat fluxes the rings will have
to withstand. Thus numerical modeling of the ring-pack is more crucial than ever to

ensure excellent engine performance.
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2.3.6 Ring Friction

In order for the rings to seal the combustion chamber, they exert a radial force on
the cylinder liner. This radial force arises from the combination of the ring internal
tension and the gas force generated due to gas pressure behind the ring. It results in the
generation of an axial friction force which resists piston motion and subtracts energy

from the useful work of the engine (Figure 2.14).

Figure 2.14: Forces generating axial friction at the ring-cylinder liner interface

The piston rings account for about 20-40% of the total engine friction. The axial
friction force is directly proportional to the radial tension generated. In recent years this
radial tension has been reduced to about 50-60%. This was due to advances in machining
processes which allow for better cylinder liner finishes, pistons and piston rings. Also the
advancements in lubricant technologies and ring face coatings have contributed. Finally

the trends for thinner rings also help reduce friction.
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2.3.7 Engine Speed

Engine speed is an important factor influencing the ring sealing properties. The
ring inertia is directly proportional to engine speed. Close to the TDC, where piston
deceleration increases, inertia tries to lift the ring from its seat at the bottom of the
groove. At high loads where the combustion pressure is high, thus the forces acting on
top of the ring are high, they dominate inertia and thus the ring remains seated. However,
at high engine speeds low engine loads, where inertia is high and combustion pressure is
low, the ring can lift and loses its sealing properties, resulting in high blow-by. This is
referred to as ring instability [83].

The ring inertia is proportional to the ring mass, to the engine stroke and to the
engine speed squared. Consequently a good ring design will account for this relationship

and push the ring instability point beyond the normal operating range of the engine.

2.4 Cylinder Liner

The cylinder liner acts as the guide for the reciprocating motion. It provides the
surface where the piston and piston rings slide, thus it has its own role in determining
engine performance and engine life.

Like the skirt surface finish described in Section 2.2.13, the cylinder liner has to
possess surface finish properties that will yield favorable lubrication conditions, thus
minimizing wear, but at the same time minimize oil consumption. A rough cylinder liner
has very good oil retention properties; however, the oil between the micro-valleys is not

scraped during the downstroke, thus remaining exposed to the combustion flames. This in

49



turn will increase oil consumption. Typical values for the cylinder roughness average
value are about 0.5 um, and different honing techniques are used to achieve this.

Another challenge faced with the cylinder liner design is its deformation. Once
the engine is assembled the cylinder liner will deviate from the round shape (Figure
2.15), both circumferentially and axially. This deformation arises from the bolt loads
fitting the cylinder head to the cylinder block. At operating conditions these deformations
increase even more due to thermal expansion and loads from the piston. These
deformations have adverse effects on engine life and efficiency, as they increase
clearances which may result in large amplitudes of piston motion, increased blow-by, and
oil consumption. The sequence of peaks and valleys in the axial direction can result in
high impact loads on the skirt, thus leading to plastic deformation and premature failure
of the piston.

A technique called hot honing may be used to eliminate the effects of thermal
expansion; however, it is an expensive process, which makes it infeasible for mass
production. This involves bringing the cylinder block to operating temperatures and then
honing the round shape of the cylinder liner. Thus the liner will deviate from roundness

when the engine is cold and become round at operating temperatures.
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Figure 2.15: Cylinder liner deformation (a) assembled cold and (b) rated conditions
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CHAPTER3. PISTON FINITE ELEMENT ANALYSIS AND
DYNAMICS MODEL

3.1 Introduction

In order to understand the correlations between all the piston features and
characteristics described in Section 2.2 and how they affect the piston performance, the
use of numerical models is required. Such models not only allow for multiple design
iterations in a minimum amount of time to reach the best design, but they also reduce the
need of many prototypes, thus decreasing costs. The cost of moving electrons is
significantly less than moving atoms.

Numerical models are very important for every aspect of engineering design, so
the optimal operation of the piston, and the internal combustion engine as a whole,
greatly depends on them. The piston, during its operation, apart from the axial
reciprocating motion experiences small transverse oscillations. This represents a highly
nonlinear problem, involving the thermoelastohydrodynamic behavior of the piston skirt.
The identification of the magnitudes of these oscillations and the ability to control them is
crucial, as the piston performance depends on them. In the process of this identification,
numerical models are utilized.

This chapter will develop the theory behind the numerical model for the
assessment of piston performance developed at the Automotive Research Experiment
Station at Michigan State University. The model has been named Piston Finite Element

Analysis and Dynamics and from here on it will be referred to as PIFEAD.
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3.2 Overview of the PIFEAD

The PIFEAD model is comprised of two modules, the finite element analysis
module and the dynamics analysis part (Figure 3.13). Despite the fact that a dynamics
analysis can be performed assuming a rigid piston, the finite element analysis is an
integral part of elastohydrodynamic lubrication analysis which yields more realistic
predictions of piston performance.

A thorough description of the code’s finite element analysis is found in [49] and
will not be repeated here. In summary, the piston has to be meshed externally via linear
tetrahedral elements, obeying the coordinate system convention described in the
following section. A data file containing all the mesh information has to be supplied as an
input to the model in order to perform a thermal and structural finite element analysis.

The original finite element model described in [49] was written in MATLAB.
However, in order to minimize processing time, in this version it was migrated to
FORTRAN. Execution of numerically intensive programs developed in FORTRAN is
much more efficient than ones developed in MATLAB. Also the version in [49] was
accepting mesh data only from COSMOS DesignSTAR. In this version the piston can be
meshed in Altair Hypermesh which is the most widely used meshing tool in the
automotive industry. PIFEAD then uses the mesh information output (element
connectivity and node coordinates).

For the thermal analysis, the piston is assumed to be at steady state over the cycle
[31]. A convective boundary is applied to the whole piston, splitting the boundary in five
regions: crown, ring-pack, skirt, underside, and pin-hole. The heat transfer coefficients

and ambient temperatures are assumed to be constant over the cycle and are carefully
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selected to account for the operating conditions and within the ranges archived in [76,
78]. This allows for the estimation of the temperature profile on the skirt. Averaging it
with the cylinder bore temperature, the oil viscosity on the skirt can be calculated.

For the structural analysis the piston is constrained at the pin-hole and the
principle of minimum potential energy is applied. Inputs for calculating piston
deformation are thermal loads, from the thermal analysis above, unit pressure load on the
crown, to simulate the combustion gas pressure, and unit body load, to simulate the
piston’s inertia. The deformations due to the pressure on the crown and due to the body
load are scaled to the combustion gas pressure and piston axial acceleration, respectively,
at each crank angle. The skirt compliance is also obtained and it is used during the
iterative solution to obtain the skirt deformation due to the hydrodynamic and contact
pressures developed at the skirt surface. All these deformations allow for the

consideration of a fully elastic skirt in the dynamics analysis.

3.2.1 Skirt Compliance

In the piston elastohydrodynamic lubrication problem, the skirt compliance is
used to relate the skirt deformation to the skirt hydrodynamic and contact loads. It can be
calculated directly from the stiffness matrix, iteratively or experimentally. The concept
behind the compliance matrix is to reduce the degrees of freedom of the system just to the
ones of interest, in this case, the skirt area. This will eliminate the need of solving a large

system of equations at each iteration step to calculate the skirt deformations.
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3.2.1.1 Guyan Reduction

One straightforward method of obtaining the compliance matrix is the Guyan

reduction or static condensation method [21]. Given a system,

K u = f
nxn nxl nxl

where n is the number of degrees of freedom, decomposing it,

[ Ky | Kip [ [w f)
pxp | pXq || pXl pxl1
Ky | Kpllu [T £
gxp | gxq ||gx1 gx1

with

q+p=n

3.1

3.2)

3.3)

Now if u, is the vector of unwanted degrees of freedom, then the above system can be

reduced to,
-1
[Ku -K2K,, K21]“1 =f
where the reduced matrix, K,.4, is given by,
-1
Kred =Kj1 —K 2Ky Koy
The compliance matrix, C is given by,
Cc=K,
red
Also if u,, the deformation of the rest of the body, is needed then,
-1
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where the coordinate transformation matrix, T is defined as,
-1

When the stiffness matrix of a static problem is reduced, no information is lost. It
can be seen from (3.5) that all the elements contribute to the reduced matrix. Also the
advantage of this method is that the coordinate transformation matrix (3.8) is readily
available to obtain the deformations at all nodes of the system. This is useful when
determining the stress concentrations. The disadvantage, though, of this method is that it

can be computationally expensive as matrix K5, needs to be inverted. This can lead to

computer memory allocation problems if the mesh is very big.

3.2.1.2 Node-by-node Loading

One way to get around this problem is to calculate the compliance matrix
iteratively. This eliminates the need of inverting any matrices since algorithms such as
the conjugate gradient method can be used to solve the system of equations. This
methodology involves loading node i (Figure 3.1) on the skirt with unit force and then
calculating the deformation at all the nodes on the skirt. The compliance matrix, C, can

then be built from the skirt deformation vectors, s, of each loading case.

Kll,'=fi i=l, 2,...,n

. (3.9)

n = no.of nodes on skirt
S; Cu; (3.10)
C=[s; sy ... s,] (3.11)
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Figure 3.1: Skirt nodes contributing to compliance matrix

3.2.1.3 Compliance by Measurements

Another method for obtaining the skirt compliance is via direct measurement of
the skirt deformation subjected to loading. The piston skirt is split into axial and

circumferential cross-sections. A load Fj; is applied at the intersection of the cross-
sections, and the deformation s; j is measured at all the intersections (Figure 3.2). The

procedure is repeated for all cross-sections, thus allowing for assembly of the compliance
matrix. The advantage of this method is that it can be used to capture non-linearities in
the skirt compliance. In the two previous methods described above, the compliance
matrix is derived from the linear stiffness matrix. In this method, however, the load F can
be applied at two magnitudes, e.g. low and high, which will yield two sets of
deformations. The load can then be related to the deformations by a higher order

polynomial that will account for non-linearities.
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Figure 3.2: Skirt cross-sections for obtaining the skirt compliance

3.3 Piston Dynamics

The piston dynamics analysis requires the solution of a highly nonlinear problem.
The piston position within the cylinder affects the oil film thickness, which affects the
hydrodynamic and contact pressures, which in turn affect the piston deformation, which
again affects the oil film thickness. This problem is solved iteratively via the Newton-
Raphson method and underrelaxation of the pressures developed at the skirt surface. The
modeling approach and computational methodology for the dynamic analysis are

described in the following sections.
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3.3.1 Coordinate Systems

The coordinate systems used to describe the engine in the model are shown in
Figure 3.3. They consist of one global and three local ones. The local coordinate systems
are interrelated by the global coordinate system.

Xo-Y, is the global coordinate system which is at an angle, y, from the vertical to
accommodate for V-engines. x, is the X,-coordinate for the crank offset from the
cylinder center line. € is the crankshaft angle, and ¢ is the connecting rod angle, both
with respect to the Yy-axis. Xc-Y is the cylinder local coordinate system. Xp,-Yp, is the
piston local coordinate system, and Xpp-Ypp, is the wrist-pin local coordinate system. The
third direction Z for these coordinate systems is not shown here. The nominal piston-to-

cylinder liner clearance is given by c.

VERTICAL
73
)

Ye Yp Yo

Figure 3.3: Coordinate systems
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3.3.2 Piston Coordinate System

The piston local coordinate system is shown in Figure 3.4. The coordinate system
is centered at the top of the piston crown and aligned with the piston center axis. The

minor thrust side is found in the positive Yp-Z, plane, and the major thrust side in the
negative. x.o is the Xp-coordinate of the piston’s center of mass and x,,, is the Xp-
coordinate of the wrist-pin offset. y. and y,,, are their respective coordinates in the Y-
direction. Hp, is the piston height, and L is the skirt length. 6p is the piston’s angular

coordinate. It is positive in the counterclockwise direction with zero being collinear with

the Xp-axis. The piston nominal radius is given by R.

MAJOR THRUST x (Ij‘ MINOR THRUST
cg Xp Z_P
Vel = : = =
Ywp == " -
] f“)
L R
7
*wp 'Y,

Figure 3.4: Piston coordinate system (a) Xp-Yp plane,
(b) Yp-Zp plane and (c) Xl,-Zp plane
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3.3.3 Skirt

In order to solve for the hydrodynamic pressure developed on the skirt using the

Reynolds lubrication equation, the skirt is mapped to a 2-D coordinate system, Xq-ys,
from the piston 3-D coordinate system, Xp-Yp-Zp.

The skirt 2-D coordinates are given by (3.12) and (3.13).

xS=R9p (3.12)
¥s =Y, —(Hp-L) (3.13)

where, for the minor thrust side,0p€[37r/2,7[/2], and for the major thrust side,

6, € (7/2, 37/2].

Ys

Figure 3.5: Skirt mesh on the local coordinate system
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3.3.4 Axial Dynamics

The piston position, velocity, and acceleration along the cylinder bore center line

as well as the connecting rod angle ¢, and the acceleration of its center of mass, a,, , and
dcm,y, can be readily derived using vector mechanics [73]. Figure 3.6 shows a vector

diagram of the piston crank assembly. For these derivations the crankshaft is assumed to

rotate at a constant angular speed, . Also the crankshaft and the connecting rod are
assumed to be rigid. r; is the crankshaft radius, r, is the length of the connecting rod, r3

is the piston pin position from the crankshaft axis, and p is the distance from the

connecting rod’s big end to its center of mass. w, and a, are the connecting rod angular

speed and angular acceleration, respectively.

Figure 3.6: Vector diagram of the piston crank assembly
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The vector equation describing the assembly of Figure 3.6 is given by,
Co+i+R+Cy+R=0 (3.14)
Taking the components of (3.14), the piston position is given by,
ry=—ncos@—r cos@ | (3.15)

and the connecting rod angle by,

sin@+C,-C
¢=_sin“[" 0 ”J (3.16)
)

Now taking the first derivative of (3.14) with respect to time, and recognizing that

C,=C,=0, i =@ XA, and 7, = @, X7 then
@ XF + @) XFy +73 =0 (3.17)
Again taking the components of (3.17), the piston axial velocity is given by,
P =a\n sin@+ayr sinp (3.18)
and the connecting rod angular speed by,

_ __“:12’10:’)‘;;‘9 (3.19)

Now taking the second derivative of (3.14) with respect to time, and recognizing that
again C:‘O =ép =0, and now A = @ X@ X7, and F, = @), X @, Xy + @, X7 then

@ X @ X + @y X @ X + 0 XF + 73 =0 (3.20)
From the components of (3.20), the piston axial acceleration is given by,

r =aJ|2r| cos6’+mzzr2 Cos@P+apry sin@ (3.21)
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and the connecting rod angular acceleration by,

(qzq sin0+(u§r2 sin @ (3.22)

oH =
2 rycos @

The acceleration of the center of mass of the connecting rod is given by,

Qe = Ay x i+ Acm, y ] (3.23)
SAXDAXG+A) XD XPp+0) X p
which yields,
Ao x = —cqzq sin 0—(1)22psin @+ 0ppcos P (3.24)
and
Ao,y =a42r1 cosf+ w%pcos¢+a2psin(o (3.25)

From here on the piston axial position will be referred to as yp, the piston axial

velocity as Vpr and the piston axial acceleration as ap.

3.3.5 Piston Eccentricity

The piston eccentricity — transverse position relative to the cylinder center axis —

is described by the eccentricities at the reference points shown in Figure 3.7,
e T: top of piston
e B: bottom of piston
e Z: piston center axis

Once these primary eccentricities are known, the eccentricities at different piston

levels can be calculated. Figure 3.8 shows a translated and tilted piston, confined within



the cylinder liner. The eccentricity at the top of the piston is given by e;, the eccentricity
at the bottom of the piston is given by e, and the eccentricity (translation) along the
wrist-pin is given by e,. These can be used to derive the eccentricities at the top and
bottom of the second land, ¢j; and ey, at the center of gravity, e, at the top and bottom

of the skirt, e, and ey, at the piston pin level, e,,, and the piston tilt, S.

ey =6 —%(e, —ep) (3.26)
p
elp =€ ‘%(er ~ep) (3.27)
» |
Y
€cg =€ —T_IC-E-(e, —e) (3.28)
p
H,-L
ey =e — I’; (e;—ep) (3.29)
P
ep=¢ep (3.30)
e,=e —yﬂ( —ep) (3.31)
p=a" gy € —¢ .
pP
B=sin"} [e' "eb]s % (3.32)
HP HP

All these quantities are functions of time, and are extremely important although
very small, since their evaluation allows for the estimation of the hydrodynamic and

contact forces and moments and ultimately the piston performance.
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Figure 3.7: Reference points (a) in the Xp-Yp plane and (b) in the Xp-Zp plane

¢ %

MAJOR THRUST ' MINOR THRUST

Cylinder
Bore

(a) (b)

Figure 3.8: Eccentricity in (a) the Xp-Yp and
(b) the Xp-Zp planes with respect to the cylinder center line
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3.3.6 Equations of Motion

In order to calculate the piston eccentricities described in Section 3.3.5 the

equations of motion for the piston assembly have to be derived. Figure 3.9 shows the free

body diagrams of the piston-connecting rod assembly in the Xp-Yp-Zp coordinate

system. The system is tilted by an angle y from the vertical. This angle represents the

cylinder bank angle in the case of V-engine configuration. The forces are:

* Fgy

mpy

°
g

[ ] [ ]
i
=

E

[ ]
o 2T
(]

p.
[ ] ny

combustion gas force in the Yp-direction

piston weight component in the Yp-direction

piston weight component in the Xp-direction

piston inertia in the Yp-direction

piston inertia in the Xp-direction

piston inertia in the Zy-direction

friction force in the Yp-direction: sum of hydrodynamic shear, Fyp,

and contact friction, Ff.

e F, force in the Xy-direction: sum of hydrodynamic and contact forces,
Fpyand F,
e Fy, force in the Zp-direction: sum of hydrodynamic and contact forces,

Fp, and F_,, hydrodynamic shear and contact friction forces, Fg, and
Ff.,, and wrist-pin friction Ff,,

pwx
wy

wy
wx

°
o o

°
Shq 5”1

£

[ J
0 R
2

X

reaction at the piston-wrist-pin interface in the X-direction
reaction at the piston-wrist-pin interface in the Yp-direction
wrist-pin weight component in the Y-direction

wrist-pin weight component in the X,-direction

wrist-pin inertia in the Y p-direction

wrist-pin inertia in the Xp-direction

reaction at the wrist-pin-connecting rod interface in the Xp-

direction

Fpyy

reaction at the wrist-pin-connecting rod interface in the Y-

direction

° Fmry

Fmrx

F iry
F irx

connecting rod weight component in the Y-direction
connecting rod weight component in the Xp-direction
connecting rod inertia in the Y-direction
connecting rod inertia in the Xp-direction
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e F,  crankshaft reaction force

e M;. piston inertia moment

e M,,q connecting rod inertia moment

e M, moments about wrist-pin: sum of hydrodynamic and contact
moments, My, and M., , hydrodynamic shear and contact friction
moments, M, and M,,, and wrist-pin friction moment, My,

The equations are derived from Newton’s second law of motion and the
conservation of angular momentum. The following derivations assume a rigid connecting

rod and wrist-pin. Also, the crankshaft reaction force F, is assumed to be collinear with

the connecting rod axis. Clockwise moments are positive.
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Figure 3.9: Piston-connecting rod assembly free body diagrams
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3.3.6.1 Piston

Sum of forces in the Xp-direction,
F}px+Fmpx +F}x+prx =0 (3.33)

Sum of forces in the Yp-direction,
Fipy + Fmpy + ng + ny + pry =0 (3.34)

Sum of forces in the Z-direction,
Fy, +F, =0 (3.35)

Moments about the wrist-pin,

Mip+M; = Fgyx,yp +(Fipy +Fmpy)(xcg ~Xp ) +(Fipx + FmPX)(pr = Yeg ) =0(3.36)

' where,
Fy=F +F, (3.37)
ny =thy+Fny (3.38)
Fy = Fyy + Foy + Fpyyy + Fp, + Fp, (3.39)
M,=M,,Z+Mcz+Mfz+Mfwz (3.40)

3.3.6.2 Wrist-pin:
Sum of forces in the Xp-direction,

—prx +F o+ Fy +Fpy =0 (3.41)
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Sum of forces in the Yp-direction,

~F oy + Foy + Fipy + Fyy =0 (3.42)

3.3.6.3 Connecting Rod:
Sum of forces in the Xp-direction,
—Fypx + Fypy + Fyppe + F,sin(—) =0 (3.43)
Sum of forces in the Yp-direction,
—Fyry + Fipy + Fpypy + F; c0s (—9) =0 (3.44)

Moments about O,

M 5q +Frwy QSin(_(o)—Frwx R COS(—(D)

_ (3.45)
—(F,-,y + F,,,,y)psm(—(o)+(F,-,x + Fppy ) peos(-¢) =0

Equations (3.33), (3.34), (3.41), (3.42) and (3.45) can be rearranged and

combined into one equation yielding,

+ Fiyy + Fpupy + Fy + Fgy + Fp, ) ry sin(@)

_(F}px+F;'wx+Fmpx+mex+Fh.x+ch)’2cos(¢) (3.46)

Mrod + ( F}py

—(Firy +Fmry)psm(—¢)+(ﬁ'rx +Fmrx)pcos(¢)=0

Now (3.35), (3.36) and (3.46) will be the basis for solving for the piston
secondary motion. The forces constituting these equations are as follows: The

combustion force is given by,
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_ 2
Fg), = Pg 7R

where Py is the combustion gas pressure.
The weight component forces are given by,
Fppx =my, gsiny
Fopy =my, gcosy
Fonyx =my,, gsiny
Fopx =my, gcosy

Foppx =my gsiny

Fopyxe =y g COSY

(3.47)

(3.48)

(3.49)

(3.50)

(3.51)

(3.52)

(3.53)

where my, is piston mass, m,, is the wrist-pin mass and m, is the connecting rod mass.

The inertia forces are given by,

F;'px =-my écg
Fipy=-mpa,
Fiyx =—m,, Ep
Fiyx =—my, ap
F; a

irx =My ey
F a

irx = My e, y

The inertia moments are given by,
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(3.55)

(3.56)

(3.57)

(3.58)

(3.59)



M, =-1,p (3.60)

M, =100 (3.61)
where I, and 1, are the second moment of inertias about the Zy-axis of the piston and

connecting rod respectively.
In the above equations the secondary motion accelerations are given by the time

derivatives of the secondary motion velocities,

. 1., Yeg,. .
€ce =E(e, - Hci (& —ép) (3.62)
. 1., )y .
ép =—A-t-[e, —HL:(e, —ép )) (3.63)
. 1(é-é
=—| == 3.64
pealict) oo

where At is the time step. For a four stroke engine running at N revolutions per minute

the time step for each crank angle is given by,

1
At =— 3.65
6N ( )

The hydrodynamic and contact forces and moments, as well as the shear and
contact friction forces and moments, are all functions of the piston secondary motion.
Their relationship will be described in detail in the following sections. All these

constitute a highly non-linear problem with three equations, (3.35), (3.36) and (3.46), and

six unknowns, &, €, €,, €, €,, and &, . In order to solve for the secondary motion, the
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secondary velocity at the current time step has be equal to the time derivative of the

piston eccentricity at the current time step relative to the previous time step. That is,

6 _ 6-1
& = % (3.66)

ég % "% (3.67)

f=fa% (3.68)

These now complete the system of equations which can be solved iteratively for the six

unknowns using the Newton-Raphson method.

3.4 Hydrodynamic Pressure

In order to calculate the hydrodynamic pressure developed at the skirt surface, the
standard Reynolds equation is used despite the fact that in some of the previous efforts
the average Reynolds equation proposed by Patir and Cheng [54] is used. This equation
accounts for the effect of surface roughness on the pressure. The scope of this
dissertation, though, is to develop a new model which considers piston translation along
the wrist-pin. Since it has already been shown in literature that the average Reynolds
equation can yield better results, it can be easily implemented with minimal programming
effort later on. The standard Reynolds equation employed in the current model is of the

form,

o(mnop) a(rap) 1. on oh )
=—| e, — — |+h 3.69
axs[12,u ast+ays[12/l dys | 2 “ axs”” ady; * (369
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with,

P,=P on I (3.70)

where Py, is the hydrodynamic pressure, 4 is the oil film thickness, h is the squeeze film

velocity, and P is the pressure on the boundary, I', which is set to zero gauge. It should
be noted that the physical wedge term, the first term on the right-hand side of the
equation, includes the effects of both the axial velocity of the piston and the velocity
along the wrist-pin.

This equation is solved via the finite element method (FEM) as described in [50,
49]. FEM is chosen rather than the traditional finite differences method (FDM) as it
allows for direct mapping of pressure and skirt deformations from the 2-D skirt mesh
(Figure 3.5) to the 3-D piston mesh. This eliminates the numerical error that would arise
from the interpolations between the finite difference grid and the finite element mesh. It
can be argued that the finite element mesh can be too coarse to obtain an accurate
solution for the Reynolds equation. Panayi [49] showed that by controlling the mesh size
with finer mesh on the skirt surface and coarser elsewhere on the pistc;n, the
hydrodynamic pressure can be eQaluated within desirable accuracy. Of course there is a
trade-off here between accuracy and computation time, a dilemma that researchers
always face.

Equation (3.69) is .solved for both the major and minor thrust sides at each
iteration step assuming fully flooded lubrication conditions. The half-Sommerfeld
condition, (3.71), is applied to the calculated hydrodynamic pressure, as conventional
lubricants used in internal combustion engines cannot withstand negative pressures and

cavitate.
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B,=P,-z(R)

where y(B,) is a switch function,

(n)={1 ¥ B0
A%)=V0, if B,<0

3.71)

(3.72)

In the case that hydrodynamic lubrication is considered at the second land, the

same equation, (3.69), is solved on a uniformly generated 2-D finite element mesh

(Figure 3.10) of the land. In this case the deformations at each node are interpolated from

the 3-D piston solid mesh. The boundary conditions applied to the Reynolds equation

when solving for the second land lubrication pressure are,

Y f

Y

P,(y;=0)=P (3.73)
B,(yp=0)=P (3.74)
P,(6, =0)=F, (6, =2x) (3.75)
/
/!
90 180 270 36C

6, [deg.]
Figure 3.10: Second land mesh, 4 x 90 elements
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3.5 O0il Film Thickness

As the eccentricities (Figure 3.8) are much smaller than the skirt length the oil

film thickness can be approximated by,
h=c —[est +(egp — ey )-};—’]cos 6, —e,sinb,+3,-6,-6,-5, (3.76)

where ¢ is the nominal piston to cylinder bore clearance, J, is the cylinder bore
deformation, J; is the skirt deformation, d,, is the contribution to oil film thickness due to
piston ovality if any, and j, is the skirt profile height.

The cylinder bore deformation is assumed to be constant over the cycle. The
hydrodynamic and contact pressures developed at the interface between the skirt surface
and the cylinder bore have negligible effect on it. The cylinder bore deformation is
supplied as input data either from experimental measurements or from finite element

analysis of the cylinder block. This allows for a shorter computation time. J,. is positive if

the cylinder deformation increases the piston to cylinder bore clearance (Figure 3.11).
The cylinder bore deformation is interpolated at each crank angle for each skirt node

from the supplied data as shown in Figure 2.15.

Figure 3.11: Schematic of cylinder bore deformation
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The skirt deformation, Jg, includes the deformations induced on the skirt by the

thermal expansion, the combustion gas pressure, the piston inertia, and the hydrodynamic
and contact pressures. Given the 3-D deformation components of a node the deformation

in the radial direction is obtained by,

Og =y cos(Bp

)+u,sin(6),) (3.77)
where u, and u, are the deformation components in the X, and Z, directions

respectively. The skirt compliance described in Section 3.2.1 is used here to calculate the
contribution of hydrodynamic and contact forces to skirt deformation.

The skirt profile height, J,, is the offset of the skirt surface from the nominal skirt

diameter. The interested reader is referred to Chapter 6 for a detailed description of skirt

profiles. The skirt profile ovality, J,, is described in Section 2.2.15 and it is usually

calculated by (2.2).

3.6 Squeeze Film Velocity

It should be noted that in (3.76), ey, ey, €, ds and J. are all functions of time.

The squeeze film velocity is then given by,

h= —[és, +(ésp — gt )y—l:‘] cos @, —¢,sin@, + 5, - &, (3.78)
where,
. 50 _50—1
o.=%c "% 3.79
- v (3.79)

78



_o0-s

Y (3.80)

3.7 0Oil Dynamic Viscosity

The oil dynamic viscosity, 4, is an important parameter in the Reynolds equation
as it can vary with temperature, pressure, or both. In this work the viscosity is assumed to
vary with temperature but be invariant to pressure. The Vogel law [69] is used to evaluate
the oil viscosity at the interface between the piston skirt and the cylinder bore. The piston
temperature is found to decrease along the skirt length, being higher at the top. In a
similar way, the temperature of the cylinder bore decreases from top to bottom.
Consequently the oil temperature, T,;, in the interface is taken as the average of the two
temperatures. The piston temperature is taken from the piston thermal finite element
analysis. The cylinder bore temperature, like the cylinder bore deformation, is supplied as
input data either from experimental measurements or from finite element analysis of the
cylinder block. Both of these temperature distributions are assumed to be constant over

the cycle. The viscosity is thus given by,

U= luref e_’( (T()il —Tref) (381)

with,

. log(42/m)

3.82
-1, (3.82)

Here Ty, T,, u;, and pu, are the low and high oil temperatures respectively. Their

corresponding viscosities are found in the oil data sheets supplied by manufacturers.
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These viscosities are usually for temperatures of 40 °C and 100 OC. Tp is the oil

temperature in the engine oil sump and its corresponding viscosity.
pe g P Href ponding y

3.8 Hydrodynamic Forces and Moments

Once the hydrodynamic pressure is calculated via the Reynolds equation, then the
hydrodynamic forces and moments that contribute to the equations of motion can be
calculated. The normal hydrodynamic pressure is split into components (Figure 3.12) to

calculate the contributions in the Xp and Zp directions.

Figure 3.12: Components of pressure on skirt surface

The hydrodynamic forces acting in the X, and Z, directions are given by,
p g

Fyx = [[ Py cos 6, da (3.83)
A

A
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Fy = ([ B, sin6, dA (3.84)
A

S

where dA is the infinitesimal skirt area, given by,

dA=Rd6), dy (3.85)
The hydrodynamic moment about the wrist-pin is given by,

My, = [[ B cos6),-(yup—(H, —L)-ys )dA (3.86)
A

)

The hydrodynamic shear developed on the skirt or land surface can be evaluated

_H¥p B
h 29y,

T= (3.87)

The hydrodynamic shear force and the hydrodynamic shear moment about the

wrist-pin are then given by,

Fp= j’ j rdA (3.88)
A

)

Mg, = [[7:(X x4y )dA (3.89)
AS

3.9 Contact Pressure

As the piston travels laterally within the cylinder bore, the oil film thickness can
become very small, thus allowing for possible solid-to-solid contact. The magnitude of

the pressure arising by this contact is calculated via the Greenwood-Tripp model [19],
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which assumes that both contacting surfaces are rough with their height distribution being

Gaussian. The contact pressure is given by,
Pc(h)=KE'F5/2(H0) (3.90)

with,

K =Mz(n§a)2 \/% (3.91)

15

Here, 5 is the asperity density on the skirt, ¢ is the asperity radius of curvature on the

skirt, and o is the composite standard deviation of asperity height distribution, given by,

0'=\/0'|2 +03 (3.92)

where o) and o, are the standard deviations of asperity height distribution for the piston

skirt and cylinder bore respectively.

The composite modulus of elasticity, E’, is given by,

(3.93)

with E; and v; being the modulus of elasticity and the Poisson ratio of the piston
respectively. Similarly, E; and v, are for the cylinder liner.

The normalized oil film thickness, H, is given by,

(3.94)

The function F,5(Hy) is the Gaussian distribution of asperity heights. In order

to avoid the numerical integration of this function at each iteration step, it is
approximated beforehand with an exponential function, as follows,
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2

q +C2H0-+C3H20- +eg H0-<4.0

F2.5(H0')= l+C4HO-+CsH0-
0 H, 240

(3.95)

A more detailed explanation of the Greenwood-Tripp model and on the

approximation of F; 5(Hy) can be found in Chapter 4.

3.9.1 Contact Forces and Moments

The contact pressure is split into components like the hydrodynamic pressure

(Figure 3.12) to obtain the contributions in the Xp and Zp directions.

The contact forces acting in the X, and Z,, directions are given by,

Foe = [[ P, cos8), da (3.96)
AS

F, =[[ P. sin6, dA (3.97)
A

A)

The contact moment about the wrist-pin is given by,

M, = ([ P. cos8,-(yup—(Hp—L)-ys)da (3.98)
A

s

The friction developed due to the contact of the piston skirt with the cylinder liner

is calculated via the Coulomb friction model as,

Fr. =-sign(v,) [[ s P.dA (3.99)
A

b}
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where yy is the coefficient of friction between the piston skirt and the cylinder liner.

Similarly the contact friction moment about the wrist-pin is given by,

M ;. =sign(v )H,ufP X, ) dA (3.100)

3.10 Wrist-pin Friction

The reaction loads developed at the wrist-pin interface result in the generation of
frictional moments and forces. At the interface, complex lubrication conditions exist.
Specialized computational models are used to investigate the wrist-pin lubrication. In this
work it is assumed that the friction developed at the wrist-pin obeys the Coulomb friction

model. The friction moment generated about the wrist-pin is given by,

Ny d
Mg, = —s:gn(ﬂ)ﬂ 2“’ 1/FEWM+F§,‘,), (3.101)

where u,, is the wrist-pin friction coefficient, and d,,, the wrist-pin diameter.

The friction force in the Z,-direction is given by,

Ff, ==5ign(é,) | Faux + Fpy (3.102)

3.11 Wear

The wear on the skirt is calculated using the Archard wear model [3], which

relates the volume of material removed to the ratio of the contact work, F. §, to the

material hardness,
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F.S

V=K,

(3.103)

Here, V is the volume of material removed, F, is the normal contact force, S is the
distance moved by the skirt, H is the skirt material hardness, and K, is the skirt wear

coefficient. Expressing the model in infinitesimal values yields,

P.dA)dS
dV=dAdhw=Kw(—C—)— (3.104)
from which the height of material removed, h,,, can be obtained as,
K
hw=j7WPc ds (3.105)

3.12 Numerical Procedure

The equations of motion describing the piston secondary motion constitute an

initial value problem for a system of non-linear second order differential equations in e;,

ep, €, €, ép, and é, with respect to time or crank angle, as the crank angle is directly

proportional to time. The equations of motion derived in Section 3.3.6 can be put in a
functional vector, f R®, of the form,

f=0 (3.106)

where,

fi=M, 4 +(F,-py + Fiyyy + Fpupy + Fppyy, + Fy, +ny)r25in(go)

_(F"PX'FF}WX"'Fmpx+mex+th+ch)PQCOS(¢) 3.107)

_(Firy +Fmry)pSin(_(o)'*'(F}rx+Fmrx)pcos(¢)=O
f2 =F}pz+th+FCZ+FﬂIZ+FfCZ+FﬁVZ=0 (3.108)
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=My + My, + M +M g +M s — Foox,, +(F,

ipy * Fmpy)(xcg _XWP)(3.109)
+(Fipx + Fonpee ) (Yp = g ) =0

6 _ _6-1
h#ﬁ%:g (3.110)
6 _ 6-1
fs=ef -2k A‘;” =0 G.111)
g €0 —ef!
fe=¢; ——‘—‘—-A =0 (3.112)
t

In order to solve for the six unknowns the Newton-Raphson method is employed.

The implementation of the Newton-Raphson algorithm is described in detail in [16] and
will not be repeated here. In brief, given the vector x=[e,, e, €5, €, €p, €, ]T , the

solution to the system of equations in (3.106) is found iteratively via,

x&ntl —x0n_ 5 y-lg (3.113)

where 8 is the time step, n is the Newton-Raphson iteration, and 4 the Newton step
calculated by the algorithm in [16]. It is calculated such that it ensures global
convergence of the methodology. J is the Jacobian matrix of vector f relative to the

unknowns given by,

J=[%] i,j=12,...,6 3.114)
axj

In order to start the Newton-Raphson iteration, an initial guess is required for
vector Xx. To start the simulation it is assumed that all the values are zero, (x = 0); that is,

the piston is stationary exactly at the center of the cylinder bore. After the first time step

86



the converged solution for the previous time step is taken as the initial for the current

time step (x0,0 = xe"l,converged ).

Once x is available the transverse accelerations, €, éb, and éz can then be

calculated at each Newton-Raphson iteration via numerical differentiation as,

.10 . 16,n+l . Y6-A80

€ 1 € €

é =—]<e —leé (3.115)
b At .b .b

é é é

Z

Also similar to x vector the hydrodynamic and contact pressures are assumed to
be known at the previous time step and are used as an initial guess for the current time
step. To start the simulation again they are set to zero. With this information available, all
the forces and moments comprising (3.106) can be calculated.

The solution is achieved via three iterative loops, one for periodicity of piston
secondary motion, one for the hydrodynamic and contact pressures, and one for the
dynamics (Figure 3.13). Within the dynamics loop, first the axial dynamics are evaluated,

Yp» Vp» Gps 95 02, e, x and agyy y, at the current time step. Then the oil temperature, Ty,
and the cylinder bore deformation, ., are evaluated at the current piston position. The
skirt deformation, dJg, is also calculated with the combined effect of combustion gas

pressure, piston thermal expansion, piston inertia, and hydrodynamic and contact

pressures. Now from all these the oil film thickness, h, and the squeeze film velocity, h,
are calculated. This allows for the evaluation of the hydrodynamic and contact pressures,
and ultimately of all the forces and moments in (3.106). Also, by evaluating the

transverse accelerations via (3.115), the transverse inertias are calculated. The piston
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transverse position is calculated via the Newton-Raphson method, (3.113). The procedure

is repeated until the solution of x is within the given tolerance usually 0.01, that is,

||x0,n+l _xO"

"xa,n+1 "

Convergence is relatively fast within 2 to 5 iteration steps, except in the cases

<0.01 (3.116)

where the hydrodynamic and contact pressures are very high. This is usually around
firing or for very small piston-to-cylinder liner clearances. Once the values of the
transverse velocities that satisfy (3.106) have been found, the hydrodynamic and contact
pressures are checked for convergence within the pressure loop. The present solutions of
the hydrodynamic and contact pressures are checked with the ones from the previous
pressure loop step. If they have not converged within reasonable tolerance, the pressures

are adjusted via underrelaxation,

Pe =BP* v (BPK - pOA) (3.117)

where k is the pressure iteration step, and @, € [0.05, 0.5] is the underrelaxation factor.

This factor is adjusted within the pressure loop by monitoring the pressure convergence.

Once the hydrodynamic and contact pressures have converged, the simulation moves to
the next time step. This is repeated for the whole cycle, &€ [0, 47].

Since the internal combustion engine is a cyclic device, the above procedure can
start from any crank angle. The calculation can appropriately be started at the middle of

the intake stroke, where the piston inertia is minimal and the combustion gas pressure is
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relatively low. Also the initial guess for the transverse positions, velocities, and
hydrodynamic and contact pressure should have no effect on the solution. However for

simplicity all of them are set to zero,
x?=0=0 (3.119)
pP=0=p9=0-o (3.120)

Furthermore, the final solution of all the forces and moments experienced by the
piston should be periodic. This is ensured by the periodicity loop. After the second cycle

the piston secondary is checked for periodicity,

6 — x0+47t

X (3.121)

Once (3.121) is satisfied within reasonable tolerance, this guarantees that all the
forces and moments experienced by the piston are also periodic and the whole procedure
is stopped. It has been observed that periodicity is usually achieved between 3 and 5
cycles depending on the magnitude of the hydrodynamic and contact pressures developed

on the skirt and engine speed.
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Figure 3.13: PIFEAD flow diagram

90



3.13 Remarks

The piston dynamics numerical model, PIFEAD, can be used to predict piston
axial and secondary dynamics, hydrodynamic and contact forces, piston deformation and
piston wear.

The model can also be used to investigate how piston geometry, piston stiffness,
skirt profile, wrist-pin offset, lubricant viscosity, piston-to-cylinder bore clearance and
cylinder bank angle affect piston dynamics and ultimately piston performance.

It can be used to assess new designs or troubleshoot existing ones. Examples of its

applications are presented in Chapters 5 and 6.
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CHAPTER4. APPROXIMATION OF THE  ASPERITY
CONTACT PRESSURE

4.1 Introduction

The load carried by asperity contacts is a very important quantity when
performing elastohydrodynamic analyses in the mixed-lubrication regime. The
Greenwood-Tripp model for the contact of two nominally flat rough surfaces is
traditionally used for the evaluation of these loads. In this model, it is assumed that the
asperity heights follow a Gaussian distribution, thus the load carried by the asperities can
be evaluated by the integration of a nonlinear function that relates tile surface separation
with the asperity height distribution. In order to avoid the computational burden of
integrating this function numerically, several approximations have been proposed in
literature.

In this chapter the quality of two of these approximations is examined: a power
law approximation and a sixth order polynomial approximation proposed in research
efforts for the lubrication analysis of piston rings. The lack of fit for these two
approximations is identified and in turn a new exponential approximation is proposed
with the coefficients derived via the method of least squares. This new approximation
exhibits a better fit over the entire range of the tabulated values for the asperity height
distribution integral provided by Greenwood and Tripp. The computational cost of this

approximation is also found to be acceptable. It is the approximation used in PIFEAD.

92



4.2 Background of the Greenwood-Tripp Asperity Contact Model

Greenwood and Tripp [18] described the surfaces of sliding solids to be “as
complex as the surface of the earth and, indeed, geometrically rather similar to it.”
Consequently they recognised that contact cannot be described by exact mathematical
equations; rather, it needs to be modelled. They extended a previous work by Greenwood
and Williamson [20] to develop a model for “the contact of two nominally flat rough
surfaces.” In their work they noted that the contact geometry is such, for broken-in
surfaces, that elastic contact occurs. Also, they stated that the distribution of asperity
heights is very close to Gaussian. This is not necessarily the case for worn surfaces, but in
contact the effect is still Gaussian as the asperity heights of the parts of the surface that
do not touch are not considered. With all this information available, they developed a
model for the load carried by asperity interaction of two rough surfaces. They concluded
that as long as the asperity height distribution is Gaussian, the mode of deformation,
plastic or elastic, the asperity shape, spherical or conical, and whether the asperities are
found on one or both surfaces are all unimportant.

The Greenwood-Tripp model gained vast popularity in the field of
elastohydrodynamic analyses. However, it posed a computational burden, as it required
the numerical integration of the Gaussian distribution. Greenwood and Tripp provided
tabulated results for this integral over its effective range. This allowed for the
approximation of the integral with simpler functions.

In recent years Hu et al. [23] and Arcoumanis et al. [4] archived approximations
for those tabulated values while investigating the mixed lubrication of piston rings. The

first proposed a power law approximation, whilst the latter proposed an approximation by

93



a sixth order polynomial. These approximations were used in subsequent research efforts
[12, 1]. They seem to represent the model adequately, but an investigation on the quality

of the approximation suggests otherwise.

4.3 The Greenwood-Tripp Model Equations

The theory and development of the Greenwood-Tripp (GT) model are extensively
described in [18] and will not be repeated here. Rather, the final equations will be given.

Consider two rough surfaces (Figure 4.1) separated by a gap, h. The normalised gap, H,

is given by,
h
Bl 4.1)
e

where o is the composite standard deviation of asperity height distribution, given by,

O’=\/O'12 +a§ 4.2)

with ¢ and o, being the standard deviations of asperity height distributions on the two

SURFACE 2 | 02

surfaces.

SURFACE 1
Figure 4.1: Gap between two rough surfaces
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The load, P, carried by the asperities is then given by,
P(h)=KE'F5/2(Ha) (4.3)

with,

‘1?5/_ #(nBo) \g (4.4)

Here, 7 is the asperity density and S is the asperity radius of curvature on the surface of
interest.

The composite modulus of elasticity, E’, is given by,

E=—Tl "2 (4.5)

with E; and v}, being the modulus of elasticity and the Poisson ratio of the material of

surface 1. Similarly, E, and v, are for the material of surface 2.
The function Fs/p (Hg) is the integral of the Gaussian distribution of asperity

heights and is given by,

/2 2 gy (4.6)

F5/2 \/——IH a

It is clear that (4.6) does not have a straightforward analytical solution. It has to

be either evaluated numerically, or approximated. Greenwood and Tripp [18] provided

tabulated values for Fs/; (H) for discrete values of H, (Table 4.1). These values have

been used to derive approximations for Fs/, (Hy).-
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Table 4.1: Tabulated values for (4.6)

Hg Fs;(Hy)
0.0 0.616 64
0.5 0.240 40
1.0 0.080 56
1.5 0.022 86
2.0 0.005 42
2.5 0.001 06
3.0 0.000 17
35 0.000 02
4.0 0.000 00
>4.0 0.0

4.4 Approximations

4.4.1 Power Law

Hu et al. [23] proposed a power law approximation for Fs/; (H ) in the form of,

A(40-Hy)* Hy<40
0 Hy24.0

Fsj»(Hg) ={ 4.7)

where A=4.4068x10"> and Z =6.804 . From here on the proposed approximation by

Hu et al. will be referred to as HU.

4.4.2 Sixth Order Polynomial

Arcoumanis et al. [23] proposed a sixth order polynomial for the approximation

of FS/Z(HO')’
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CeHS +CsH) +C4Hy + C3H 4 <40
o <4
Fsj2(Hg)= +CHE+CH 4 +C, (4.8)

0 H, 240

where  Cp=06167, (;=-1.0822, C,=80203x10"', C;=-3.1933x107",

C; =7.1624x107%, C5=-8.5375x107>, and Cg =4.2074x107*. From hereon the

proposed approximation by Arcoumanis et al. will be referred to as AR.

4.4.3 Proposed Approximation
After investigating the quality of the above approximations, as discussed in the
subsequent sections, an exponential approximation for Fs/; (Hy) is proposed that

provides a better universal fit to the data of Table 4.1. The approximation is of the form,

2

ex Cl+62H°'+C3H,f +cg Hyz<4.0
Fs3(Hg)= 1+cyHy+csHS
0 Hy 240

4.9

where the coefficients, c;, are obtained via the least squares method as,

c; =-0.4834813
¢y =- 1.6510542
¢3 = 0.0603879
c4 =-0.1926383
cs=0.0161564
c6=-3.6x 106

From here on the proposed approximation will be referred to as PR approximation.
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4.5 Comparison of the Approximations
4.5.1 Quality of Fit

In order to assess the quality of the fit the residuals, the standard deviation of the

error, and the standard and adjusted coefficients of determination are considered.
For a set of data y € R"? , approximated by §, the residual ¢ is given by,
E=y-Yy (4.10)
The standard deviation of the error, &, is given by,

€T£

ng —np

b= @.11)

where ng is the number of data values and ny, is the number of regression coefficients in
the approximation function.

The coefficient of determination, R2, is given by,

R2=1-—%¢ (4.12)

where ¥ is the arithmetic mean of the data values. However, the R? value increases as

the number of regression coefficients increases. A better estimate can be obtained via the

adjusted coefficient of determination, RZ, which corrects for the number of regression

coefficients,

R§=1—”d—"(1—R2) (4.13)
ng —np
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Table 4.2 shows the statistics used to assess the quality of the approximations. In

general a good approximation is expected to have an R3 greater than 0.9 and a relatively

low & . Consequently Table 4.2 suggests that all three approximations are good, with the
AR and PR approximations prevailing with a perfect Rg. Looking at the plots for the

three approximations over the entire range of H, (Figure 4.2), the same thing is

observed. This is a good example of how the R? and Rg can be misleading. From the

graph in Figure 4.2 the HU approximation is lacking only in the range 0.0<H;<1.0,
whereas the other two seem to perfectly satisfy the data. However, considering

segmented ranges of Hg; (Figure 4.3), the real picture is revealed. The HU

approximation clearly under-predicts Fs/; (H) in the whole range of H being highly

noticeable in the range of H;2>2.0.

The AR approximation performs better in the range of H,;<3.0, however it
exhibits an oscillatory behaviour in the range of 3.0< H,;<4.0 and even predicts a
negative value around Hgy=4.0. The order of magnitude of Fs/p(Hy) can be

considered to be very low so the effect of these fluctuations can be negligible. However,
it should be noted that the load P, (4.3), is found by multiplying Fs/, (Hg) with the
composite modulus of elasticity, E”, and a constant, K. Thus, the effect on the load can
be noticeable and can lead to slow or even no convergence in the iterative solution of

problems involving elastohydrodynamic analyses in the mixed lubrication regime

utilizing such an approximation. Furthermore, the contact pressure cannot be negative.
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The newly proposed exponential approximation, PR, though, exhibits an almost

perfect fit to the data over the entire range of H . It satisfies all the tabulated data, and

asymptotically goes to zero at H;=4.0.

The residuals of the three approximations with respect to the tabulated values of
Greenwood and Tripp (Table 4.1) are plotted in Figure 4.4. These again show that the PR
approximation has the best fit, as the order of magnitude of its residuals is the lowest. The

AR approximation has very low residuals as well. However, these residuals do not

capture the oscillatory behaviour in the range of 3.0< H,; <4.0.

Table 4.2: Statistics for the three approximations

HU AR PA
g 2.609x102 |1.580x104 |1213x105
R* 10986 1.000 1.000
R? 10984 1.000 1.000
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Figure 4.4: Residuals of approximations of (4.6)

4.5.2 Computation Time

When performing elastohydrodynamic analyses, the contact model needs to be
evaluated several times, since the problems are nonlinear+and are solved iteratively over a
meshed domain. For example, in a piston dynamics analysis where the load developed at
the piston skirt surface due to contact with the cylinder bore needs to be calculated, the
contact model can be evaluated up to and even exceeding 100,000 times. These

evaluations can lead to high computation times. Table 4.3 shows a comparison of the
computation times for 10 000 evaluations of Fj /2 (H,) via the three approximations and
direct numerical integration of (4.6). These evaluations were performed in MATLAB

running on an Intel Core 2 Duo 1.66 GHz CPU. These results reemphasize the need of an
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approximation for Fs/, (Hg). It is obvious that direct integration of (4.6) can be very

expensive. The three approximations are in the same range, less than a tenth of a second
per 10 000 evaluations. The new proposed approximation lies in between the ones by Hu
et al. and Arcoumanis et al. In any case, considering its quality of fit described above, this

becomes the approximation of choice.

Table 4.3: Computation times

CPU time per 10 000
evaluations of
Fs2(Hg) Is]
HU 0.03125
AR 0.06250
PR 0.04688
Num. Integr. 111.96875
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CHAPTERS. PISTON DYNAMICS SIMULATIONS

5.1 New Generation Piston: A Comparison between 2-D and 3-D

Numerical Models

In this section, PIFEAD is used to model a new generation piston with
asymmetric thrust sides. The results predicted by the conventional 2-D piston dynamics
model (motion only in the thrust plane) and the new 3-D piston dynamics model that
considers translation along the wrist-pin described in Chapter 3 are compared. Here the
second land interactions with the cylinder bore are also considered. It is assumed that
pressures due to lubrication or scuffing have no effect on the second land deformation;
however, it deforms due to combustive, inertial and thermal loads. Only the second land
was chosen to be modeled as it is, traditionally, the land with the larger diameter. Thus it
is expected to have the most dominant interactions with the cylinder bore in the case of
insufficient heat dissipation. Of course if this happens it immediately implies that the

piston design needs further development.

5.1.1 Numerical Experiments

In this section theoretical results are presented for a gasoline engine under
simulated conditions. The engine geometry is based on the optical motored engine used
in [49].

The piston was designed by the author based on the dimensions of the engine’s

original piston. The specific piston features uneven thrust side areas, 2025.03 mm? for
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the major thrust side and 1775.25 mm? for the minor thrust side. Figure 5.1 shows the
meshed piston geometry and Figure 5.2 shows the skirt profile of the piston.

The engine was modeled in Ricardo WAVE to obtain combustive pressure traces.
Figure 5.3 shows the pressure trace at 1000 RPM, the engine speed used for the
simulation results presented in this paper. The beginning of the intake stroke is at zero
crank angle degrees.

The cylinder bore temperature and deformation distributions are shown in Figure
5.4 and Figure 5.5. Both of these are asymmetric. The temperature between 0 and 180
degrees is higher to simulate the effect of adjacent cylinders. The temperature drops
axially along the cylinder bore. The cylinder bore deformation is higher on the major
thrust side as loads are higher on that side. At the top of the cylinder the deformation is
more elliptical and becomes more circular and decreases in magnitude moving down the
cylinder bore.

Table 5.1 summarizes the engine and piston geometrical and material properties.

Figure 5.1: Piston mesh
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Table 5.1: Engine and piston properties

Geometric properties

Bore diameter

Stroke

Piston diameter
Piston height

Skirt length
Wrist-pin offset
Wrist-pin diameter
Second land diameter
Second land height
Cylinder bank angle
Connecting rod length
Piston ovality

Major thrust side area
Minor thrust side area

Masses

Piston mass
Pin mass
Connecting rod mass

Material and surface properties

Piston modulus of elasticity
Cylinder modulus of elasticity
Piston Poisson’s ratio
Cylinder Poisson’s ratio
Piston roughness

Cylinder roughness
Skirt/Land asperity radius
Skirt/Land asperity density
Piston/cylinder coefficient of friction
Skirt/Land hardness
Skirt/Land wear coefficient

Oil properties

Dynamic viscosity at 40 °C
Dynamic viscosity at 100 °C
Oil temperature in sump

Oil dynamic viscosity in sump

90.12 mm
90.60 mm
90.077 mm
50.00 mm
33.02 mm
-0.40 mm
15.00 mm
90.05 mm
3.35 mm

0.0 deg.
169.00 mm
-6.00 pm
2025.03 mm?
1775.25 mm?2

29632 g
90.96 g
755.14 g

69 GPa
100 GPa
0.33

0.21

0.23 pm
0.052 pm
1.48E+11 m2
0.39 pm
0.15

115 MPa
2.0E-7

102.40 cP
16.3 cP
80 °C
30.1cP
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In the following sections a comparison is made between simulation results
obtained via different piston dynamic modeling approaches. The model that considers
piston secondary motion only in the thrust plane is referred to as 2-D, and the one that
considers motion in the thrust and wrist-pin planes is referred to as 3-D. The models that
consider second land interactions with the cylinder bore are referred to as 2-D/Land and

3-D/Land.

5.1.2 Predictions by 2-D and 3-D Models

" The pin eccentricity (Figure 5.6) and piston tilt (Figure 5.7) are not significantly

different between the two models. The total side force on the piston in the Xp-Yp plane

(Figure 5.8) also shows almost no difference between the two models. This is expected,
as motion and side loads in this plane are mainly dominated by the combustion gas
pressure, connecting rod orientation and the inertia of the system.

Figure 5.9 shows the motion along the wrist-pin. The piston is constrained at the
center of the cylinder bore in the case of the 2-D model. However, in the case of the 3-D
model the piston moves away from the cylinder bore and oscillates in that position with a
mean value of close to -3 pm. This is the result of the asymmetric bore deformation in
conjunction with the uneven thrust side areas. The motion in this plane is not dominated
by combustion gas pressure, connecting rod orientation and the inertia of the system, but
rather by the hydrodynamic and contact pressures developed on the skirt. Close to and
after firing the piston experiences the highest loads, consequently the highest skirt

deformation, thus the motion becomes noisy as it is very sensitive to skirt pressures.
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Figure 5.7
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