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ABSTRACT

NUMERICAL SIMULATION AND MODELING OF A TURBOCHARGER COMPRESSOR
AND TURBINE TO IMPROVE AERODYNAMICS AND ACOUSTICS PERFORMANCE

By
Mekuannint M. Messele

Downsizing modern automotive engines poses a challenge to turbocharger designs. Turbocharger
compressors are required to provide a wide operating range with high-efficiency levels. The
compressors are equipped with either passive or active casing treatments (ACTs) to achieve this
goal. On the turbine side, the ever-increasing EGR flow into the engine demands an efficient scroll
design that addresses both the performance and packaging limits.

The present study conducts numerical aerodynamic and acoustic performance investigation of
a turbocharger compressor equipped with a dual-slot active casing treatment (ACT) to widen the
compressor’s low and high flow rate operating limits independently. The first slot (surge-slot),
positioned between the leading edge of the main and splitter blades, improves the surge margin
of the compressor. Similar to the widely applied self-recirculating casing treatment, the surge
slot removes stagnant fluid from the boundary-layer region of the inducer and delivers it to the
impeller inlet when the compressor operates near the surge limit. The second slot (choke-slot),
positioned downstream of the aerodynamic throat, increases the choke margin of the compressor.
A new combination of loss models is proposed to predict the compressor performance, providing
satisfactory results. A novel methodology is developed to estimate the full compressor map
from CFD results by incorporating Greitzer’s surge model. The compressor performance analysis
revealed that the choke-slot closed configuration resulted in an isentropic efficiency penalty at higher
compressor speeds. The efficiency penalty is addressed by optimizing the choke slot thickness to
reduce the mass flow recirculating in the channel.

On the other hand, the casing treatment provides an additional path for the unsteady compressor
flow, increasing the noise level of the compressor. In this work, acoustic analogies are used to

study the noise generated by different compressor casing treatment configurations. The transient



aeroacoustic simulations are completed for both a choke-slot closed design near surge and a choke-
slot open design near the maximum efficiency point. The simulation results revealed that the
broadband and blade passing frequency (BPF) noise levels in the inlet and exit pipes decreased as
the probe points moved away from the impeller.

Further, the double inlet turbine performance is assessed numerically at even and uneven turbine
inlet flows for three cases representing different engine operating conditions ranging from low load
to full load. The CFD setup in this study is validated by using nine experimental data points
with equal admissions at the two volute inlets. A significant amount of performance drop is
observed when the turbine operates at uneven turbine inlet flow cases. The performance drop is
more pronounced when the turbine operating point moves from low to high loads. Additionally,an
energy audit of the turbine assembly is completed by estimating the local entropy production rate at
eleven sub-regions. In all flow cases, the tip region losses dominate the impeller losses at even and
uneven flows. The volute flow is affected sharply by the mass flow imbalance across the turbine
inlets, most notably at high engine loads.

In the last section of this work, the impact of volute design geometric parameters on the
aerodynamic performance of the turbine with nozzle blades is explored by using a three-dimensional
computational fluid dynamics method. The volute tongue angle, tongue clearance, and volute
shape are assessed in detail to determine how they impact the turbine’s isentropic efficiency and the
pressure loss coeflicient of the volute. The numerical results show that the optimal tongue angle
is approximately 15° for single-scroll volutes. The study results also indicate that higher tongue
clearance improves turbine performance as it enhances flow development. Finally, symmetrical
cross-sectional shapes boosted the turbine’s aerodynamic performance in single-scroll turbines by

uniformly distributing the volute exit flow from the hub to the shroud.
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CHAPTER 1

INTRODUCTION

New tight exhaust gas emission standards [1, 2] has increased the need to downsize an engine.
Downsizing has additional advantages in minimizing the friction between the cylinder and pistons
improving the fuel mileage MPG (miles per gallon) of the engine [3]. Engine downsizing can be
achieved by decreasing the swept volume of the engine thereby, increasing the density of the air
intake to the engine keeping maximum power from the engine . Out of many vehicle air boosting
system options, the two extensively used devices are belt driven superchargers and turbochargers
as they provide a reasonably efficient and inexpensive solution [1].

Superchargers are engine-driven air pumps that provide a compressed air above atmospheric
pressure in doing so they improve the volumetric efficiency and air-fuel mixture of the engine.
Since the engine drives superchargers, the power gain from the use of them is counterbalanced by
a power used to drive them. On the other hand, turbochargers use the otherwise wasted exhaust gas
energy from the engine to drive the turbine which is connected to the centrifugal compressor by a
co-axial shaft.

Turbochargers are vital components of modern engines. They typically can be found in trucks,
buses, ships, rails, and industrial power sets. Coupled with inter-coolers they function similar to the
superchargers to increase air density with additional improvement on the resistance to detonation.
Figure 1.1 shows a typical diesel engine system with a turbocharger.

The turbocharger compressor driven by the turbine helps raise the airflow pressure before the
flow is admitted to the engine. The compressed air that leaves the compressor volute is guided to the
engine through exit pipes. Installation of an intercooler before the engine inlet helps further increase

the air density, assisting in the faster burn rate of the fuel in the engine combustion chambers.



— ﬂ _/_I .
Airfilter JC'/,‘ } T ﬂﬂe;ler\?;temenl
N\
g ECU
EGR

Aftercooler valve;{ %
EGR cooler

ﬂ Fuel tank
O

(2 ...

ot e

Figure 1.1: Schematic arrangement of the current state of the art turbocharged diesel engine [4]

1.1 The Turbocharger Compressor

Centrifugal compressors in turbochargers deliver pressured air to internal combustion engine
cylinders. A pressure differential between the inlet pipe and the compressor inducer causes fluid
to flow axially into the compressor impeller. Compressor rotors, driven by turbocharger turbines,
exert a force on the flow and increase its kinetic energy and pressure. The medium flow path
is changed from axial to radial direction when it passes through the impeller channels. Euler’s
turbomachinery equation governs the transfer of energy between the rotor and the flow medium. A

single stage centrifugal compressor configuration is displayed in Figure 1.2.
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Figure 1.2: Single stage centrifugal compressor with vaned diffuser [5]

Approximately 40% of the total input work will be carried out by the flow leaving the impeller
outlet into the diffuser inlet [6]. A further pressure boost occurs as the flow travels through the
vanless or vaned diffusers by converting some of its’ kinetic energy. Finally, the volute collects the
flow from the diffuser outlet and guides it into the engine cylinder through exit ducts. The volute
also converts some of the kinetic energy of the flow into static pressure.

The isentropic efficiency and pressure ratio values evaluate the compressor performance as the
flow medium passes between the compressor inlet and exit. The isentropic efficiency is calculated
by dividing the adiabatic compression work by the amount of work required to attain a given
pressure ratio. Figure 1.3 shows the h-s diagram of a centrifugal compressor stage with inlet,

impeller, diffuser, and volute components marked.
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Figure 1.3: An h-s diagram for Single stage centrifugal compressor with vaned diffuser [5]

There are two types of losses in centrifugal compressors: internal losses and external losses.
The internal losses refer to all losses that occur in the compressor’s internal passage from the com-
pressor inlet to the outlet. These losses include incidence, blade loading, skin friction, clearance,
mixing, vanless/vaned diffuser losses. External losses (parasitic losses) account for disk friction,
recirculation, and leakage losses. The various losses are estimated using several empirical correla-
tions, as summarized in Aungier [7] and Oh et al. [8]. The compressor stage total-to-total pressure

ratio can be calculated as:

I1=

v
(AhEuler_ZAhint)+l]7—1 (1.1)

where Ahg, ., 1S the change in enthalpy governed by the Euler equation and )| Ah;;,; represents
the summation of all internal losses. The total isentropic efficiency of the compressor stage is

calculated considering both the external and internal losses as:

n = AhEuler = 2 Ahipy
AhEuler + Z Ahext

(1.2)

where ), Ahey; represents the summation of all external losses.



1.1.1 Surge and Choke Limits

The operational range of a turbocharger compressor is bounded by the surge and choke limits. The
surge limit occurs due to an increased incidence angle of the flow at reduced mass flow rates causing
a partial or total flow separation. The flow separation from the blades induces a stalled region in

the impeller flow channel blocking the portion of the flow cross-section area.

Speed line

Pressure ratio

Corrected mass flow

Figure 1.4: Typical Compressor performance map

When a stall occurs in one channel, it passes to the next channel creating unsteady mass flow
fluctuations known as rotating stall. Rotating stall increases the vibration and noise level of the
flow and may lead to stage instability. When a compressor operates at a constant speed with
further reduction of mass flow rate, several components of the compressor stall. At this point,
the stable operation of the compressor is not possible because of an active flow reversal. This
phenomenon is known as stage stall. When the stage stall grows into a periodic and self-excited
mode, a system instability known as the surge is induced. The flow in compressor operating in surge
oscillates between positive and negative mass flow rate values leading to a complete breakdown of
the compressor operation. The blades in surge are exposed to severe periodic forces which could
damage the impeller blades and the whole compressor installation if immediate corrective actions

are not taken. Surge limit from experimental investigation or compressor model is placed on a



Figure 1.5: Boundary Layer Separation, the inception of stall cells [9]

compressor map by the compressor designer to avoid the compressor operate in a surge.

Up to now, there are no standardized criteria to define the surge point of a compressor at a
specified speed line. Different authors have proposed different criteria to restrict the surge point on
a characteristics curve. Fisher [10], proposed a criterion that limits surge point up to the positive
slope of the characteristics the compressor so that instabilities can be avoided. Based on his
experience of testing of a wide range of compressors, Fisher proposed the first sign of instability in
the system corresponds to a peak-to-peak fluctuation in the compressor inlet static pressure of 8%
of the mean inlet pressure [10].

The existence of surge can also be established from a local slope of the total-to-static pressure
ratio vs. mass flow rate compressor diagram at constant speed operation [11]. At mid to higher
flow rates, the slope of the diagram is negative (dPR/dm < 0) with no instability observed in the
compressor operation. At lower flow rates the compressor operation becomes unstable, and the
slope becomes positive. The operating point where the slope is zero (dPR/dm = 0) differentiates
the stable and unstable operation regions of the compressor map [12].

When the flow velocity at some cross-section of the centrifugal compressor reaches to the speed
of sound, choking occurs. At choke point, the flow attains sonic speed, and a further increase of
the mass flow rate is not achievable for a given rotational speed of the impeller. Choking occurs
at the narrowest area of the compressor, that is at the throat of the impeller inducer or the entry to
a vaneless diffuser or the throat of a vaned diffuser [12]. The choke point for a given speed line

is defined at 60% efficiency, and the accurate choke flow is a little to the right of this flow [10].



Choke line represents the locus of choke points at different compressor operating speeds.
Throughout the years, several techniques are developed by different researches to widen a cen-
trifugal compressor map width without significant efficiency and pressure ratio penalties. Variable
inlet guide vane [13, 14, 15], variable vaned diffuser [16, 17], and ported shroud [10, 18] are some
of the commonly used techniques. While variable compressor geometry options can enhance the
compressor map width efficiently, they have a drawback of cost and durability due to the elaborate
design of the system. Variable inlet guide vanes (VIGV) are also suspect to reduced efficiency

values at lower and higher mass flow rates because of increased throttling losses.

1.1.2 Shroud Casing Treatment

Passive ported shroud (PS) which is also termed as Map Width Enhancement (MWE) slot is the
most extensively used, effective and inexpensive casing treatment in turbochargers. PS introduced
by Fisher [10], has a cavity that provides a secondary fluid flow path from the inlet pipe to the
compressor inlet in addition to the main through flow. This cavity connects the compressor inlet
pipe to shroud area near to the leading edge of the compressor by a circumferential slot with
supporting ribs used to keep the cavity intact. The ported shroud extends the compressor surge and
choke limits by balancing pressure between the inducer and the compressor shroud near the inlet.
This ported shroud is open in all on and off design operating conditions which results in efficiency
and pressure ratios losses. At surge operation, a negative pressure gradient between the inducer and
the slot forces a re-circulation of the flow into the inducer stabilizing the flow at a lower mass flow
rate. At choke, a positive pressure gradient between the inducer and the slot ensures a flow through
the ported shroud increasing the choke limit of the compressor. Figure 1.6 shows a compressor

ported shroud operating at surge and choke.



Figure 1.6: Ported shroud operating at surge (A) and operating at choke (B)[2]

For transonic compressors impeller with splitter blades, the conventional single slot PS proposed
by Fisher [10] may not be useful in extending the choke capacity due to aerodynamic and geometric
blockages at the throat of the blade passage [19]. Shroud static pressure distribution for acompressor
operating near choke shows that downstream of the leading edge (LE) of the splitter blades,
a pressure gradient is observed which can be exploited to improve the choke capacity of the
compressor by inducing mass flow of the air through the ported shroud. However, positioning the
slot downstream of the LE of the splitter blades is not an ideal solution as it leads to efficiency loss
at near surge operation of the compressor.

Active casing treatment (ACT) also known as double port casing treatment is proposed by
different researchers [20, 21] to extend the compressor map using two ports with significant
efficiency penalty. The first slot of the ACT, known as the surge slot, is open at all operating
conditions. The surge slot is used to extend the surge margin of the compressor and is similar in
design to the conventional casing treatment proposed by Fisher [6]. The second slot, known as the
choke slot, opens when the mass flow rate of the flow is greater or equal to a preset value for a given
rotational speed of the impeller. The function of the choke slot is to connect the inlet pipe with the
area of the impeller just downstream of the splitter blade LE. The ACT design ensures the choke

and surge limits improved independently with minimized efficiency and pressure ratio trade-offs.



The surge and choke controls in action are demonstrated in Figure 1.7.

Surge control Fl

Figure 1.7: Active Casing Treatment System in Surge and Choke Operation [20]

Despite the advantages of casing treatments to widen the operating range, they are susceptible to
high-frequency noise due to unsteady flow in the additional fluid paths of the shroud slots, thereby

contributing to poor sound quality and decreasing the driver’s comfort level.

1.1.3 Compressor Noise

Many researchers inrecent years have studied noise created by centrifugal compressors; Evans
and Ward concluded the broadband ‘whoosh’ noise (also known as surge noise) in automotive
turbochargers operating near full load acceleration is due to the turbulence generated when the
compressor operates within or close to the marginal surge line [22]. Teng and Homco suggested
that the surge noise can be reduced by improving the surge margin using a negative pre-whirl at the
compressor inlet [23].

Raitor and Neise have studied sound generation mechanisms in centrifugal compressors to
identify tonal noise at blade passing frequencies, buzz-saw noise, and blade tip clearance noise
as the primary sources [24]. Despite many studies about centrifugal compressor flow acoustics,
the effects of the casting treatment on the turbocharger acoustics is not is investigated extensively

except experimental works by Dehner et.al. [21].



1.2 Turbocharger Turbines

The turbine stage of a turbocharger is connected to the engine by an exhaust manifold. The
exhaust gases from each cylinder are gathered in a bank based on an engine firing order and
then admitted towards the turbine stage inlet. Highly pressurized exhaust gases exert force on the
turbine’s impeller blades, causing the turbine to rotate. Euler’s turbomachinery equation governs
the transfer of energy between exhaust gases and turbine blades. Turbocharger turbine drives
turbocharger compressor as coaxial shaft links the two components.

An engine exhaust manifold is connected to the radial turbine, illustrated in Figure 1.8, by a
flange at its volute (station 1). Upon leaving the volute, the exhaust gas moves to the stator (2),
which may or may not possess stator blades. The flow is then admitted to the turbine impeller inlet
(station 4) radially. The flow expands inside the turbine rotor, transferring its energy to the rotor

blades before leaving axially at the rotor exit (station 5).

Station Number

Inlet casing Nozzle throat @

Nozzles /
\Vcnetess _ g

space

Rotor

Figure 1.8: Radial turbine components [12]

Volutes in turbocharger radial turbines take engine exhaust flow, accelerate and distribute it
around the circumference of the rotor/nozzle. In doing so the static pressure of the flow is reduced.
An efficient volute is expected to distribute the flow uniformly, with less distortion of the flow

angle.
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For smaller automotive engines, the single-entry turbine is the most common option. Twin-
scroll and double-entry volutes deliver lower efficiency values than the single entry turbine as their
performance is reduced by the added dividing walls and multiple volute tongues.

Turbocharger turbines for engines with more than six cylinders are equipped with multiple-
entry volutes to preserve exhaust gas pulses from engine exhaust pipes. The two common types

of multiple-entry volutes are the twin-scroll and dual-entry volutes. In twin-scroll volutes, a fully

Inner Outer
limb limb

Figure 1.9: Turbocharger turbine with: (a) twin-scroll, and (b) double-inlet volute configura-
tions [25]

circumferential dividing wall splits the flow into two separate flows. The flow from each scroll
feeds the turbine inlet after a brief flow mixing at the volute outlet.

Performance-wise, the double-entry turbines deliver a higher peak efficiency value than the
twin-scroll turbine at equal admissions. On the contrary, in unequal-admission cases, the twin-
scroll turbines efficiency is higher than the double-entry turbines. The efficiency deterioration of
double-entry turbines at unequal admissions is correlated with the reduced effective turbine inlet
circumferential area at unequal admission flow cases [26].

The twin-scroll volutes are further divided into symmetrical and asymmetrical volutes. In
symmetrical volutes, the scroll dimensions at each azimuth angle are equal, while in asymmetrical
volutes, one of the two scrolls has a larger size than the other.

The asymmetric twin-scroll turbines are usually employed at multiple-cylinder engines, which
demand a higher EGR rate. The exhaust from the engine cylinders is grouped based on the engine

firing order. An EGR line connected to one group of the exhaust manifolds boosts the engine inlet

11
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Figure 1.10: Symmetric and asymmetric twin-scroll configurations [27]

pressure. The exhaust manifold linked with the EGR line is fitted with a smaller scroll (also known
as EGR scroll) at the turbine inlet to increase the back-pressure. The larger scroll (also known as
Lambda scroll) usually has a lower back pressure as it is not linked with the EGR circuit [27, 26].

Figure 1.11 shows an engine fitted with asymmetric twin-scroll.
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Figure 1.11: A schematic of a 6-cylinder asymmetric twin-scroll turbocharged diesel engine adapted
from Zhu [27]
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1.3 Motivation

The effect of different casing treatment designs on the turbocharger compressor surge to choke
range and the aeroacoustics performance can be studied extensively using purely experimental
and advanced CFD investigation. These studies tend to become expensive and inefficient as the
number of design combinations increase. Thus, in-depth knowledge and understanding of the flow
mechanism in casing treatments are beneficial in choosing the most critical design parameters to
enhance the surge to choke margin and decrease undesirable compressor noise.

Finding the entropy sources in turbocharger turbines with double-entry scrolls at equal and
unequal mass flow across the two entrances of the volute provides valuable insight into the potential
advantage of the double-entry scroll over single-scroll and twin-scroll volutes. Finding the locality
of the losses also assists the turbine performance optimization.

This dissertation investigates the aero-acoustics performance of a turbocharger compressor with
active casing treatment at near surge and best efficiency points using Detached Eddy Simulation
(DES) numerical simulation. Casing treatment geometry optimization will be accomplished based
on an in-depth understanding of the flow mechanism in the casting treatment ports and compressor
system parts. The dissertation also studies the effect of active casing treatment geometry on
compressor performance. The turbocharger’s active casing treatment geometry will be optimized
to find the best design of the choke slot geometry that delivers an improved pressure ratio and
isentropic efficiency values at lower mass flows.

The dissertation also assesses the performance of a dual-entry turbine to identify potential
loss sources in the turbine assembly. Next, a single and twin-scroll design methodology will be
presented to find the critical volute design parameters. Increased EGR flow into the Engine forces an
increased uneven flow across the two turbine inlets of a twin-scroll turbine. Designing asymmetric

twin scrolls with uneven flow across the turbine inlets requires a particular methodology.
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1.4 Outline of the Thesis

The remainder of this work is presented in seven chapters. Chapters 2 and 3 present the
theoretical background for the numerical analysis of the compressor and turbine performance. In
chapter 2, different acoustics terms and sound analogies are discussed. The acoustics analogies
defined in this chapter are used in Chapter 5 to investigate the aeroacoustic performance of the
compressor. Chapter 3 details the governing equations of the computational methods used in this
work. This chapter also presents the turbulence model used for the study in more depth, with an
additional explanation for the setting of time and spatial discretization.

In Chapter 4, the compressor one and three-dimensional study is discussed. A unique compres-
sor loss model is presented and compared with experimental data. This chapter also discusses the
development of compressor maps based on CFD results. The final section of this chapter examines
the effect of the casing treatment on the overall turbocharger compressor performance.

Chapter 5 details the turbocharger compressor aeroacoustics study based on steady-state and
transient-state CFD schemes. The aeroacoustics analogies defined in Chapter 2 are used to predict
the noise sources from the different compressor parts and surfaces. The pressure spectra of the
compressor noise at two compressor operating points are also presented in this chapter, with an
accurate prediction of the blade passing frequency and broadband noises. The noise directiveness
is also predicted by placing monitor points strategically inside the compressor inlet and exit pipes.

Chapters 6 and 7 present the investigation on the casing of the turbocharger turbine. The
performance of the double-entry turbine is studied thoroughly in Chapter 6 by estimating the
entropy generated from each turbine component. This chapter reveals which turbine parts are more
responsible for the turbine performance degradation at higher uneven flow across the two turbine
inlets. In Chapter 7, a single-scroll and twin-scroll volute design methodology and optimization
works are presented. The single-scroll and twin-scroll turbine performance is compared with
the double-entry turbine, at even and uneven flow admissions. Finally, Chapter 8 concludes the

dissertation with a summary of the important results and future works.
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CHAPTER 2

AERODYNAMICS GENERATED NOISE

Sound is a wave detectable by human ear propagating in elastic medium. It is a result of pressure
perturbation by a vibrating surface or a turbulent fluid flow. Humans can hear sounds with
frequencies ranging between 20 Hz and 20 kHz. Sound in dry air at 20 °C propagates with speed of
343 m/s limiting the wavelengths of interest between 17 m and 17 mm. Because of the logarithmic
response nature of human’s ear, sounds at very low and very high frequencies are less critical for
acoustic study. Thus, the frequency of interest in acoustic simulation ranges from 1-3 kHz [28].
Sound contains a wide range of power levels that are measured using the decibel scales. Sound
Power Level (PW L), Sound Pressure Level (SPL), and sound intensity level are used to measure

sound strength. The Sound Power Level (PWL) is given in decibel (dB) by,

2.1)

d
PWLleloglO( sound power )

re ference power

The reference power is internationally agreed to be equal to 10712 W. The Sound Pressure Level

(SPL) is given by,

4
SPL = 201og/, (P rms) 2.2)
Pref

where p’,,,; is the root mean square acoustic pressure fluctuations p’, and p,, f= 2x107°Pa in an
air medium. This reference pressure corresponds to the threshold of hearing at 1k Hz for a typical
human ear [29]. The time-averaged rate of energy transmitted by a sound wave propagating in a

fluid is known as the sound intensity. The sound intensity level is defined by,

I
IL = 10logo | ——— 23
810 (10—12 W/m2) @3

2.1 Acoustic Analogies

Acoustic propagation involves small pressure perturbations traveling long distances. Disre-

garding the effects of viscosity and small perturbation products, the continuity and momentum
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equations are combined to give the linear acoustic wave equation. The acoustical wave equation
describes the propagation of sound in a stationary medium. The addition of sound source terms to

the wave equation gives [30],

2 o0
~C2A2| (p - po) = 0 (X.1) (2.4)

(92

In Eq.(2.4), QO represent the sound source and X is its space position. The acoustic source term Q is
equal to the density generated due to mass and momentum creation. Far from a sound source, the

value of Q is zero. The solution of Eq.(2.4) can be found using free space Green’s function [30],

/‘Q(%I—LX—yVCw)
|X -yl

@—mMK0=4 dy (2.5)

In Eq.(2.5), y is the location of the observer. Since the sound travels a distance of » = | X — y| with
a speed of sound Ceo, Eq.(2.5) is solved at a lagging time of t* = f —r/Coo. When the sound source

with a strength of ¢(¢) is concentrated at the origin, Eq.(2.5) will have a solution of form,
1 q(t-r/Cx)

4nC2, r

The function Q(X, ) = q(#)6(X) is called monopole source strength density. This sound source

(0 —po) (X,1) = (2.6)

represents an injection of mass by a small pipe opening or the collapse of cavitation bubbles in a
liquid [31]. The propagation of sound from monopole source is uniform and spreads equally in all
directions.

When two equal and opposite monopole sound sources are positioned close together, a dipole
sound source is formed. This sound source occurs due to unsteady external forces. They can be
considered as a superposition of two out of phase monopole sound sources. When a pair of equal
and opposite dipoles are positioned together a quadrupole is obtained. It represents a sound source

from turbulent flow.

\\&’/ A //\\

Figure 2.1: Monopole, dipole, and quadrupole source directivities [32]
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2.1.1 Lighthill’s Analogy

Lighthill analogy gives a correlation of sound generation by turbulent flow. The equation is derived
from continuity and momentum equations without considering mass generation and external force
application. The Lighthill’s wave equation is given by,

02;)' 2 62p/ _ 82Tij
o0t *© axl_z Ox;0x;

2.7)

where p’ = p — pg is density perturbation relative to the surrounding medium, C is the ambient

speed of sound outside the flow and T;; is the Lighthill stress tensor given as:
T;j = pvivj + pij = (p = po)Ca0ij (2.3)

Lighthill’s equation is a hyperbolic partial differential equation. The left-hand side of the equation
describes a wave propagating at a speed of sound, Cw, in @ medium at rest. The right-hand side of
the equations describes the acoustic source term due to shear, unsteady convection, and non-linear
effects. In Eq.(2.7), the static flow velocity is assumed to be zero as all convective velocity parts
of the flow are included in Lighthill’s stress tensor term. The source term also includes all viscous
stress and entropy fluctuations, which means outside the source region the fluid encounters no
losses due to viscosity or thermal conductivity. For this reason, it can be concluded in Lighthill’s
analogy the sound propagates in an ideal fluid outside of the sound source. In the absence of solid

boundaries, the free field Green’s function gives a solution for Lighthill’s wave equation as [33],

dy (2.9)

, 1 82 Tij (y,t = |X = y|/Co)
P =p-po= ’

47 C2 0x;0x; |X - Y]
In Eq.(2.9), all derivatives and values are taken at a retarded time, t* =t — |X — Y|/Cc. Lighthill’s
equation is used to predict the sound from flows where the effect of solid boundaries can be
neglected [34]. Solid surface interaction plays a direct role in the sound generation process in
reflection and diffraction of the sound field from volume distribution of quadrupoles. Besides,

solid surface boundaries might act as dipole or monopole sound sources.
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2.1.2 Proudman Analogy

Using Lighthill’s theorem, Proudman [35] derived an approximate correlation to predict the sound

power from a statistically homogeneous isotropic turbulent flow as:

P:apO—— (2.10)

where « is constant, p, is the density, u is the root mean square of the velocity derived from the

turbulent kinetic energy, [ is the integral length scale, and ¢, is the far field speed of sound.

2.1.3 Curle’s Analogy

An extension of Lighthill’s analogy that considers solid boundaries in arbitrary motion is developed
by Ffowcs Williams and Hawkings (FWH) [36]. Curle [33] gives the solution to the Lighthill
equation using free-space Green’s function when rigid and stationary solid bounders are present in
the flow. The Curle’s equation can be considered as a specific form of FWH as given by:

1 92 Tij 1 a '
(X, 1) = / 3y + — [ |42 2.11
XD 4nC2, 0x;i0x; Jy |X =Y Y 4nC2 0x; Js [|1X = Y| Y 1D

The first part of the Curle’s equation in Eq.(2.11) estimates the sound generated from a quadrupole

source whereas the second part gives an estimation from a dipole source.

2.2 Computational Aeroacoustics

Direct (also known as hybrid) computational methods can be used to estimate flow generated
noise numerically. In this method, the sound is resolved together with its fluid dynamics source field
by solving the Navier-Stokes equations of compressible flow. Advanced turbulence models, such as
direct numerical simulation (DNS), large-eddy simulation (LES), and detached eddy simulations
(DES) are preferred to unsteady Reynolds-averaged Navier-Stokes (URANS) as they can solve most
of the flow scales.

In indirect/hybrid computation approach of CAA, sound computation is done in separate post-

processing of the flow solution. Integral or numerical solutions of the acoustic analogy equations of
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the computed source field data are then used to compute far-field sound. Indirect/hybrid approaches
are based on the principle that sound generating unsteady flow is not affected by the sound waves

as pressure perturbation responsible for generating sound have relatively insignificant value.

2.3 Turbocharger Noise

The primary aerodynamic noise generating mechanisms in turbo-compressors are buzz-saw
noise tonal noise at blade passing frequencies and blade tip clearance noise [37]. Buzz-Saw Noise
occurs near the leading edge of the rotor blades at supersonic flow condition. A combination of shock
and expansion wave create a pressure signature that resembles a circular buzz-saw [38]. Due to
the rotor manufacturing irregularities, the buzz-saw pressure distributions are not circumferentially
identical. The blade produces buzz-saw noise, a monopole type source, with its contribution felt

as harmonics of the rotor shaft frequency.

Shock waves x

Expansion ™
waves

Fan blades

Figure 2.2: Shock-wave generation by a supersonic fan [38]

Inflow disturbances and rotor-stator interactions create a fluctuating pressure source, a dipole
source, of noise. This acoustic signal consists of harmonics of the blade passing frequency (BPF)
defined as the product of the rotor shaft frequency fn and the number of main rotor blades. The
secondary flow through the gap between the compressor casing and the impeller blades induced
a narrow-band noise termed as “tip clearance noise” (TCN). The effect of TCN is pronounced at

mass flow rates less than the design flow rate [24].
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CHAPTER 3

NUMERICAL MODELING

3.1 Governing Equations

The Navier-stokes equations of fluid dynamics are the foundations of aeroacoustics. The
governing equations for conservation of mass, momentum, and energy for a compressible fluid in

a tensor form are given by:

dp 0Opv;
—+—=0 3.1
or o, -1
dpv; Opviv; dp 0Ooij
=—— - 3.2
o T Tax; ~ ax T ax, T G.2)
2 2
0 vi o [ vi\l_ apv) dloyvi) oq
5 p(e+ 2) + o pV; (e+ 2) = ox + o ax; + o fivi (3.3)

with p being the density, ¢ is time, x is the coordinate axis, subscripts i, j, k are the direction
indices, v is the velocity, p is the pressure, 07y; is the viscous stress tensor, e is the internal energy,
q; 1s the heat flux, f; represents the external body forces.

The above Eq.(3.1,3.2,3.3) are non-linear systems of partial differential equations which are

solved numerically. The equation of state relates pressure, density, and temperature.
p =pRT (3.4)

where R is the gas constant, T is the temperature. Internal energy in Eq.( 3.4) can be computed as

a product of specific heat ratio at constant volume (c,) and temperature.
e=c,T 3.5

The viscous stress tensor terms in Eq.( 3.2) gives a linear stress-strain relationship and is given

by,
1
3

oij =2u (Sij - Skk5ij) (3.6)
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where u is the dynamic viscosity and S;; is the rate of strain tensor given by,
1 (u; uj
Sij = 14 (ﬁ . _J) (3.7)
2\xj  x
The heat flux is assumed in Eq.( 3.3) is computed by Fourier’s law as,

oT

L 3.8
qj 5)6]’ (3.8)

where k, the thermal conductivity of the fluid is temperature dependent.

3.2 Turbulence

Turbulent flows are chaotic and random. Statistical methods are used to find properties of
turbulent flows as an entirely deterministic solution is impossible for most fluid flow cases. The
highly diffusive nature of turbulence flow causes rapid mixing and increased rates of momentum,
heat and mass transfer. The viscous shear stresses in turbulent flows lead to the conversion of
kinetic energy into heat. Thus, turbulent flows are dissipative. Turbulent flow occurs at high
Reynolds numbers where inertia terms dominate the viscous terms in the momentum equations.
On the other hand, laminar flows are deterministic and highly ordered. Reynolds number quantifies

the transition from laminar to turbulent flow.

UL
Re = 7 (39)

For a particular flow regime, depending on the value of the Reynolds number flow is categorized

to be laminar or turbulent.

3.2.1 Turbulence modeling

Direct numerical simulations (DNS) solves the fully unsteady Navier-Stokes equations on a suf-
ficiently fine grid using a small-time step so that all length and time scales of the turbulent flow
are fully resolved. DNS has an advantage of delivering an accurate transient behavior of the flow.
Despite its advantages, the intensive computational cost needed for DNS has up to date limited the

suitability of the simulation to any applications of engineering interest. Its use is limited for simple
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flows with low Reynolds number to provide an insight of turbulence modeling. This has led to

turbulent models where some or all part of the turbulent eddies of flow are modeled.

3.2.1.1 Reynolds-averaged Navier-Stokes (RANS)

Reynolds-averaged Navier-Stokes (RANS) equations give time-averaged properties of the flow
without resolving the details of turbulent fluctuations. The effects of turbulence on the mean flow
are considered from Reynolds stress terms. Different turbulent models with additional transport
equations are used to solve the Reynolds stress terms with empirical constants and additional
information about the mean flow.

The solution variables in RANS are decomposed into the mean and fluctuating components.

For the velocity this decomposition is given as:
Uu; :ﬁi+u; (3.10)

where u; and u: are the mean and fluctuating velocity components. Substituting this form of

expressions into the Navier-Stokes equations gives a momentum equation of the form:

ot (pul)+(9xj- (pu,u])— (?xi+(9xj[ ((’)xj+ o0x; 30-Ux]- +(’)xj( pul.uj) (.11)

The additional Reynolds Stress terms in Eq.( 3.1 l),—pu;u}, represent the effects of turbulence,
and they must be modeled to have a solution of the Navier-Stokes equation. The most widely used
turbulent models, k — €, kK —w and Spalart-Allmaras models use the Boussinesq hypothesis to relate
the Reynolds stresses to the mean velocity gradients as given by:

0 Uj Oou Jj

—ou'u’. = —+
PUH “‘(axj 0x;

2 Buj

where p; is the turbulent viscosity and k is the turbulence kinetic energy. The Boussinesq
hypothesis assumes the turbulent viscosity of an isotropic scalar quantity which is not valid in the

entire flow regime [39].
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3.2.1.2 Large Eddy Simulation (LES)

LES uses a spatial filtering operation to separate the larger energy carrying eddies from, the smaller
eddies. The motivation for LES is that the smaller scale eddies are relatively universal and isotropic
and easy to model while the large-scale eddies are challenging to model as they are problem-
dependent [40]. LES uses a filtering function on Navier-Stokes equations over the mesh grid with
a specific cutoff width. The unsteady flow is resolved for all length scales greater than the cutoff
width [41]. Turbulence scales small than a simple Eddy Viscosity model models the filter. The

filtered Navier-Stokes equations for incompressible flow is given by [39]

0, _ 0o , _ _ 0 Ou; ap  0Tij
— )+ — uj)=—|pu—|)—-—- 3.13
where 7;; is the subgrid-scale stress defined by
Tij = P} — Pl 1L G149

The eddy viscosity models are used to model the subgrid-scale stresses from the filtered equation

l —
Tij ~ 3TkkOij = ~241Sij 3.15)

where f; is the subgrid-scale turbulent viscosity, and S; j1s the strain tensor rate of the resolved

scale defined by:
— 1 (0u; Ou;
P Rl A 3.16
) ((9)6 j o0x; ) ( )
Smagorinsky model define the turbulent viscosity, u;in equation Eq.( 3.15) [40]:
pe=p (Cs8)S (3.17)

where A is a measure of the grid spacing of the numerical mesh, S is the strain rate scalar, and Cy
is a constant. Due to relatively coarser mesh than DNS, LES is not capable of accurately resolving
smallest scales. The importance of LES arises from the need to model the dissipation of the smallest

resolved scales. Figure 3.1 shows the range of LES resolved and modeled turbulence scales.
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Figure 3.1: Turbulence energy spectrum

The eddy viscosity is calibrated to predict the correct amount of dissipation at the LES grid
limit by,

a_.
€LES = V[%@f racou;ox; (3.18)
j

where v; is the turbulent kinematic viscosity

Applying LES to wall-bounded flows demands higher resolution grid in all three directions as
the turbulent length scale of the larger eddies become very small. The Kolmogorov limit gives the
smallest turbulent scales near to the wall. The viscous sublayer near to the wall, where turbulence
is damped and does not to be resolved, gets thinner as the flow Reynolds number increases. For
most engineering applications where the flow Reynolds number is moderately higher, LES becomes

computationally expensive [40].

3.2.1.3 Detached Eddy Simulation (DES)

Detached Eddy Simulation (DES) is a hybrid modeling approach that uses RANS simulation for
part of the flow near to the wall and LES for part of flow far enough from the wall. A relatively
coarser mesh is used for larger eddies which are resolved using LES and RANS is used for all

wall-bounded flows.
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Based on the grid resolution provided, DES switches between RANS and LES using a criterion
that considers a multiplication of a DES constant with the maximum edge length of the local
computational mesh cell. The Menter’s k — w — SST [42] turbulence model is modified to define a

length scale for DES as given by [43]:
[ = min (Ix_y, CpgsA) (3.19)

where CpEggA is the DES filter length. Cp gy is a constant with a value of 0.61. [ _, is the length
scale of RANS k — w — SST model defined as:

kl/Z
= ﬁ*w

o (3.20)

where £ is the turbulent kinetic energy, 5+ is model constant, and w is specific dissipation rate. The

modified dissipative term in k-transport equation becomes,

Dpps=—— (3.21)

Spatial refinement creates an ambiguity on the model to differentiate between LES and RANS
regions of the mesh. Delayed Detached Eddy Simulation (DDES) is used to address this issue by
using a delay factor. Improved Delayed Detached Eddy Simulation (IDDES) improves DDES to
include Wall model LES (WMLES) models allowing RANS to be used in a wall distance much

smaller than the boundary layer thickness [44].
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CHAPTER 4

COMPRESSOR PERFORMANCE ANALYSIS

The compressor impeller is responsible for the increase in stagnation enthalpy of the flow. The
specific energy change across the impeller can be calculated from the inlet and outlet velocity
triangles using Euler’s turbomachinery equation. For turbocharger compressor without any pre-

whirl vanes, the ideal enthalpy transfer to the flow is given by:
Ahg; =UyCyp 4.1

In actual flows, the impeller flow at the exit deviates from the blade direction. A slip factor, o,
reduces the tangential component of the absolute velocity at the impeller exit. Slip factor refers to
the ratio between the actual (C,») and theoretical (Cy ;) tangential components of the absolute

velocity of the impeller exit. The slip factor is defined as:
o =Cyu2/Cuz,th (4.2)

The theoretical tangential component of the absolute velocity at the impeller exit can be estimated
from the velocity triangle at the impeller exit as:

m

P2A2

Cu2.th = Uy = Cppp cot(Bap) = Uy — cot(B2p) 4.3)

The ideal rise in enthalpy of the actual flow can be estimated by plugging Eq.(4.3) in to Eq.(4.2) as:

m
Aho,i = O'U% 1- m COt(ﬁZb) (44)

The ideal change in enthalpy of the flow across the impeller is a function of the mass flow rate,
rotational speed, and the impeller back sweep blade angle. The change in enthalpy decreases as the
flow rate increases for impellers with back sweep angle.

In the open literature, there are many correlations for slip factor. One of the widely used

correlations is developed by Wiesner [45] as given by:

\/Sinle

0
Zb'7

o=1-—

4.5)
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Aungier [46] presented a corrected form of the slip factor by Wiesner. In Aungier’s correlation,
the Wiesner’s slip factor holds up to a certain limiting radius ratio, €7,7y. If the radius ratio, €, is
greater than €7 7,4, the slip factor is given by:

€~ €LIM

VB /T0
) (4.6)
l—€erim

O'COR:O'[I—(

where o is the Wiesner slip factor defined in Eq.(4.5) and € is the impeller meanline radius ratio

(r1/rp) and € )4 is the limiting radius ratio given by:

oc-0o
€LIM = T = “4.7)
-
In Eq.(4.7) o* is given by:
o* = sin (19O + 0.252) 4.8)
Qiu et al. [47] presented an alternative slip factor correlation based on the shape factor F as:
oo 1 Froos(Bop)sin(ys)  Fsadp (dB)  Fsadosin(Bap) (dpb 4.9)
Z» 4 cos(Byp) \dm 4p7bo dm .

where 7 is the meridional inclination angle at the impeller exit, Z, is the number of blades at the
impeller exit, dB/dm is the blade turning rate, p is density, and F is the shape factor defined as:

F=1-2sin (le) sin (le +ﬁ2b) cos(Bop)sin(yp) — szc(iﬁ (4.10)

Numerous researchers have presented multiple loss models for the compressor impeller and

diffuser flow depending on experimental results. The contribution of each loss in determining the

compressor efficiency and pressure ratio values are discussed using Eckart B centrifugal compressor

data. The different losses models used in this study are listed below.

4.1 Compressor Stage Losses

The impeller loss models are classified as internal losses and external losses. The internal losses
include the incidence, blade loading, skin friction, mixing, clearance, and choke losses, while the

external losses consist of disk friction loss, recirculation loss, and leakage loss.
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4.1.1 Incidence Loss

The incidence loss estimates the loss due to a relative flow angle deviation from the design blade
angle at the impeller entrance. Galvas [48] offers a correlation for the enthalpy lost to incidence,

assuming the relative velocity component normal to the optimum incidence angle is lost.

Ay, = Wisin <|ﬁ21b 1)

(4.11)

where W is the flow relative velocity and 1, and S; are the blade and flow angles from the

tangential direction. Conard et al. [49] proposed another correlation for incidence loss:

W2
1
Ahinc = finc ol

5 (4.12)

where f;,. 1s a factor ranging from 0.5 to 0.7 and Wy is the kinetic energy lost as the flow angle

deviates from 1, to B1. For a flow with no pre-whirl Wy is given by:

¢ )
Wpy = U — SOLBIp) it 4.13)
P1A]
Aungier [46] formulated an alternative incidence loss model given by:
2
Cini

Ahip. = 0.4 W — —2 4.14
inc ( 1 sin ( :81) ) ( )

Eq.(4.14) is computed at the hub, mean, and shroud radius. The final value of the incidence loss is
estimated using a weighted average of the three values, with the value at the mean radius weighing

ten times more than those at the hub and the shroud radius.

4.1.2 Blade Loading Loss

The blade loading loss represents the losses associated with the boundary layer growth in the
impeller flow channel. Coppage et al. [SO] presented a correlation to estimate the blade loading
loss:

Ahp; = 0.051)}u§ (4.15)
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where the D  the diffusion factor is given by:
Wo 0.75 * Ahgy10¢Wo

Dr=1- + 4.16
! Wi |2 1 - ds1 + 2@ 1o
m do dy

where Ahg, .- 1S the ideal change in enthalpy calculated by the Euler equation:

AhEuler = u2cou = U1C1y (4.17)
Aungier [46] proposed an alternative method of calculating blade loss.
AW?
Ahp) = —— 4.18

bl = g (4.18)

where the average blade velocity difference between the suction and the pressure surface, AW, is
calculated as:

_ 27m’2u213

AW (4.19)

zLp
In Eq.(4.19), Ip is the blade work input coeflicient, z is the impeller effective number of blades,

and Lp is the blade mean camberline length.

4.1.3 The Skin Friction Loss

Skin friction loss considers losses due to shear stresses in the boundary layers of the impeller
channel surfaces. Jansen [51] presented a skin friction loss model based on a similar method of

calculating the total pressure drop for straight pipes.

Lp —2
Ahgy = 2CfD—HW (4.20)
where Lp is the flow length defined as:
n dg1 +dp 2
Lp==|dy— 22— —by+2L - - (4.21)
3 2 | ECOETTCINY
In Eq.(4.20), dg is the average hydraulic diameter of a blade passage and is defined as:
1(ds1  dn) (sin(Bs1) +sin(Bp1)
d_H _ Sin(ﬁz) + 2 d2 d2 2 (4 22)
dy |Z  dysin(B)|  Z, (dsit+dn) (sin(Bs1) +sin(Bp1) '
n by by ds1 —dpm 2
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Jansen [51] defined the average velocity of the flow, W, as:

2Wo + Wy + Wiy

W = 4.23
1 (4.23)
Aungier [46] provided another correlation for the average flow velocity as:
_, Wriw?
2 % (4.24)

The skin friction coefficient in Eq.(4.20) depends on the surface finish of the flow channel surfaces
and the flow Reynold’s number. Numerous correlations have been proposed in the open literature for
the skin friction coefficient. Haaland’s [52] formula explicitly estimates the skin friction coefficient

as a function of Reynolds number and the surface finish roughness value as:

e/dp\ ! ) 69
3.7 Re

1
—=-1.8

i

(4.25)

4.1.4 The Mixing Loss

The mixing loss considers the loss due to the mixing of the jet and wake flows from the impeller
exit into the vaneless diffuser channel. Johnston and Dean [53] presented the mixing loss model as:

1 [l_ewake_b*}zcg
1+ CO'[(Z)[2 1 = €pake 2

Ahpix = (4.26)

where €,,,1. is the fraction of blade-to-blade space occupied by the wake whereas b* is the ratio of
diffuser inlet depth to impeller tip. The €, can be estimated using a two zone model as outlined
in Oh et al. [54] and Japikse [55].

Aungier [7] derived a different equation to determine mixing loss by calculating the velocity at

which separation occurs as:
2
Ahpix = (Cm,wake - Cm,mix) (4.27)

The flow meridional velocities of the wake before and after mixing are given as:

_ 2
Cm,wake =W

_ W2
SEP WU

(4.28)
Cinmix = CpaAz/(ndyby)
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The flow separation velocity is used to evaluate the wake size, which is evaluated from the equivalent

diffusion factor, Dg4.

Wsgp = W25 Deg <2
(4.29)
Wsgp =W2Deq/2; Deg >2
The equivalent diffusion factor is calculated from the ratio maximum relative velocity to the relative

velocity at the exit.

(4.30)

Deq = Winax/W>

4.1.5 The Clearance Loss

The leakage loss results from the flow leaking through the tip clearance gap between the rotating
impeller and the stationary compressor housing due to the pressure difference between the suction
side and the pressure side of the compressor blades. Jansen [51] provides a correlation for the

clearance loss as:

K 4
Ah.=06—|C
‘! (bz) ez{bzz

)
s1 7 "m

(ry = rs1)(1+p2/p1)

1/2
ngle} 4.31)

In Eq.(4.31) s is the tip clearance gap.
Aungier [7] presented an alternative method to estimate the clearance loss by calculating the

mass flow rate through the clearance gap.
mcr = p2ZsLUcy, (4.32)

The leakage flow velocity across the clearance gap, Uy, is calculated as:

UCL = 0.816\/2ApCL/p2 (4.33)

In Eq.(4.33), pc1 represents the average pressure difference across the gap and it is estimated from

the angular momentum change through the impeller:

_ m(rCya —r1Cyy)
pcL = —
rbL

(4.34)
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The average radius and width of the blade in Eq.(4.34) is given by:
r=(r1+r)/2
b=(by+by)/2

The Aungier clearance loss model becomes:

Ahgp =2mcpApcr/mpq

4.1.6 The Disc Friction Loss

(4.35)

(4.36)

The disc friction loss results from the secondary flow between the back of the impeller and the

stationary compressor housing. Daily and Nece [56] estimated the disc friction loss as:

=23
Pa)
Ahgr =
df = Cdf g
where p is the average density given as:
__P1LtP2
P

The friction constant, ¢4y, is calculated based on the Reynold’s number as:

cqf =2.6TRe ), Regqr <3x10°

cqf = 0.0622Re 2%, Regy 2 x10°

The Reynold’s number in Eq.(4.39) is calculated from the impeller tip values.

usxra
V2

Regf =

Galvas [48] presented another correlation for the disk friction loss as:

P2 u3l)2

Mhgy = 0.01356— = u3 D

4.1.7 The Recirculation Loss

(4.37)

(4.38)

(4.39)

(4.40)

(4.41)

The recirculation loss considers the lost useful energy due to the low momentum wakes at the

impeller exit forcing a backflow into the impeller. Coppage et al. [50] presents the following
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correlation for the recirculation loss as:
Ahye = 0.0203, cot(ay) (4.42)

where D f is diffusion factor defined in Eq.(4.16). Aungier [46] provides an alternative correlation

to estimate the recirculation loss based on the equivalent diffusion factor:

Ahre = (Deq/2 = 1)[wya/cmn = 2cot(B)]u3 (4.43)

In Eq.(4.43) the diffusion factor, Dg4, is calculated by Eq.(4.30).
Oh et al. [8] stated that the recirculation loss from experimental tests fall between the loss
estimated by using Coppage et al. [50] and Aungier [46] methods. They proposed a new correlation

for the recirculation loss as:

Ahpe = 8% 1075 sinh(3.5a§)1)}u§ (4.44)

The diffusion factor, D fs in Eq.(4.44) is calculated by Eq.(4.16)

4.1.8 The Choke Loss

At higher mass flow rates, the pressure ratio of the flow drops rapidly when the Mach number at

the impeller throat approaches one. Aungier [7] formulated the choking loss model as:

Ahg, =0, x<0
(4.45)
Ahep = wi(0.05x +x7)/2, x>0

where x in Eq.(4.45) is calculated as:
x=11-10C,A;, /A" (4.46)

In Eq.(4.46), A;j, and A* represent the throat and the flow critical areas respectively. C, represents

the contraction ratio defined as:

Cr = VA; sin(B1)/ A (4.47)
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4.1.9 The Vaneless Diffuser Loss

The skin friction loss in the diffuser is considered in the efficiency and pressure ratio estimations
as part of the internal losses. Aungier [7] developed a diffuser flow model that uses upstream flow
conditions estimated from the impeller model and the diffuser geometry definition. The model uses
finite difference formulation of the continuity, conservation of angular momentum and conservation
of linear momentum equations and estimate the temperature, pressure, and velocity values at the

diffuser exit. The conservation equations are:

2nrpbCyy (1 — B) = m (4.48)
d(rC
pCn W _ ccyc; (4.49)
dm
1 C2 CCpecy  dI
Ldp _Cu ¢, dem  Zom€y  dlp (4.50)
o dm r dm b dm

where b is the vaneless diffuser width, B is the area blockage due to the boundary layer growth, ¢ ¢
is the skin friction coeflicient, I is the diffusion loss term, and m is the meridional coordinate.
Staniz [57] derived another correlation to estimate the vaneless diffuser loss by using continuity,

meridional momentum , tangential momentum, heat transfer, and fluid state equations as:

(y=D/y (r=D/y
P P
Ahyig = CpToy (—3) - (P_(jz) ] 4.51)

Py3

where p3 and p(3 represent the static and stagnation pressures of the flow at the diffuser exit.
Galvas [48] presented a simplified form of the Staniz diffuser flow model by assuming adiabatic
flow. The total pressure change inside the diffuser is estimated using the relation by Coppeage et

al. [50].

4.1.10 The Volute Loss

Aungier [7] presented one-dimensional performance analysis of volutes based on Weber and Ko-
ronowski [58] analysis. The meridional component of the diffuser exit velocity is assumed to be

lost entirely, while the loss due to the tangential velocity component is estimated as a function of a
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volute sizing parameter, SP, defined as:

SP =r4Cys/(rs5Cs) (4.52)

where C,4 and Cs represent the tangential velocity at the volute inlet and the absolute throat velocity
respectively.

The tangential velocity enthalpy loss is given by:

2
1r4C4l 1]
Ahy=-——211-—|, SP>1
u 27‘5C2 SPZ (453)
c :

Figure 4.1 shows the iterative procedure followed to estimate the compressor performance at differ-
ent impeller rotational speeds. The iteration starts by collecting input geometric and thermodynamic
data. The initial value of flow density at the impeller tip is assumed and then updated after the
1-D code calculates the impeller’s losses, resulting in a new estimate of density. Once density
convergence has been achieved, the 1-D code calculates the diffuser and volute losses and estimates

the compressor stage efficiency and pressure ratio values.
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Figure 4.1: Procedure to estimate the compressor performance parameters and loss contributions

The 1-D code used three different loss model combinations to estimate the compressor’s per-
formance at each impeller rotational speed. The loss model combinations tabulated in Table 4.1
include the Oh method and a newly developed loss combination method. Figures 1 - 3 show the
estimated pressure ratio and efficiency values for the Eckart B compressor and the experimental

data.
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Table 4.1: The Oh and the newly formulated loss model combinations for 1-D estimation of a
compressor stage performance

Losses Oh loss combination New loss combination
Slip factor Wiesner Aungier
Incidence Conard et al. Aungier

Blade loading Coppage et al. Coppage et al.
Skin friction Jansen Aungier
Mixing Johnston and Dean  Aungier
Clearance Jansen Jansen

Disc friction Daily and Nece Daily and Nece
Recirculation Oh et al. Oh et al.
Choke - Aungier
Vaneless diffuser loss ~ Stanitz Stanitz

Volute loss - Aungier

The results revealed that the 1-D compressor performance estimation worked well for the
pressure ratio estimation in both Oh and the newly formulated loss combination methods. On the
other hand, the isentropic efficiency value can be more accurately predicted by the suggested new
loss combination model than by the Oh loss combination. The Oh method doesn’t consider the
volute losses, and it is highly dependent on the accurate estimation of the wake to jet ratio while

predicting the mixing loss.
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Figure 4.3: Experimental and the estimates from newly formulated 1-D loss model for the pressure
ratio (a) and the isentropic efficiency (b) for the Eckart B compressor

Similarly, the 1-D code is used to predict the performance of the turbocharger compressor,
whose dimensions are discussed in section 4.2. The 1-D estimates are compared with the CFD
results, as shown in Figure 4.4. The results show that the 1-D code underestimates the compressor
pressure ratio and isentropic efficiency values at lower impeller rotational speeds. On the other
hand, at higher impeller rotational speeds, the 1-D overpredicts the compressor performance. When
the rotational speed of the impeller is increased, the near choke performance prediction becomes

less accurate. The performance prediction seems to be most accurate at 80k impeller rotational

speed.
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Figure 4.4: CFD and 1-D loss model estimates for the pressure ratio (a) and the isentropic efficiency
(b) for the turbocharger compressor

4.2 Extracting Centrifugal Impeller Geometry Details from 3-D CAD Mod-
els

The performance of a centrifugal compressor is estimated using one-dimensional codes or using
commercial numerical solvers (such as ANSYS, STAR CCM+ or OpenFOAM). Most of the time
one-dimensional performance estimation is used in the preliminary design stage of a compressor
while optimization of a compressor performance is mostly done in commercial numerical solvers
before full-scale laboratory experimental result verification.

One dimensional performance estimating codes highly depend on detailed blade geometrical
design data. Usually, the compressor and turbine impeller geometries from research sponsoring
companies are provided in three-dimensional cad formats with additional hub and shroud curves
data. A suitable CAD software should be used to extract the blade geometries at different-span

sections from the hub to the tip of the blades. The extracted blade curves are three-dimensional and
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require further coordinate transformations to convert space points in a three-dimensional Cartesian

coordinate to a two-dimensional m-rf coordinate system to obtain the blade geometry details.

4.2.1 Coordinate Transformation

The blade curve in cylindrical three-dimensional coordinate system definition can be transformed to
a two-dimensional curve by defining the meridional stream curve in terms of radius and cylindrical

axis coordinate (z) values. The differential arc length dm is defined as:

dm =/ (dr)? + (dz)? (4.54)

Figure 4.5 shows the m-direction(r6) on the stream surface.

RO

L i

(b)

Figure 4.5: Stream Surface m and ré directions

The m — r0 stream coordinate system is length preserving. For angle measurements, the m” — 6
coordinate is more appropriate. The m” — 6 coordinate system is defined by normalizing the m and

r@ values by the radius. The normalized arc length is defined by,

(4.55)

For general non-analytical blade sections, numerical integration is employed to solve eq.(4.55).
Simple trapezoidal integration gives an acceptable approximation of the integral for reasonably

dense blade curves data points as defined in eq.(4.56).

2
m;Zm;_l+m\/(ri_ri—l)2+(zi_zi—l)2 (4.56)
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The meridional coordinate m and m” values for each point on the blade curves are interpolated from
the fluid zone m values at given radius and z values. The inlet to the fluid zone is marked as the
start of the meridional curve with zero value of m. Each combination of r and z will give a unique
of m. The meridional curve m values for each blade curve data point is interpolated from the fluid
zone curve m values using a unique angle (3, defined from the inlet to exit of the fluid zone curve.
Angle S is defined from average radius and z values to the points on the fluid zone curve as shown

in Figure 4.5.
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Figure 4.6: Angle 8 definition for the blade streamline

Angle S at any point on the fluid zone curve is defined as:

4~ Lavg ) (4.57)

ri —Tavg

Bi = tan”! (

For a given value of Z; and r; on the blade curve, §; is calculated using eq.(4.57). The calculated S;
is used to interpolate m value from the fluid-zone curve data. The m — r@ and m’ — 6 plots are done

for five blade cross-sections, including the hub and shroud sections as shown in Figure 4.7.
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Figure 4.7: Meridional Plane Streamline curves from Hub to Shroud

A MATLAB code is written to convert the three-dimensional blade curves from cylindrical

coordinate to the two-dimensional meridional plots as shown in Figure 4.8.

m (mm) m
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Figure 4.8: (a) m — rf and (b) m” — @ plot for the main blade at the hub cross-section

The blade thickness distribution normal to camber line is interpolated from the m — r8 curve
for all five blade cross-sections considered. All blade angles are defined from m’ — 6 curve of
the camber line. To find the blade camber line, the blade curves are fitted to Béziers curves.

Bézier curves are expressed in terms of Bernstein polynomials as shown in eq.(4.58) for a curve
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parameter ¢ € (0, 1) [59].

r

b(1) = ) b (1B (1) (4.58)
i=0

where: b?_r — Bézier curve control points

B’ (1) - Bernstein polynomial of degree r defined in eq.(4.59) defined as:
Bl (1) = ") (1 = ) 4.59
f0 =)= (4.59)

where the binomial coefficients are defined in eq.(4.60),

n! . .

I
0 else

A rolling ball is fitted between the two curves of a given blade profile. The center locus of the
rolling balls gives the camber line. The balls should be tangent to the two curves Bézier curves.
The first derivative of the Bézier curve, eq.(4.61), gives the tangent line at all points used to find

the camber line.
d n—1
—b" () =n ;wM - b))B (1) (4.61)

The number of circles used to fit the camber line depends on the curve point resolution of the blade
profile under consideration and the tolerance of the fit. The two curves for each blade profile are
divided into (1 — 5) x 103 points for improved resolution. The rolling ball algorithm is set up to
have a tolerance of 107>, The algorithm can fit circles to a length 0.1% off of the first curve from
both leading and trailing edge sides. Figure 4.9 shows the tangent circles fitted on the hub section

profile of the main blade.
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Figure 4.9: Tangent Circles fitted between two curves of the hub section profile of the main blade

The camber line algorithm uses cubic Bézier fit for the second curve to find the center coordinate
positions of the tangent circles in the m — r6 plane. Each Bézier fit of the second curve is further
subdivided into 103 — 10* points for tangent circle fit tolerance fall in the set limit.

Three methods are used to find the leading and trailing edges of each blade profile. In the
first method, two Bézier fits for each blade profile, either of them containing leading edge or the
trailing edge, ensuring tangency and continuity of the fits at all breakpoints used. The curvature of

a parametric curve is given by [60],

x|

k(t) = 3 (4.62)
||
where: r = [x(1), y(¢)] in two-dimensional space. Substitution for r in eq.(4.62) gives:
AN /A
k() = =XV (4.63)

2 = 522
The location of maximum curvature of the two Bézier fits give leading and trailing edge m — ré
coordinate values.

The second method involves fitting points near the leading and trailing edges as an ellipse. The
intersection between the axes of the fitted ellipses and the blade profile curves gives the leading and

trailing edge coordinate values. A general second-degree polynomial equation for conic sections
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in implicit form is given by,
f(x,y):ax2+bxy+cy2+dx+ey+f:0 (4.64)
An ellipse should satisty a constraint defined by,
b* —4ac <0 (4.65)

where, a, b, c, d, e, f are coeflicients of the ellipse. A least square method is used for the numerical
fit of the ellipses at both ends of the blade profiles [61].

The third method considered uses the first two tangent circle fit centers to formulate a linear line
near the leading edge. The intersection between the new linear line and the blade profile curve gives
the approximate position of the leading edge. The same approach is applied to find the trailing edge

by using the last two tangent circle fit centers of the camber line.
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Figure 4.10: (a) Leading edge (b) Trailing edge estimation using three methods for the hub blade
profile of the compressor

All the three methods used to estimate leading and trailing edges gave close estimates. The
adjusted curves for the hub blade profile of the compressor using the new values of the leading and

trailing edges are shown in Figure 4.11
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Figure 4.11: Adjusted Hub blade profile of the compressor

The inlet and exit blade angles from the meridional axis along with stagger angle are defined in

angle preserving m’ — 6 space of the camber line as shown in Figure 4.12.

A

0 Leading edge O\‘Ot&

Trailing edge

B m'

Figure 4.12: Mean Camber definition adapted from [62]

The blade angle, § is defined by Eq.(4.66),

rdé de de
tan(B) = = = s = o

4.3 Steady-state Compressor Performance Analysis

4.3.1 CFD Setup

(4.66)

The Reynolds averaged Navier-Stokes (RANS) steady-state equations are used to evaluate the com-

pressor performance at various impeller speeds. All y+ resolution model of the CFD commercial
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software StarCCM+ [28] is used with an expansion factor of 1.3 and a total prism thickness of
0.15 mm. Three CFD meshes, each composed of approximately twenty-one million polyhedral and
prism elements, are used to analyze the steady-state compressor performance. The three configu-
rations correspond to choke channel being closed, opened, and to a base compressor with no case
treatment, as shown in Fig. 4.13. To acquire a higher degree mesh density isotropy with smoother

mesh size transitions, polyhedral mesh elements are preferred than trimmed cell element [28].

(b) (©)

Figure 4.13: Computation models used for steady-state performance analysis for the (a) base
compressor with no casing treatment, (b) when choke channel is closed, and (c) when choke
channel is opened [63].

The compressor performance analysis applies a stagnation pressure inlet and a static pressure
outlet boundary condition for mid to high mass flow rate values. For operating points from the
peak efficiency to the surge point, the outlet boundary condition is changed to the mass flow rate
targeting specific points on the compressor speed line. A double-precision version of StarCCM+
with the segregated flow solver is chosen over the coupled flow solver for faster convergence.

The compressor wheel for the study consists of 6 full blades and 6 splitter blades. The mesh
used for steady-state performance uses all y+ treatment with a y+ ~ 1 targeted. The effect of
y+ on the accuracy of steady-state performance estimation is studied for impeller running at 70k
rpm with choke slot closed configuration, as shown in Fig. 4.14. As shown in the figure, high y+
(30 < y+ < 80) wall treatment gave relatively lower accuracy for both pressure ratio and efficiency

plots. The low y+ wall treatment model gave values that match the test results closely [19].
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Figure 4.14: Compressor performance running at 70k impeller rotational speed with choke slot
closed configuration for low and high y+ wall treatment cases

In total, 292 steady-state runs are computed to get the full compressor map for the three
compressor mesh settings. The pressure ratio versus mass flow rate of the three models is plotted in
Figure 4.15a. As shown in the figure, compared to the base mesh, the choke slot open configuration
modifies the choke limit by about 11% at the highest impeller rotational speed employed for
the simulation. The open choke slot also increases the choke margin by approximately 10% in
comparison with the choke closed operation.

With an increase in the impeller rotational speed, the near surge pressure ratio is improved with
a significant map width. The exact quantification on the surge improvement of the casing treatments
is not covered here as the analysis needs an extensive unsteady study at various rotational speeds of
the impeller. Figure 4.15b shows that the mass flow rate values at the maximum efficiency point of
the speed lines of the two CFD schemes with casing treatment are shifted to the surge point. This
reveals the benefit of the casing treatments in providing stable operating points close to the surge
limit.

At lower impeller speeds, no considerable pressure ratio gain or map width enhancement is
observed with both choke slot closed and open configurations. A marginal increase in pressure ratio
of the choke slot configuration over the choke slot open is observed with a rise in the compressor
running speed. Both the choke slot closed and open arrangements gave a lesser maximum pressure

ratio and efficiency values in comparison with the base compressor. In contrast with the base
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compressor, both the choke closed and open configuration provided better near surge performance.
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Figure 4.15: Compressor performance steady-state results for all three CFD configurations: (a)
pressure ratio vs. normalized mass flow rate, and (b) isentropic efficiency vs. normalized mass
flow rate.

The efficiency versus normalized mass flow rate for the three configurations is plotted in
Fig. 4.15b. From the figure, it can be seen that for all impeller rotational speeds, the base
compressor without any casing treatment gives the highest efficiency value. In comparison with
choke slot open configuration, choke slot closed configuration gives higher efficiency values as the
operating point moves closer to the surge point. The narrow working range of the base compressor is
also noticeable from Figure 4.15b, with the CFD simulation unstable at relatively higher efficiency

values.

4.4 Compressor Performance Map Modeling

Modeling turbocharger compressor performance is beneficial for many reasons. Following a
compressor design, the model’s predictions are valuable for estimating compressor performance
before manufacturing and testing procedures. The testing of compressor performance is limited
to a few impeller rotational speeds and mass flow rates since testing the entire range of operating
points is impractical and expensive. Furthermore, an accurate turbocharger performance model

can reduce the time and expense needed for testing during engine development.
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4.4.1 Compressor Pressure Ratio

Jensen et al. [64] presented a model to predict the compressor pressure ratio and isentropic efficiency
values using three non-dimensional numbers: the head coefficient, flow coeflicient, and Mach
number. The head coefficient of the compressor is defined as:

y—1

epTor |7 -1
w =

(4.67)

! 2
PR
The flow coeflicient is defined as:
m
b= —F— (4.68)
POIT r% U
where U, is the blade tip speed calculated by:

ndo N

U, = 4.69
2 50 (4.69)

The Jensen & Kristensen model uses an invertible relation between the head and flow coeflicients
using three constants. Each of the three constants depends linearly on the Mach number of the flow.

The model is defined as:

Ci+Cro
l// = m, Ci = Cil + CiZM’ i=1,2,3 (470)
The model parameters ¢, ¢o, and c3, are determined by a statistical fitting of the manufacturer’s

experimental data. The inlet Mach number, M, is defined as the ratio of the impeller tip speed and

the sonic velocity of the flow at the compressor inlet:

U

\VYRTp

In interpolation and extrapolation of the compressor map at a given impeller rotational speed, the

M = 4.71)

head and flow coeflicient definitions in Eq.(4.67) and Eq.(4.68) are used to predict the pressure

ratio and mass flow rate values. Jensen et al. stated that their model predicted the pressure ratio
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values with +1% accuracy for most impeller speeds. Their model’s prediction accuracy diminished
as impeller rotation speeds increased due to increasing Mach numbers in inlet flow.

Jensen et al. used a second-degree polynomial equation of the flow coefficient to estimate the
compressor efficiency. The coefficients of the polynomial equations are derived from three other

coefficients and the flow inlet Mach number.

a1 +apM
n:al¢2+a2¢+a3, aj=—————, 1=1,2,3 (4.72)
a3 —
Jansen et al. reported that their efficiency model predicted a result within +3% of the manufacturer’s
experimental data.
The fit of head coefficient against the flow coeflicient for all compressor speeds using the Hadef

and Jansen’s model is shown in Figure 4.16. From the plots it can be seen that the model by Jansen

and Hadef give very close fit of head coefficient against flow coeflicient.
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Figure 4.16: Flow Coefficient vs Head Coefficient for all impeller rotational speeds from the
(Experimental or CFD) compressor map

The Cq, C;, and C3 values are unchanged for all ¢ and ¢ values at given impeller rotational

speed. The variation of this three constants against the turbocharger rotational speed can expressed
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by second order polynomial fits as [65]:
Ci=Ciq*w+Cinxw+Ci3 (4.73)

As shown in Figure 4.17, Cy, C», and C3 values are well approximated by second order polynomial
fits. Since the ¢; values can be interpolated at a given wy, extrapolation and interpolation of i and

¢ values is possible at a rotational speed of interest.
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Figure 4.17: Second order fits of Cy, Cy, and C3 values plotted against turbocharger rotational
speed, w;

Using Eq.(4.67) and Eq.(4.68) the pressure ratio and the corrected mass flow rate can be
estimated from the known ¢ and ¢ values for a given turbocharger rotational speed as shown in
Figure 4.18. It can seen from Figure 4.18 that the predicted values confirm with the compressor map
values especially at lower turbocharger rotational speeds. Where as at middle rotational speeds, the

accuracy of the fit decreases near lower mass flow rate values.
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Figure 4.18: Predicted (—) vs compressor map (*) pressure ratio values at various impeller
rotational speeds

4.4.2 Surge Modeling

The compressor performance prediction method incorporated the surge model developed by Moore-
Greitzer [66]. The unstable part of the compressor characteristics curve to the left of the maximum
pressure point of a given turbocharger speed line can be estimated using a third order polynomial
equation [67]:
3

T Hile
pr=pro+pB|1+1.5|—-1]-05—-1 (4.74)

¢ ¢
where pr, is the pressure ratio at zero flow, S, and ¢ are parameters identified in Figure 4.19 and

ri1¢ 1s the compressor corrected mass flow rate.
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Figure 4.19: Compressor characteristic parameters adapted from Reference [67]

To the left the maximum pressure point of each speed line, the slope of pressure ratio vs mass
flow rate is positive, while in the stable zone, where the compressor is expected to operate, the slope
is negative. At maximum pressure point of a given compressor speed line the slope is zero. During
interpolation and extrapolation of the compressor map at different speed lines, the zero-slope line is
predicted using a third-order polynomial fit of the maximum pressure points of the compressor map
as shown in Figure 4.20. The origin is included in the polynomial fit so that a unique zero-slope

line point is evaluated at each speed line.
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Figure 4.20: Polynomial fit (—) of the compressor map zero-slope line points (o)
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The final predicted compressor map that includes the surge model is shown in Figure 4.21.
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Figure 4.21: Predicted (—) vs compressor map (x) pressure ratio values at various impeller
rotational speeds including the surge model

4.4.3 Compressor Efficiency

The isentropic efficiency of a turbocharger compressor is defined as a ratio of specific enthalpy
(Ah) and isentropic enthalpy (Ah;s) between the inlet and exit of the compressor.
Ahjg
Ncomp = AL 4.75)
The isentropic enthalpy change across the turbocharger compressor can be equated from the pressure
ratio between the inlet and exit of the compressor as:
y-1
Ahis = cpTo. [HCV - 1] (4.76)
The actual enthalpy change across the compressor can be equated from Euler’s equation using veloc-
ity triangle values at inlet and exit of the compressor impeller as defined by Eq.(4.1). Considering

most turbocharger compressors are designed without inlet swirl [12], the tangential component of
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the absolute velocity at inlet will have zero value (C,;; = 0).Using the slip factor, o, and velocity

triangle relations at the exit, the actual total enthalpy rise across the compressor is equated as:
Ah = oUj3 (1 - ¢y tan(Bop)) 4.77)

where 3}, is the exit blade angle of the impeller vanes, and ¢, is the flow coefficient at impeller
exit equated as:

Cm2 e
Uy~ palrAs

¢y = (4.78)

where p; is the compressor impeller exit air density and A, is the compressor exit area. Air
density at the exit of the compressor varies considerably for each speed line of the turbocharger
compressor map. The density also increases as the operating point moves to the maximum pressure
point of a given speed line. Substituting flow coeflicient in equation (4.77) gives Eq.(4.4).

From Eq.(4.4), the actual enthalpy across the impeller can be related to mass flow rate linearly
as stated in Eq.(4.79):

Ah = x| — Xp * 11c 4.79)

where x| and x, are determined from the linear fit of the total enthalpy change of <ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>