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ABSTRACT

EXPERIMENTAL ANALYSIS AND MODEL DEVELOPMENT OF DUAL MODE,
TURBULENT JET IGNITION (DM-TJI) ENGINE OPERATING WITH GASOLINE AND
ALTERNATIVE FUELS

By
Yidnekachew Messele Ayele

Gasoline fuel is the most convenient energy source for light-duty vehicles in energy density and
refueling time. However, the emission regulations for internal combustion engines force the
industry to exploit innovative combustion technologies. The spark-ignition engine was forced to
be cleaner and more efficient, changing from regular combustion engines to a more advanced
internal combustion engine and electrification. The current scenario shows that automotive
companies and researchers are exploring hybrid powertrains with advanced internal combustion
engine technologies with electrification or pure electric vehicles. The Dual Mode, Turbulent Jet
Ignition (DM-TJI) system is one of the promising advanced combustion systems, powered by
active air/fuel scavenging pre-chamber ignition systems. The distributed ignition sites created by
the pre-chamber flames improve the combustion engine's efficiency, simultaneously mitigating
combustion knock at a high engine compression ratio and enabling lean-burn or high level of
external EGR dilution operation. This study analyzes the performance of a single-cylinder DM-

TJI metal engine with gasoline and alternative fuels.

The first part of the study presents the experimental investigations on three pre-chamber nozzle
orifice diameters at various engine speeds and 10 bar engine load. The combustion parameters for
each tested orifice diameter are presented for the incremental engine speeds. A numerical analysis
was conducted using the GT-Power model simulation tool to support the experimental result. The

DM-TJI engine's maximum gross indicated efficiency was examined and found to be 44.56%, with



a higher EGR dilution rate of 45%. This orifice diameter study reported on the first published
results of the desertion. Additional experimental data were collected for the selected orifice
diameter at a wide range of engine operating test matrices. A predictive engine model was
introduced with experimental data validation. The experimental data and predictive model
generated the engine performance and fuel map for a real-world fuel economy study. Conventional
and hybrid powertrain vehicles were developed with GT-Suite commercial software. Each
powertrain model was calibrated in terms of components (battery, electric motors) capacity,
internal combustion engine operative points, energy management strategy, and gear ratios with
chassis dynamometer measured data of the vehicle drive cycle. A selected U.S. Environmental
Protection Agency (EPA) driving schedule was implemented on the GT-Suite powertrain. The
DM-TJI engine drive cycle fuel economy is compared to an industry-based conventional vehicle
with the same powertrain except for the engine map. The results show the DM-TJI engine fuel
economy improvement between 10.5%-17.29% and CO2 emissions reductions between 9.51%-
14.75% for the selected driving schedule. Mild and parallel hybrid powertrain further improve the
fuel economy by 9.23% and 29.88%, respectively, compared to the conventional powertrain of the

DM-TJI engine. The CO2 emission was reduced by 23%.

Finally, the single-cylinder DM-TJI metal engine performance under different alternative fuels
was studied. An experimental test was carried out at stoichiometric conditions with different fuels,
engine speed, engine load, and EGR dilution rates. Compared to gasoline fuel, E80 ethanol blend
fuel produces 4.47% less CO2 and 25.75% less CO emission, and methane fuel produces 27.91%
less CO2 and 57.85% less CO emission. E80 ethanol blend has the highest indicated efficiency of
45.61% with 45% EGR dilution. Methane fuel has a maximum indicated efficiency of 45.03%

with 38.5% EGR dilution.
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Chapter 1: Introduction

1.1 Motivation

Vehicle manufacturing is one of the most regulated industries in the world and is required to meet
legislation worldwide that controls all aspects of the product. Emissions regulations were first
introduced in the 1970s to control exhaust pollutants. The regulated gases measured during
prescribed tests control NOx (oxides of nitrogen), CO (carbon monoxide), HC (unburned
hydrocarbons), and PM (particulate matter representing carbon particles or soot). Carbon dioxide
was also measured correlating to fuel consumption during the test [1]. Environmental degradation
is a global reality that the world faces today. It is mainly due to continuous and uncontrolled
emissions of hazardous and polluting elements to the atmosphere from various segments of human
activities. The transportation sector consumes nearly one-quarter of primary energy globally.
Passenger transportation, especially light-duty vehicles, is responsible for most transportation
energy use [2]. Emissions from the transport sector are a significant contributor to climate change,
with about 14% of annual (2010) emissions (including non-CO2 gases) and around a quarter of
CO2 emissions from burning fossil fuels. Almost all (95%) of the world's transportation energy

comes from petroleum-based fuels, primarily gasoline and diesel [3].

The global number of cars on the road will nearly double by 2040 [4]. Significant fuel economy
improvements are required to stabilize and reduce greenhouse gas emissions. The transportation
sector has witnessed many technological advancements to enhance fuel efficiency and reduce
vehicle emissions. Stringent fuel economy and emissions regulations have initiated these
regulations that stem from increasing concerns over greenhouse gas emissions, depleting air

quality, and fossil-based resource depletion. Among these technologies, advanced combustion


https://www.ipcc.ch/report/ar5/wg3/

engine, electric vehicle (EV) and hybrid electric vehicle (HEV) powertrains has been widely

implemented in the automotive industry.

Throughout the years, the electric and hybrid vehicle market has grown. Influenced by government
regulations and consumer demand, auto manufacturers have continued to pursue technologies to
improve efficiency and fuel economy [5]. Moreover, EVs still require significant technological
development and infrastructural integration before they become commercially viable, which leads
to HEV being a better investment for the transition period. In addition to the conventional internal
combustion engine (ICE), HEV powertrains are characterized by a secondary electric energy
storage device (batteries) and electric propulsion motors, leading to higher operational efficiency.
Fuel efficiency is the key benefit of HEVs, and this can be achieved by downsizing engines,
optimizing engine operations, improving acceleration performance, recovering kinetic energy
during deceleration and coasting, turning off the engine during standstill, and utilizing the electric

energy stored in the battery.

1.2 Background

The automotive industry is facing extraordinary challenges due to energy and environmental
issues. Growing concerns about global warming and energy security have led to stringent fuel
efficiency and CO2 emission standards for new passenger vehicles. As the push for green energy
continues to gain momentum in today’s industry, the automotive industry primarily focuses on

developing a fuel-efficient, clean, and sustainable transportation system.

Various vehicle standards worldwide can play an essential role in addressing the problem. The
goal of fuel economy standards to limit the amount of carbon dioxide emitted by vehicles is crucial

to mitigate global warming. There is a great deal of policy activity around the world. Ten years



ago, only four governments had introduced mandatory greenhouse gas (GHG) emission/fuel
economy standards. Today, ten governments have established fuel economy or GHG emission
standards for light-duty vehicles (LDVs). All are among the top 15 vehicle markets worldwide:
nearly 80% of new LDVs sold globally are currently subject to GHG emission or fuel economy

standards.

Fuel economy standards progress and target are reviewed in the International Council on Clean
Transport (ICCT) report. The review adopts reference standards corresponding to two of the most
common ways to measure and regulate fuel consumption and GHG emissions from passenger
vehicles. The European Union requires the fleet CO2 emissions of light-duty vehicles to be below
95 g/km and 145 g/km for light commercial vehicles, corresponding to average fuel consumption
of 4.1 L/100 km for petrol-fueled vehicles and 3.6 L/100 km for those with Diesel engines,
respectively [6,7]. In the United States (US), a CO- target of 109 g per km is intended for 2020.
The US set a requirement of 54.5 MPG fleet-wide Corporate Average Fuel Economy (CAFE) by
2025. The actual and projected fleet average fuel economy of the world's major countries from
2000 to 2030 are shown in Figure 1.1 and Figure 1.2.
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When all vehicle technology contributions to low-carbon targets are included, it is estimated that
vehicle technology advances might deliver around 10% of the overall decrease. The remaining
90% of the target is to be achieved by powertrain technology [9]. Change from ICE vehicles to
battery electric vehicles (BEV) or electric motors (electrified powertrains) have zero tailpipe
emissions, but they face associated challenges such as high battery costs and low driving ranges.
In addition, a lack of electrical energy from clean sources, rejection of users to the change, and
lack of infrastructure introduce new problems [6,10]. Therefore, hybrid drive train technologies
are considered short and mid-term solutions to reducing automobile fuel consumption and

emissions without compromising vehicle performance.

1.3 Hybrid Electric Vehicles

The concept of HEV is almost as old as the automobile itself. The first hybrid vehicles reported
were shown at the Paris Salon of 1899 [11]. The vehicle was a parallel hybrid with a gasoline
engine, assisted by an electric motor and lead-acid batteries. When the driving power required was

higher than the engine rating, the electric motor provided additional power.



In the past decade, EV and HEV research accelerated due to oil prices and environmental concerns.
The technologies have been improved significantly in battery technology. They offer solutions to
critical issues related to today’s conventional vehicles by diversification of energy resources, drive
load equalization, improved sustainability, quiet operation, lower operating costs, and

considerably lower emissions during operation without high extra cost.

Normalized energy flow for various vehicle configurations of ICE and HEV can be compared as
shown in Figure 1.3. It can be observed that HEV achieves higher fuel efficiency through utilizing
the energy lost during engine idle-stop, brake regeneration, and ensuring the ideal operating range
for the engine [12]. HEVs can save 23%-49% more fuel than their conventional ICE counterparts
[13]. HEVs can be classified into three categories based on their design characteristics: series,
parallel, and a combination of both series-parallel (power-split) [14]. If we categorize the hybrid
vehicles by their ability to charge from the grid, there are two types: the conventional HEV and
plug-in HEV. There is no fundamental difference between the conventional HEV and plug-in HEV
in the power train and mechanical connections. Based on the degree of electrification, HEVs can
be classified as Micro, Mild, and Full or Strong Hybrid [15,16]. Micro-hybrids incorporate only a
simple “Start&Stop” function for the ICE system that removes idling fuel consumption using a
small integrated alternator/starter to shut down the engine when the vehicle comes to a complete
stop and start it up when the driver releases the brake pedal. Once the vehicle is in motion, the ICE
propels the vehicle and permits some energy recovery during braking. The main benefit of such a
characteristic is the opportunity to recover part of the brake energy during vehicle deceleration
phases. This energy is usually wasted in conventional powertrains. While full hybrids can
significantly reduce fuel consumption, they use high-voltage powertrains with robust electrical

motor and require additional components, including extra safety features [10]. This increases the



complexity of the powertrain’s design, and cost presents a barrier to widespread adoption. In
between the two extremes, mild hybrid can recuperate a significant amount of energy at a lower
cost with the following advantages: higher power to weight ratio, lower risk factor owing to lower
operating voltage, easy mechanical integration on production vehicles, and no requirement for a

complex energy management control strategy compared to a full HEV.
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Figure 1.3 Energy flow for various vehicle configurations with the same effective wheel
propulsion. (A) Baseline ICE powertrain, (B) Hybrid vehicle that includes an electric motor and
a parallel drive train [13].

Mild hybrids vehicles use engine downsizing while meeting the power demand at the wheels, low-
load electric driving to deliver power to the wheels, engine start-stop to remove idling fuel
consumption, and series regenerative braking to achieve high fuel economy [17]. The most popular
of such advantages is the possibility of downsizing the original internal combustion engine while
meeting the power demand at the wheels. In turn, a smaller engine can be loaded closer to its

maximume-efficiency curve, which is close to its maximum torque curve. This advantage is brought



about by the capability of the hybrid powertrain to deliver power to the wheels from both the
internal combustion engine and the electric motor. This power delivery assist in the propulsion
maintains acceleration performance of the vehicle. Mild hybrids vehicles technology can be used
with different engine types, including CI, SI, and HCCI engines which may also run on different

fuels [10].

A traditional mild hybrid system consists of an electric motor connected to the engine crankshaft
using a belt drive. The remaining drive train from the engine through the wheel remains the same
as the conventional vehicle. Currently, there are five standard HEV layouts. Namely: PO —
Electrical motor (EM) at the front end of the engine, P1 — EM on the crankshaft between the engine
and Clutch, P2 — EM at the input of the gearbox, P3 — EM at the output of the gearbox, and P4 —
EM at the axle which has no mechanical connection to the driveline. All the different hybrid
layouts schematically represented in Figure 1.4 with the conventional mid-size passenger vehicle
architecture (Architecture A), equipped with an internal combustion engine and transmission, and

assumed as the reference architecture to evaluate the potentialities of different hybrids powertrains.

Architecture B is a PO system corresponding to a micro-hybrid, an EM coupled to the engine
crankshaft by a belt featuring a Belt Alternator Starter, allowing the replacement of the engine
starter of a conventional vehicle. The tractive energy of the vehicle available during deceleration
is transferred to the electric machine to charge the battery. However, there are energy losses during
the regenerative brake energy recovery process. The primary source of energy losses is due to
engine inertia, engine friction, inverter losses, and belt-pulley system losses [18]. Depending on
the size of the electric machine, different power management strategies may be enabled. In
particular, with the low power machine, ‘Start&Stop’ regenerative braking and electric boosting

(i.e. power assist during acceleration) can be performed [19].
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Figure 1.4 Schematic representation of reference conventional powertrain (A) and HEV
architectures (B, C, D, E and F)

In a P1 architecture, the EM directly mounted on the crankshaft between the ICE and the gearbox
removes the belt's limitation, usually called Flywheel Alternator Starter (FAS). It also can supply
torque to assist the engine and recuperation energy during the braking. Similar to the PO, P1 has
comparatively lower efficiency. The EM always has to overcome the engine drag torque. P1
machines are not usually geared to the engine; hence the machine design and topology will differ

from a typical PO machine [20].



P2 architecture used two clutches on the powertrain; the first clutch (C in Figure 1.4) is located
between ICE and FAS, the second clutch (C1 in Figure 1.4) is located between FAS and the
gearbox. During regenerative braking or pure electric drive, the electric motor is not forced to drag
the engine's torque. The P2 layout has a unique advantage; the EM can work at high-efficiency
points for more of the engine cycle; the different gear ratios in the gearbox allow the EM operating
point to be better matched to the vehicle speed [20]. On the other hand, the increase in the
powertrain length caused by the additional clutch might make architecture P2 unsuitable for

transversal mounting, which is the standard solution for this passenger car class [21].

P3 architecture is similar to the P2, except the EM placed at the gearbox's output coupled with a
fixed transmission ratio. The EM must be designed with quite different features because P3
architecture does not use the main transmission's variable gear ratio. The EM speed range should
cover the whole vehicle speed range (unless an additional disconnect device is included). On the

other hand, the gearbox can be neutral to reduce the inertia losses [20].

In P4 architecture, the EM is mounted at the rear differential and becomes an electrical axle, which
experiences pure EV operation. Compare to the rest of the architecture, the efficiency of P4 is
higher on electric drive and regenerative brake operation because it is free from engine drag torque,
gearbox losses, and inertia. P4 architecture has a single gear ratio which limits the EM speed in a
range, and EM may not always work at the most efficient possible operating points [20]. To make
the P4 architecture more efficient, it is possible to combine with PO or P1 and to gain the advantage

of direct battery charging.



1.4 High Efficiency IC Engines

HEVs can be considered a potential technology to promote electric drive and emission reduction
depending on the extent of their mode of use, vehicle design, and electric source. However, the
primary power share of the HEVs is produced by ICE. With the frequent stops and restarts of the
engines, the lowered exhaust gas temperature, and reduced effectiveness of the oxidation catalyst,
HEVs showed no reduction in emissions compared to the conventional ICE vehicles [13]. The
target of 75 g CO2/km tailpipe emissions could not be achieved with HEV and standard gasoline
engine in a typical compact class passenger car [10]. Without improved thermal efficiency and
reduced exhaust emission of ICE, hybridization will not give us the leverage to meet the regulation

emission standards

Burning air-fuel mixtures that are lean or diluted with exhaust gases has shown the capability to
improve spark ignition engines' efficiency and fuel consumption through higher mixture-specific
heat ratio and reduced heat loss due to lower in-cylinder temperature, as well as reduced pumping
loss. In addition to that, a lean operation can reduce NOx emissions by facilitating low-temperature
combustion [22]. However, the lean limit is restricted to the capability of the ignition system to
reliably ignite the fuel-lean mixture combustion stability, due to the less favorable ignition quality
of the mixture and the slow flame propagation through the lower temperature lean mixture. Poor
combustion stability increases HC and CO emissions due to misfire and partial burning cycles,
while power output substantially decreases [23,24]. Several ignitions and combustion strategies
have been investigated in the past to achieve lean-burn engine operation. Among all combustion
enhancement systems, implementing higher energy distributed ignition sources, which led to the
development of modern pre-chamber combustion-initiated systems, is one of the most successful

technologies that have been extensively studied.
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Turbulent Jet Ignition (TJI) is an ignition improvement method for the combustion of ultra-lean
and low-temperature mixtures by replacing the spark plug in a standard spark ignition engine with
a pre-chamber that initiates combustion. The TJI system is a modern pre-chamber-based jet
ignition system characterized by small pre-chamber volume (<3% of the clearance volume),
auxiliary pre-chamber fueling, and multiple small orifices connecting the main and the pre-
chamber [25]. Most TJI systems consist of a pre-chamber and main chamber connected with one
or more small orifices. Combustion is initiated in the pre-chamber using conventional Spark
Ignition (SI), which causes a high-pressure increase and forces the hot products of combustion to
discharge through one or more small orifices into the main chamber, which enables fast burn rates
due to the ignition system producing multiple widely distributed ignition sites and consumes the
main charge rapidly with minimal combustion variability. The distributed ignition sites enable
relatively small flame travel distances enabling short combustion durations and high burn rates
through a complex coupling of turbulence generation, chemical kinetics, and thermal effects [26—
28]. The fast burn rates allow for increased levels of dilution compared to conventional spark
ignition combustion. Additionally, the system has been developed to operate on readily available

commercial fuels (gasoline, propane, natural gas) [26,29].

The TJI combustion system's primary challenge is maintaining combustion stability inside the pre-
chamber with high exhaust gas recirculation (EGR) intake charge dilution. The Dual Mode,
Turbulent Jet Ignition (DM-TJI) system is a combustion technology where an auxiliary fresh air
supply apart from an auxiliary fuel is provided into the pre-chamber [25,30]. The main
modification of the TJI system is the supplementary air supply and its method of delivery to the

pre-chamber. The DM-TJI engine provides high EGR diluted boosted application with high knock
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limit and better gross indicated efficiency. This makes it a preferable choice for hybrid powertrain

applications.

1.5  Objective

The pre-chamber ignition concept was studied at Michigan State University for nearly two
decades. The efforts resulted in a granted patent describing an internal combustion engine that
implemented a Dual Mode, Turbulent Jet Ignition (JETFIRE®). The ignition system is contained
in what is termed a Jetfire® cartridge. The previous research contribution plays a significant role
in the success of the DM-TJI engine system. Vedula et al. [31] reported the net indicated thermal
efficiency of the first optical engine prototype DM-TJI engine for both lean and 30% nitrogen
diluted, near stoichiometric operation. He also studied the effect of pre-chamber fuel injection
timing, including pre-chamber air injection and different injection pressures on iso-octane/air
combustion in a DM-TJI system equipped rapid compression machine for a global lambda of 3.0.
Tolou et al. [32] developed a physics-based GT-Power model of the Prototype 1l DM-TJI system
and predicted the ancillary work required to operate the additional components of the DM-TJI
system. Atis et al. [33] demonstrate up to 50% external EGR (v/v) dilution rate with the Prototype

[11 DM-TJI or the Jetfire® cartridge equipped metal engine at 1500 rpm engine speed.

In this dissertation, the performance of the single-cylinder Prototype 11l DM-TJI metal engine
evaluates at different engine speeds and orifice diameters. The experimental result and numerical
combustion model were used to generate a four-cylinder engine configuration performance and
fuel map. Conventional and hybrid vehicles were developed, and the drive cycle fuel economy

was studied. Finally, the DM-TJI metal engine fuel flexibility was studied with E80 ethanol blend
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and methane alternative fuels. The alternative fuel EGR tolerance limit and maximum fuel

efficiency were evaluated. The exhaust emission compared between the fuels.

1.6 Thesis Outline

In Chapter 1, the background and motivation behind the current work regarding the necessity of
an EGR diluted combustion engine to achieve higher thermal efficiency incorporated with the

hybrid powertrain for the current and future generation light-duty powertrain vehicle is discussed.

Chapter 2 describes the different stages of the Jetfire® ignition system and DM-TJI engine
development. The effect of pre-chamber nozzle orifice diameter on engine speed performance at
40% EGR diluted conditions has been investigated experimentally on a single-cylinder DM-TJI
engine at Michigan State University. The maximum engine efficiency was investigated on specific

engine running points and compared with other similar engines’ performance.

Chapter 3 studies the numerical simulation and model development of a DM-TJI engine. A 1D
DM-TJI engine model with a 0D/1D combustion model approach was performed using GT-Power.
Experiments were conducted to calibrate the developed model and verify the result. The calibrated
engine system model was further studied to propose a predictive, generalized model for a DM-TJI
engine. Engine efficiency and fuel map were generated using the generalized model for the DM-

TJI engine covering a wide range of loads and speeds.

Chapter 4 demonstrates the powertrain architecture's selection, design, and optimization.
Conventional, mild and parallel hybrid powertrain developed on GT-Suite powertrain model
consists of three layers; systems, components, and functions. Equivalent circuit lithium-ion battery
cell models have been studied for vehicle battery power management system development.

Matlab/Simulink blocks are used to create an integrated model with easily changeable parameters
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for estimating the battery parameters. The battery pack model test data result is used for model
validation. Rule-based controllers developed for hybrid powertrains include the engine controller,
battery management system, transmission controller, and regenerative brake controller. The
control system validates with a tested hybrid vehicle. The engine fuel map generated in Chapter 3
analyzed the three different powertrains developed for fuel consumption, CO2, and NOx emission

over light-duty vehicle driving cycles.

Chapter 5 studies the DM-TJI metal engine fuel flexibility with E80 ethanol blend and methane
alternative fuels. The EGR tolerance limit of the alternative fuels was evaluated. The fuel

maximum thermal efficiency determined. The exhaust emission compared between the fuels.

Finally, the results and conclusions of the dissertation are summarized in chapter 6. This chapter

also concludes with a list of remarks and recommended steps for future work.
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Chapter 2: Development of a Pre-chamber Combustion for Spark Ignition Engines in

Vehicle Applications

21 Introduction

The transport industry accounts for about 22% of the global primary energy consumed and is an
important greenhouse gas emitter. With the current trend, it is estimated that in 2030 the transport
sector will be responsible for 75% of GHG emissions [34,35]. Currently, the world has more than
1.2 billion passenger cars and 380 million commercial vehicles. Global industrialization and
urbanization are likely to increase gasoline engine output in the future years. Hence creditable
projections suggest 120 million new vehicle registrations by the year 2030. In addition to
increasing electrification, at least 75% of vehicles are based on combustion engines [36]. The
increasing strict emission regulations for internal combustion engines worldwide force car
manufacturers to exploit innovative combustion technologies. Ambitious vehicle fleet CO2
emission reduction and fuel economy targets have been set for light-duty vehicles worldwide.
Europe announced the most progressive emissions legislation so far, with an intended target of 95
g of CO2/km in 2021. A reduction of at least 37.5% must be achieved in 2030 in comparison to

2021 based on the Worldwide Harmonized Light vehicle Test Procedure [37,38].

In order to achieve these targets, the structure of the global automotive market is expected to
change from pure thermal toward more advanced internal combustion engine-based powertrains
with mild electrification. According to vehicle market studies, the cumulative share of gasoline
hybrid powertrain vehicles will exceed 30% of worldwide sales in 2030 [38], a viable step toward
electrification. A spark-ignition engine is a dominant choice for a hybrid powertrain due to its low

cost and high-power density. It will also be essential to develop highly efficient internal engines
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to limit the constraints and requirements for the electrical components, such as the battery size.
This is an essential step towards meeting environmental goals. These highly efficient internal
combustion engines will also maximize vehicle efficiency in highway driving conditions where

hybridization does not significantly benefit.

2.2  Pre-Chamber Ignition Concept

Several approaches are used to increase spark-ignition engine thermal efficiency, such as engine
downsizing, high compression ratio, tumble enhancement, (late) intake valve closure, and charge

dilution. Increasing the thermodynamic efficiency theoretically improves the overall energy
efficiency. Based on the Otto cycle efficiency (n;, = 1 — #), the theoretical efficiency can be

achieved by both increasing the compression ratio (CR) of the engine and by increasing the ratio
of specific heats (y) [37]. The compression ratio is mainly linked to the engine geometry and the
specific heat ratio coefficient influenced by the air-fuel equivalent ratio of the combustion process.
However, increasing both values shows major drawbacks in real engineering applications.
Increasing the compression ratio has shown increases the in-cylinder temperature and pressure,
leading to increased heat transfer losses and knock tendency. Burning high-diluted mixtures on a
high engine compression ratio have shown the capability to improve engine efficiency in several
ways. The heat losses through the combustion chamber walls are significantly reduced, and the
pumping losses are reduced when the engine operates at medium-to-low loads. Conventional Sl
engines operating at partial loads use a throttle valve to restrict the intake flow, contributing
significantly to the engine pumping work. High-diluted mixtures offer the potential to mitigate Sl

knock at high engine load [39-41].
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Due to reduced laminar flame speeds and slower ignition kernel development, an extremely lean
combustion mixture poses ignitability and stable combustion challenges. Thus, higher ignition
energy is needed to ignite a leaner mixture, which may require non-conventional and costly
technology. Many alternative ignition systems were examined to improve the dilution tolerance of
the traditional SI engine. Some alternatives are plasma ignition, laser-induced ignition, high-
energy spark plugs, corona discharge ignition, multi-strike ignition, and pre-chamber ignition
systems [34,40]. However, high cost, unproven durability, and electrical interference remain
challenging for many ignition technologies, except the pre-chamber ignition system. A compelling
concept for burning diluted combustion can be a pre-chamber combustion system [26]. This
technology effectively achieves lean combustion by improving engine dilution tolerance and
knock performance. In such configurations, a mixture of fuel and air ignited in the pre-chamber,
and the burning jets discharged into the main chamber. The pre-chamber inner volume is small
compared to the main chamber clearance volume, usually occupying a volume that is roughly
between 2% and 5% of the cylinder volume at the top dead center [41]. Both volumes exchange
mass and energy through multiple nozzles. The turbulent jets from the pre-chamber create highly
dispersed volumetric ignition and enhance turbulence, accelerating the combustion process within

the main chamber [39,40].

The pre-chamber S1 engine was first proposed by Ricardo in the 1920s and extensively developed
in the Soviet Union and Japan [42]. The Ricardo 2-stroke engine incorporated two valves for
intake/exhaust and a third auxiliary intake valve through which the rich fuel-air mixture was
supplied to the pre-chamber. A separate intake manifold feeds a fuel-rich mixture through a small
intake valve containing a spark plug into the pre-chamber connected to the main chamber through

anozzle. At the same time, a lean mixture is fed to the main chamber through the intake manifold.

17



A spark then ignites the rich mixture. After combustion starts in the pre-chamber, the rich burning
mixture issues as a jet through one or more orifices into the main chamber, entraining and igniting
the leaner main chamber mixture [43]. This 3-valve engine design inspired many other similar
charge stratifications with pre-chamber concepts. A comprehensive review of the evolvement and
progress of different pre-chamber initiated combustion systems was presented by Alvarez et al.

[34] and Toulson et al. [43].
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Figure 2.1 Schematic of three-valve torch-ignition stratified-charge spark-ignition engine[42]

2.2.1 Turbulent Jet Ignition (TJI)

The promising ignition enhancement technology for ultra-lean combustion with high-energy
efficiency is turbulent jet ignition (TJI), a pre-chamber ignition enhancement concept for use in
internal combustion engines that uses a distributed ignition source through the use of a chemically
active turbulent jet [43]. The TJI system involves a small pre-chamber, a multi-orifice nozzle, and
the main chamber. Nikolai Semenov first introduced the concept of jet ignition in late 1950, he
directed with Lev Ivanovich Gussak, that the first jet ignition engine was developed [44]. Tl is a
further refinement of the jet ignition concept for direct application to standard spark-ignition
engines. The TJI system adopts a pre-chamber that houses a spark plug and optionally fuel/air

injectors, which react as the ignition source by replacing the spark plug in a conventional spark-
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ignition engine. This technology is promising due to its fast burn rates and the ability to ignite
mixtures with increased levels of dilution when compared to conventional spark ignition [22,24].
A rich fuel/air mixture is supplied to the pre-chamber to ensure successful ignition, and the main

chamber can accommodate sufficient lean mixture for enhanced thermal efficiency.

FPre-Chamber

Fre-Chamber

Figure 2.2 Passive (left) and active (right) pre-chamber configurations

There are two main configurations of TJI pre-chambers combustions known as ‘Passive’ and
‘Active’ pre-chambers, as shown in Figure 2.2 [45]. In the passive configuration, the pre-chamber
contains only a spark plug, and there is no auxiliary fuel supplied into the pre-chamber. The fuel
delivered in the main chamber is forced into the pre-chamber during the compression stroke. The
air-to-fuel ratio is not directly controlled, so that the fuel/air mixture has to rely on natural
scavenging during the intake stroke to enter the pre-chamber. Therefore, the passive pre-chamber
design causes difficulty for precise charge preparation inside the pre-chamber, leading to more
severe combustion instabilities and a higher chance of misfiring. The passive system cannot deliver

the same maximum efficiency benefit as the active configuration when operating ultra-lean [45].
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In the active configuration, an auxiliary fuel supplier inside the pre-chamber contains a second
flow injector that can provide additional fueling to the pre-chamber. Its air-to-fuel ratio is

controlled at optimum values close to rich conditions from the main chamber [41].

Two different strategies can be used to achieve a dilution mixture in the combustion chamber:
excess air dilution, referred to as the lean-burn strategy, and EGR. Both approaches offer similar
benefits in achieving low-temperature combustion to realize better thermal efficiency benefits and
emission improvements. In terms of improving fuel economy, the lean-burn system is generally
more effective than the EGR system because the specific heat ratio of excess air is higher than that
of recirculated exhaust gas. However, lean-burn operation with excess air dilution in SI engines
has difficulty meeting the legal NOx emission requirement. A significant challenge with the lean
burn strategy is that it cannot utilize highly effective efficiency of the widely used three-way

catalyst (TWC).

On the other hand, an EGR system with a three-way catalyst is more effective in reducing NOx
emissions. If a large quantity of recirculated exhaust gas can be introduced under stoichiometric
operating conditions, NOx emissions can be reduced by the three-way catalyst, and fuel economy
can be improved to almost the same level achieved by conventional lean-burn technology. In
gasoline-fueled Sl engines, the TWC has proved to be very efficient at reducing the engine out of
HC, CO, and NOx emissions. The limitation is that the engine needs to operate very close to
stoichiometric conditions to make the catalytic conversion efficient. The catalytic converter
efficiency is low if the air/fuel ratio moves slightly toward the lean limit [46]. The basic demands
of higher technologies in Sl engines come from high brake thermal efficiency and low engine-out
emissions while maintaining low investment and maintenance costs. Lean combustion in modern

Sl engines has been shown to provide improved thermal efficiency; it also produces higher NOx
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emission compared to operation at high EGR dilution while maintaining overall stoichiometric
conditions. This makes using a TWC nearly impossible and necessitates additional after-treatment
systems such as a lean NOXx trap or selective catalytic reduction catalysts. An alternative strategy
can be EGR [25] to overcome this problem. If the inlet charge is diluted by EGR or high levels of
cylinder trapped residual, similar advantages to the excess air dilution operation can be attained

while maintaining the stoichiometric air-fuel ratio that permits the effective usage of TWC.

2.2.2 Dual-Mode Turbulent Jet Ignition

Using EGR as the diluent instead of excess air makes using a TWC possible, but it requires the
engine to operate with a very high level of EGR to reach the efficiency of very lean systems.
However, high EGR decreases the laminar flame speed compared to the lean operating conditions
because of the lower oxygen concentration in the mixture [47]. With excess air dilution, there is a
high percentage of excess air available in the pre-chamber so that a small additional amount of
fuel injection still enables the formation of an ignitable mixture in the pre-chamber. However, TJI
systems cannot operate effectively under dilute conditions with very high levels of EGR due to
their difficulty in reliably igniting the pre-chamber. With a high level of EGR mixed with the
intake air-fuel reactants along with the trapped residuals, it becomes challenging to control the pre-
chamber mixture at stoichiometry using only the auxiliary pre-chamber fuel injection [25]. This
leads to pre-chamber misfires, which propagate to misfires in the main chamber, and the

combustion stability suffers. To overcome this problem, a DM-TJI system was introduced [48].

The DM-TJI system is an engine combustion technology in which the pre-chamber is equipped
with an auxiliary air supply along with the auxiliary fuel injector [25,49-51]. The DM-TJI system

is the modified version of the TJI system with the additional air supply and the method of delivery
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to the pre-chamber [38,49,52]. The DM-TJI system enhances the pre-chamber stoichiometry
control, independently of the main chamber, for better combustion stability in the pre-chamber and
main chamber. Spark ignition in the pre-chamber creates highly energetic chemically active
turbulent jets that pass through a multi orifice nozzle to enter the main chamber and initiate
combustion at multiple sites distributed around the highly dilute mixture inside the main chamber.
This is particularly important to achieve the fast burn rates due to the low flame velocities inherent
in a highly dilute the air-fuel mixture. The additional air supply to the pre-chamber through
auxiliary air supply gives three advantages on the highly EGR diluted combustion. First, it helps
purge the pre-chamber effectively from combustion residuals. Second, it maintains the pre-
chamber mixture at an ignitable state when the main chamber is mixed with high EGR dilution.
Third, the system can use the conventional TWC by permitting stoichiometric operation with a

high level of EGR dilution.

Spark plug Fuel injector

Air injector & Pre-chamber

Main-chamber

Figure 2.3 DM-TJI engine architecture [53]
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Pre-chamber
fuel injection

Camshaft driven
air valve

Figure 2.4 Sectional view of DM-TJI system engine head with the pre-chamber system (CAD
model rendering)

There have been several studies on the DM-TJI engine. Vedula et al. [30] studied the effect of pre-
chamber fuel injection timing, including pre-chamber air injection and different injection pressures
on iso-octane/air combustion in a DM-TJI system equipped rapid compression machine for a
global lambda of 3.0. Song et al. [53] studied a control-oriented combustion model for a single-
cylinder prototype | DM-TJI engine with speeds between 1200 and 2000 rpm with IMEP between
4.2 and 7.2 bar using liquid fuel for both pre and main combustion chambers. Vedula et al. [51]
reported a net thermal efficiency of 45.5%x0.5% for the prototype | DM-TJI engine at Michigan
State University (MSU) with a compression ratio of 12.0 and wide-open throttle using both lean
air-fuel mixture and 30% nitrogen-diluted near-stoichiometric mixture. Tolou et al. [50] predicted
the ancillary work required to operate a prototype Il DM-TJI system and developed a GT-Power
model that employed a two-zone analysis for pre and main combustion chambers. Atis et al. [25]
studied Prototype Il DM-TJI optical engine at MSU and showed that the system could maintain
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stable operation (COViver<2%) with 40% external EGR at stoichiometric (A~1) operating
conditions. The study also demonstrated while a correlation between the nozzle orifice diameters
and overall burn duration. Atis et al. [49] studied a comparative experimental study of lean burn
and EGR diluted operation in a pre-chamber air-fuel scavenged Prototype 111 DM-TJI system in a
high compression ratio, single-cylinder fueled with gasoline. The study shows EGR dilution was
more effective in NOx emission reduction than excess air dilution. A maximum of 38.5% net
indicated thermal efficiency with a 40% EGR dilution rate running at a load of 6 bar IMEPg at

1500 rpm.

2.3 Pre-Chamber Nozzle Orifice Diameter

Most TJI systems consist of a pre-chamber and main chamber connected with one or more small
orifices. Combustion initiated in the pre-chamber using conventional Sl causes a high-pressure
increase. It forces the hot products of combustion to discharge through one or more small orifices
into the main chamber. Compared to the more traditional pre-chamber used in diesel engines with
large volume, single orifice diameters, a smaller pre-chamber with multiple orifice nozzles and
smaller orifice diameters can improve the lean limit of an Sl engine [40]. The multiple orifice
nozzle produces multiple distributed ignition sites throughout the main chamber. With rapid
burning, there is less residence time available for end-gas to reach knocking conditions. This
enables the use of a higher compression ratio, further increasing thermal efficiency. The orifice
diameter and number are critical to any TJI system, and their influence on the transient jet

development is worthy of further study.

Previous studies have investigated TJI and the influence of nozzle geometry by employing various

means of experimental testing, numerical modeling, and image visualization and processing.
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However, there is no comprehensive overview in the literature of how the nozzle geometry affects
the TJI process. Bunce et al. [54] studied five different pre-chamber nozzle designs and diameter
range between 0.64 and 1.36mm on a light-duty gasoline engine. Both large and small nozzle
diameters will cause non-ideal engine combustion and resulting efficiency. Roethlisberger et al.
[55] tested a TJI igniter in a diesel engine with four different orifice diameters ranging from 1.41
to 2.24mm and found that a small total nozzle cross-sectional area was advantageous for jet
penetration and combustion initiation. However, there was a limit to how small the orifice could
be reduced before the occurrence of ignition misfire. Gentz et al. [26] identified slight variations
of burn duration between the different diameters, at which point the burn duration increases as the
diameter increases. Thelen et al. [56] studied fully three-dimensional CFD simulations with four
different orifice diameters; an orifice diameter of 1.5 mm provides the fastest ignition and the
fastest overall combustion burn duration. Gentz et al. [57] show that a 1.5 mm orifice exhibited
the fastest flame initiation compared with 2 and 3mm single-orifice nozzles with a premixed
propane/air mixture studied by visualizing the combustion in an optically accessible rapid
compression machine (RCM). Atis et al. [25] studied a range of pre-chamber nozzle orifice
diameters with lean and EGR diluted conditions. In general, smaller orifice diameters resulted in
shorter overall burn duration due to more favorable distribution in ignition sites. Yu et al. [40]
investigated several passive pre-chamber design to examine the engine performance tradeoffs with
nozzle diameter, pre-chamber volume, number of nozzles, and pre-chamber fuel enrichment for
excess air and external air EGR dilution strategies. Increasing the number of nozzles at a fixed
nozzle area-to-volume ratio can improve efficiency tradeoff while maintaining a shorter burn rate

due to longer flame jet penetration and higher turbulence.
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Most pre-chamber orifice diameter studies are conducted on RCM or on a single-cylinder engine
test with a specific fixed engine speed. This chapter focuses on results of engine speed variation
on pre-chamber nozzle orifice diameter. Three different orifice diameters (1.25, 1.5, and 1.75mm)
are selected based on the preliminary study result of the Prototype 11 DM-TJI optical engine. The
engine speed varies in a range of 1500-2300 rpm. The engine speed range is limited by the test

setup.

2.4  Experimental Setup and Arrangement

2.4.1 Engine Setup

The engine used in this study is a single-cylinder Prototype 111 DM-TJI metal engine. The engine's
stroke was 95 mm, and the bore was 86 mm with a connecting rod length of 170 mm. Table 2.1
shows the dimensions and other detailed experimental engine specifications—an intake manifold
with pockets for port fuel injectors designed and installed for injection of main-chamber fuel. The
test bench incorporated a boost-cart assembly. The first stage EATON TVS R410 supercharger
was used alone for lower load along with a charge air cooler (CAC). The second stage supercharger
(EATON TVS R900) was added for the higher load to ensure that enough boost and EGR rate
could be maintained. Upstream throttle, a blow-off valve, and an EGR valve are used to control
intake conditions for boosted operation. The EGR line is connected from the exhaust system to the
boost-cart using the EGR valve. A large intake plenum was utilized to ensure proper mixing of
EGR before entering the combustion chamber. The intake air-EGR mixture temperature was

maintained at 45°C for all the tests.

The recirculating exhaust gas cools down before it reaches the EGR valve assembly using the EGR
cooler. The CAC controls the EGR temperatures to a specific level to avoid condensation due to
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the high EGR rate and maintain a constant intake charge temperature throughout the tests. A
pressure delta across the EGR system was maintained using the upstream throttle and the EGR
valve. A cooling system had a separate controller and coolant pump to circulate a 50:50 ethylene
glycol-water mixture through the engine to maintain the cylinder head temperature at 90°C using

an electrically powered heating element.

Table 2.1 Engine specification used for orifice comparison

Parameter Description

Bore 86 mm

Stroke 95 mm

Connecting rod length 170 mm

Main chamber swept volume | 0.55 L

Compression ratio 13.3:1

Number of Cylinders 1

Strokes 4

Fuel injection pressure 100 bar

Injection system Direct in pre-chamber and port in the
main chamber

Pre-chamber volume 2900 mm? (~6 % of clearance volume)

Number of Nozzle orifice and | 6 holes, Symmetric
configuration

Orifice diameter 1.25mm, 1.5mm and 1.75mm
Number of Valves 2-intake, 2-exhaust, 1-pre-chamber
Pre-chamber  air  supply | 30-75 psi (gauge)

pressure

Valve timing for max lift Intake timing - 90 CAD aTDCGE,

Air valve timing - 110 CAD bTDCF
Exhaust timing - 90 CAD bTDCGE
Intake system Naturally aspirated and boosted

Using a PID (proportional-integral-differential) controller, the temperature was maintained at this
set temperature during the entire testing time. When the engine coolant exit temperature is above
90°C, the chiller valve opens, and the coolant circulates through the heat exchanger until the

temperature is back to 90°C. The compressed air was introduced into the pre-chamber from the
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shop's compressed air supply line through the air valve actuated by the intake camshaft containing
a separate air-valve cam lobe. The compressed air pressure was regulated via a pressure regulator.
A DC dynamometer was used to control the engine speed. Figure 2.5 and Figure 2.6 shows a

schematic diagram of the engine assembly experimental set-up with a fully instrumented test cell.

— Intake line

— Exhaust line
Fuel line
Temperature Sensor
Pressure Sensor

(13)

1
(28) e |
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27)— o6 o) (200 (21 ]
Y

Figure 2.5 Schematic diagram of the experimental set-up

(1) Engine head with pre-chamber, (2) Intake runner (3) Exhaust runner (4) Pre-chamber air
valve (5) Pre-chamber fuel injector (6) Main chamber injector (7) Intake plenum (8) Lambda
sensor (9) Intake Oz sensor (10) Intake throttle (11) CAS (12) Supercharger (13) EGR cooler (14)
EGR valve (15) Upstream throttle (16) Muffler (17) EGR line (18) HORIBA exhaust analyzer (19)
Dynamometer (20) Fuel pump (21) Fuel flow meter (22) Fuel thank (23) Exhaust emission line
(24) Intake CO> line (25) LFE (26) Pre-chamber pressure regulator (27) Shop compressed air

supply (28) Vent
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Figure 2.6 Engine test rig

2.4.2 Pre-Chamber Ignition System

The pre-chamber ignition system used in this study is a redesigned prototype 111 Jetfire® cartridge.
The first two prototypes were optical engines; the first prototype [51] had an air injector inside the
pre-chamber to deliver auxiliary air, whereas the second prototype [25] replaced the pre-chamber
air injector with a hydraulically controlled poppet valve for pre-chamber air delivery. The current
Prototype 111 DM-TJI engine [49] replaces the hydraulically controlled pre-chamber air valve with
amore compact Jetfire® cartridge design which contains a more production viable intake camshaft-
driven air valve. The engine head has a pent roof head modified to incorporate the pre-chamber
Jetfire® cartridge and air-valve driving assembly, as shown in Figure 2.7. The pre-chamber Jetfire®
cartridge design packages contain the conventional spark plug, fuel injector, and auxiliary air

valve.
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Figure 2.7 Pre-chamber Jetfire cartridge package CAD design and actual picture

2.4.3 Engine Instrumentation

The engine was tested in a fully instrumented engine test cell with all the standard temperature,
pressure, humidity, and engine-specific measurements, including air and fuel flow, dynamometer,
and emission instruments, as shown in Figure 2.5 and Figure 2.6. A measuring spark plug with an
integrated pressure transducer, Kistler 6115CF-8CQO01-4-1, was employed for the pre-chamber
pressure measurement. Pre-chamber combustion was initiated by this ‘hot’ spark plug and a
conventional automotive inductive ignition system with 60mJ of ignition energy. The main
chamber pressure was measured separately using a second pressure sensor, Kistler 6052A,
installed in the engine head. Piezoresistive pressure transducers Kistler 4045A and Kulite

EWCTV-312 were installed on the intake and exhaust runner to measure the port pressures.

Two data acquisition systems were used. The first was an A&D Technology Combustion Analysis
System (CAS) for high-speed, crank angle resolved pressure data. Sampling resolution of the pre-
and main chamber pressure was set to 0.1 crank angle degree (CAD) and for the port pressure at

0.5 CAD. The second was a National Instruments (NI) data acquisition device for low-frequency
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data. Time-averaged data of temperatures, pressures, fuel flow rates, and emissions were

measured.

Type K thermocouples were added to the intake manifold, exhaust manifold, selected coolant lines,
and the oil gallery to measure and monitor the temperatures. A Meriam laminar flow element
(LFE), Z50MJ10-11, was installed to measure the pre-chamber airflow, which was installed in the
pressurized air-line upstream of a compressed air plenum. The plenum is used to minimize pressure
fluctuation. A multivariable digital transmitter, MDT500 by Meriam Process Technologies, was
used to transfer the LFE reading to the Meriam software development kit (SDK). Ambient
pressure, temperature, and relative humidity were measured using Omega sensors (Omega PX409

and Omega HX93BC-RP1).

The lambda was measured by the emission bench and lambda sensor (ECM Lambda-5200) that
are installed in the exhaust system. Exhaust emissions were measured using a Horiba MEXA-7100
DEGR automotive emission bench that contains CO2, CO, THC, 02, and NOx analyzers. The
analyzer also measures the EGR rate by a dedicated separate intake CO2 sampling line connected
to the intake manifold to measure the volumetric EGR rate. The volumetric EGR rate was cross-
checked with pressure compensated Oz sensors (ECM Lambda-5200) installed in the intake
manifold. An in-house control system containing NI-PXI chassis and Mototron ECM-5554
controllers managed within an NI Veristand environment was used to control the main engine
control parameters such as spark timing, pre- and main chamber fuel injection timings and
durations, intake runner throttle, and EGR valve positions. The most relevant global parameters
related to the combustion process, such as the indicated gross mean effective pressure (IMEPQ),

start of combustion (SoC), combustion phasing (CA50), combustion duration (CA10-90),
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maximum cylinder pressure, pressure gradient, combustion stability, heat release rate (HRR) and

cylinder mean gas temperature were calculated from the cylinder pressure signal.

2.4.4 Engine Fueling System

A fuel cart contains a fuel tank, Coriolis fuel flow meter, and a high-pressure fuel pump used to
deliver high-pressure DI injectors. The fuel supply line divided into two lines, each of which
provided fuel to a separate chamber, which fueled both the pre- and the main chambers. Pre-
chamber fuel was supplied with a custom-developed two holes low-flow DI injector, whereas the
main chamber fuel was supplied in PFI configuration but with a higher flow rate six holes DI
injector. A LabView program and a NI system are used to control fuel line pressure. Both the pre-
chamber and main chamber fuel injection pressures were set at 100 bar. The main chamber fuel
was injected at 360 CAD bTDCF using three split injection pulses, and the pre-chamber fuel was
injected at 70 CAD bTDCF using a two split injection strategy. All tests were performed with Tier
I11 regular certification gasoline fuel. The combined pre- and main chamber fuel flow rate was

measured using a Micro Motion CMFS007M Coriolis flow meter.

2.5  Engine Operating Conditions

Two experiment tests were conducted in the test setup: the first condition is comparing three
different nozzle orifice diameters with the same engine running conditions only by changing the
orifice diameter. The second condition is determining the maximum engine efficiency points by

varying the engine running conditions for each orifice diameter.
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2.5.1 Nozzle Orifice Diameter Analysis

Experiments were conducted with three different pre-chamber nozzle orifice sizes, while the layout
of the orifices was kept the same. The pre-chamber nozzle orifice diameters used for the three
configurations were 1.25mm, 1.5mm, and 1.75mm. The intake and exhaust valve open for
maximum lift at 90 CAD aTDCGE and 90 CAD bTDCGE, respectively. Main chamber fuel was
injected at 360 CAD bTDCF using three split injection pulses, and pre-chamber fuel was injected
at 70 CAD bTDCF using two split injections. The pre-chamber purge air upstream pressure was
set at 75 psi (gauge) for orifice comparison, and the air valve time was open at 110 CAD bTDCF
for maximum lift. The engine was tested at a nominal IMEPg of 10 bar with 40% EGR dilution
with a speed range of 1500 to 2300 rpm. The engine compression ratio was 13.3:1, and the spark
timing was fixed between 30-20 CAD bTDCF depending on the engine speed. During the test for
all orifice diameters, the spark timing, the amount of main chamber fuel, the amount of pre-
chamber fuel, and the respective injection timings were kept the same. The influence of nozzle
orifice diameter was studied to determine how the orifice diameter affected engine operation

concerning running stability and major combustion parameters across engine speed variation.

2.5.2 Determine Maximum Engine Efficiency

The engine operating conditions to determine maximum efficiency were similar to the previous
(nozzle office analysis) setup. Main chamber fuel was injected at 360 CAD bTDCF using three
split injection pulses and pre-chamber fuel was injected at 70 CAD bTDCF using two split
injections. The intake and exhaust valve opened for maximum lift at 90 CAD aTDCGE and 90
CAD bTDCGE, respectively. The auxiliary air valve was open at 110 CAD bTDCF for maximum

lift. The pre-chamber purge air upstream pressure was set between 30-70 psi (gauge) depending
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on the load and engine speed—the engine runs from 2.5 to 10bar IMEPg with a speed range of

1500 to 2300 rpm. The intake air was diluted with EGR up to the tolerance limit of the combustion

stability allowed. The maximum EGR tolerance limit for each configuration was identified based

on two criteria combustion stability limits set as 3% COV mep and a knock limit set as more than

10% cycle crossing a 1.0 bar Pressure Oscillation Difference (POD).

2.5.3 Definitions and Terminology

Some important parameters used in the methodology are defined in this section:

Air-fuel equivalence ratio lambda () is defined as the actual air-fuel ratio to the

stoichiometric air-fuel ratio of both chambers

_ (A/F)actual

A = L actua
(A/F)Stoic. 2.1

Where (A/F)actiai and (AFR)swic. are the mass based actual and stoichiometric air

fuel ratio, respectively[42].
Gross indicated mean effective pressure is given by
180°

IMEP, = f

-180°

(P- dv)main chamber 2.2
Va

Where, P, v, and V4 are the cylinder pressure, cylinder volume, and displacement
volume, respectively [39].

Coefficient of variation of IMEPg is given by
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j #=1(IMEPy , — (IMEPg))?
IMEPg

o N 2.3
cov, S S
MEP = (IMEPg) (IMEPg)

Where, N is the number of cycles [39].

EGR percentage (v/v) is determined in volume basis using the following equation

(CO2)intake 2.4
EeRvotume = 160,) cxnanst

Where (CO2)intake and (C02)exnaust are concentrations of CO2 sampled from engine
intake, which is a mixture of fresh air and EGR and exhaust gas, respectively[58].
These values were measured using a Horiba MEXA-7100 DEGR automotive
emission bench.

The volumetric EGR rate was cross-verified with the intake O percentage
measured by the pressure compensated wideband. The EGR rate is mathematically

represented as:

EGRUOlume = (OZ)ambient B (OZ)intakeair 25

(Oz)ambient - (Oz)exhaust

Where (O2)ambient = 0Xygen concentration in ambient air, (O2)intakeair = 0Xygen
concentration of EGR + air mixture and (O2)exnaust = 0Xygen concentration of
exhaust[59].

The indicated efficiency was estimated using the following equation

IMEPg * Swept Volume 2.6
mfuel = LHV

Indicated Ef ficency =

Where, LHV is the lower heating value of the fuel, msel is the mass flowrate of the

fuel, IMEPg indicated mean effective pressure.
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e The flame development angle is defined as the difference between crank angle
degree (CAD) of spark timing and CAD of 10% of accumulated heat release.

e The combustion phasing (CA50) is defined as CAD of 50% of accumulated heat
release.

e Combustion/Burn duration is defined as the difference between CAD of 10% and

90% of accumulated heat release.

2.6 Results and Discussion

2.6.1 Nozzle Orifice Diameter Analysis

The engine operates at a nominal IMEPg of 10 + 0.5 bar with 40 + 1% EGR dilution and lambda
1 for the orifice diameter comparison. The engine speed varied from 1500 rpm to 2300 rpm. The
data analysis was carried out for 200 engine cycles for each test point. Figure 2.8 shows the result

of the average values of the combustion parameters for the main chamber.
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Figure 2.8 Average combustion parameters of the main chamber 200 cycles of the three orifices
diameter, average combustion stability COViemp (Bottom), and burn duration Burn1090 (Tope)

Considering the burning rate of each orifice diameter, as expected and reported in the previous
study [25], orifice diameter of 1.25mm provides a short burn duration (fast combustion) compared
to orifice diameters 1.5mm and 1.75mm. The fast combustion rate might be caused by longer flame
penetration from the small orifice diameter. However, when the engine speed increases, the
combustion stability of the 1.25mm orifice diameter starts to suffer, as shown in Figure 2.8. When
the engine runs at 1500 rpm, the COV)mep of orifice diameter 1.25mm is below 2%. When the

engine speed increases above 1700rpm, the COV/mep of orifice diameter 1.25mm increases above
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3% (COVimep limit). On the other hand, the COVmep of orifice diameter 1.5mm and 1.75mm is
below 3% through all speed variation. However, it exhibited the slowest combustion rate, which
could be attributed to the unfavorable distribution of ignition sites due to decreased jet penetration.
All orifice diameters have advantages and disadvantages, but it is challenging to consider the
advantages of the 1.25mm orifice diameter fast burn rate and jet penetration without stable

combustion.

An experimental engine motoring pressure trace was analyzed on the three orifice diameters to
determine the cause of combustion instability at high engine speed for orifice diameter 1.25mm.
The peak motoring pressure trace of the pre and main chamber are shown in Figure 2.9 for 1500,
2000, and 2500 rpm engine speeds. At 1500 rpm, the pre-chamber peak pressure was at TDC
(CAD 0); when the engine speed increases to 2500 rpm, the flow exchange time between the two
chambers gets lower, and the pre-chamber peak pressure moves to the right direction from TDC
by 1.2CAD, but the main chamber peak pressure is at TDC for all three engine speeds. This implies
that flow resistance through the small orifice diameter increased with engine speed, and the flow
exchange between the two chambers lagged by 1.2CAD. However, the engine speed variation for
orifice diameters 1.5 and 1.75mm did not cause significant peak pressure position change on the

pre-chamber pressure trace.
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— 1500 RPM — 1500 RPM
— 2000 RPM — 2000 RPM
— 2500 RPM — 2500 RPM
-20 0 20 -20 0 20
Crank Angle [deg] Crank Angle [deg]

Figure 2.9 Pre- and main chamber motoring pressure trace for orifice diameter 1.25mm

2.6.2 1-D simulation: Engine pressure trace analysis

A numerical analysis was conducted to investigate the nozzle orifice diameter effect on the engine
speed beyond 2500 rpm. The pressure traces and temperature data obtained during the
experimental test were used for the three pressure analysis (TPA), which was carried out using
GT- Power [60] software. Three different pressure measurements are required from the
experimental test to calibrate the model. Two of these measurements are intake and exhaust port
pressures, and the third measurement is cylinder pressure. High-speed intake and exhaust port
pressure trace were imposed as boundary conditions on the TPA model; this reduced the number
of offsetting boundary conditions that could be applied to match the experimental conditions. The
pre and main chamber engine motoring data were used instead of the complicated combustion
modeling. The measured and predicted pressure traces (red and blue, respectively) are shown in
Figure 2.10. The model predicted result is very close to the measured motoring pressure trace with

a maximum difference of 2 bar.
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Figure 2.10 Measured and predicted engine firing pressures trace at CR = 13.3:1

The calibrated GT-power model fuel injection set zero to generate the engine motoring trace. A
case setup is prepared to simulate a range of operating speeds from 1000 to 4000 rpm in increments

of 1000 rpm. Figure 2.11 shows the pre-chamber motoring pressure trace for 1.25mm, 1.5mm, and
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1.75mm orifice diameter at 1000 and 4000 rpm engine speeds. The model simulation shows that
1.25mm orifice diameter affected by airflow resistance between the two chambers at the highest
engine speed. The peak pressure of 1.25mm orifice diameter further shifted for the engine speed
of 4000 rpm by 7CAD from the TDC as shown in Figure 2.11 dotted vertical line. The lagging
pressure trace indicates that the airflow resistance on the orifice increased for high engine speed,
and the flow exchange between the two chambers lagged by 7CAD. There might not be enough
time to purge the pre-chamber from the combustion residual and leading to engine misfire. The
peak pressure change is negligible for the 1.5mm (0.2CAD) and 1.75mm (0OCAD) orifice diameters
at high engine speed. Based on the experimental and simulation results, 1.5 and 1.75mm orifice

diameters are better candidates for a DM-TJI engine with a wide engine speed range.
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Figure 2.11 Pre-Chamber motoring pressure trace for 1.25, 1.5 and 1.75mm orifice diameter at
1000 and 4000rpm engine speed.

An additional advantage observed using 1.5 and 1.75mm orifice diameters. The engine can run
with low pre-chamber upper stream pressure for low engine speed compared to the 1.25mm orifice

diameter. For example, an engine running points which operates at a load of 8 bar at engine speed
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1500 rpm (1.25mm orifice diameter, 75 psi upper stream pressure) can run with the same engine
load and speed with 1.5 and 1.75mm orifice diameter using 55 psi upper stream pressure. This will

reduce the work input to the auxiliary pre- chamber air supply and increase engine efficiency.

2.6.3 DM-TJI Engine Thermal Efficiency

The maximum efficiency of the single-cylinder DM-TJI engine was evaluated using 200
consecutive cycles collected for each selected operating point of orifice diameters 1.5 mm and
1.75mm. The considered operating points showed good stability with low COV mep (less than 3%),
high EGR dilution (45%), and below the assigned knock limit. The timings for main chamber
injection were held constant throughout this study, and the start of injection signal of the main
injector was fixed to 360 CAD bTDCF. The injection event takes place during the intake stroke,
which ensures enough time for the mixture preparation. In pre-chamber, the start of injection
timing was 65 CAD bTDCF. This timing has been identified as an adequate compromise between
sufficient time for mixture formation inside the pre-chamber and sufficient cylinder backpressure
to prevent fuel escaping from the pre-chamber before ignition timing. A preliminary spark advance
sweep has shown that the commonly used combustion phasing of CA50 at 6-9 CAD aTDCEF is the
optimum engine efficiency for the EGR diluted operating conditions. If there were no knocking
limitation on the spark advance set, the ignition time retarded to ensure maximum engine
efficiency. The impact of the spark timing was analyzed by advancing or delaying it with 2 CAD
steps from the maximum brake torque (MBT) point. The tests were carried out in a various driving
cycles engine operating range, at engine speed between 1500 - 2300 rpm and a range of indicated
mean effective pressure (IMEPQ) between 2.5 - 10 bar. This speed and loads represent the majority
of operating condition over driving cycles. The EGR dilution rate and the pre-chamber upstream

pressure value vary based on the engine speed and load. Figure 2.12 presents the maximum DM-
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TJI engine indicated thermal efficiency, number of knock cycles above 1 bar, and coefficient of

variation of IMEPg obtained using orifice diameters 1.25mm, 1.5mm, and 1.75mm between the

engine speed 1500 — 2300 rpm.
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Figure 2.12 DM-TJI engine gross indicated efficiency, number of knock cycles above 1 bar, and
coefficient of variation of IMEPgwith engine speed for orifice diameter 1.25mm, 1.5mm, and
1.75mm.

43



The maximum indicated efficiency obtained using orifice diameter 1.25mm is 43.3 % at an engine
speed of 2000 rpm. However, the COV vep is above the 3% limit range, and the number of knock
cycles is above the 20-limit range. Orifice diameter of 1.5mm has better efficiency in the speed
range of 1500-2000 rpm than the other orifices. The maximum indicated efficiency is 44.18% at
an engine speed of 1900 rpm with a COV mep 0f 1.5%. On the other hand, 1.75mm orifice diameter
performs better in the high engine speed ranges between 2100-2300 rpm. The maximum indicated
efficiency is 44.56 % at an engine speed of 2300 rpm with a COV mep of 1.9%. This indicates that
1.5mm is a better orifice diameter for low engine speed operation, and 1.75mm orifice diameter is
better for high engine speed operation for the DM-TJI engine. However, for the majority LDV

operating condition 1.5mm orifice diameter is better candidate.

The engine brake thermal efficiency calculation was conducted considering engine friction loss
and additional work input for auxiliary pre-chamber air supply. The engine frictional loss were
estimated using the empirical equation of Chen-Flynn friction correlation [61]. The equation
implemented on GT-power model that represent the single cylinder DM-TJI metal engine to
estimate the frictional loss. The additional work required for the auxiliary pre-chamber air supply
was estimated using the Womack fluid power design data sheet [62], which calculates the power
required to compress the purge air with an assumed 85% isentropic efficiency. The flow of
auxiliary air supply in the experiment was measured by LFE flow measurement and used as input

for work input calculation.

Figure 2.13 presents the DM-TJI engine estimated brake efficiency using orifice diameters of
1.5mm and 1.75mm between the engine speeds of 1500 — 2300 rpm. The maximum brake
efficiency results were 39.2% and 39.5% for 1.5 and 1.75mm orifice diameters, respectively. A

conventional engine with a similar compression ratio (MAZDA SkyActiv 2.0L 13:1 compression
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ratio) brake thermal efficiency was reported on [63] with a maximum value of 37%. Compared to

the MAZDA conventional engine, the DM-TJI engine performs with 6.8% higher efficiency.
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Figure 2.13 DM-TJI engine brake efficiency using orifice diameter 1.5mm and 1.75mm variation
with engine speed

2.7  Summary and Conclusion

This chapter first discussed the pre-chamber ignition concept and the development progress with
different arrangements and prototypes. Three pre-chamber nozzle orifice diameters were examined
at different loads and speeds using the DM-TJI Prototype Il metal engine installed at Michigan
State University’s Energy and Automotive Research Laboratory. The maximum engine efficiency

was evaluated, and the following conclusions are drawn from the experiments performed.

e The DM-TJI engine with a compression ratio of 13.3:1 was able to maintain a stable run
(COVinver < 3) with 40 % and 45% external EGR dilution at stoichiometric conditions

(~1).
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Three nozzle orifice diameters (1.25, 1.5, and 1.75mm) were tested at 40% EGR diluted
stoichiometric operating conditions for the impact of engine speed variation. The 1.25mm
orifice diameter provided fast combustion compared to the orifice diameter of 1.5 and
1.75mm. However, when the engine speed increased, the combustion stability of the
smaller diameter suffered. The pre- chamber auxiliary air mass flow rate decreased when
the engine speed increased, and could cause an engine misfire at higher engine speed.
Numerical model analysis was conducted using GT-Power software. The analysis showed
that the 1.25mm orifice diameter pressure trace was affected by airflow resistance. The
peak pressure shifted by 7 CAD from the TDCF. This lagging pressure trace increased
when engine speed increased, and there might not be enough time to purge the pre-chamber
from the previous combustion residual and make it ready for the subsequent combustion
mixture preparation. This effect could multiply for firing pressure trace and initiate engine
misfire.

The orifice diameter of 1.5mm displayed better efficiency in the 1500-2000 rpm speed
range. It exhibited a maximum indicated efficiency of 44.18% at an engine speed of
1900rpm with a COVIMEP of 1.5%.

In contrast, the 1.75mm orifice diameter performed better in the high engine speed ranges
between 2100 and 2300 rpm. It showed a maximum indicated efficiency of 44.56% at an
engine speed of 2300 rpm with a COVIMEP of 1.9%.

After considering friction loss and additional pump work to the pre-chamber, the maximum
brake efficiencies of 39.2% and 39.5% were estimated for 1.5 and 1.75mm orifice

diameter, respectively.

46



This study has effectively demonstrated the capability of the DM-TJI system to work with a very
high level of EGR dilution (up to 45%) and deliver a better efficiency than the conventional spark-

ignition engine. Further numerical analysis and engine map development are discussed in the

following chapters.
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Chapter 3: Numerical Simulation of DM-TJI Engine

3.1 Introduction

In recent years, the engine development process has become a challenging task due to the
increasing demands for performance, fuel efficiency, and emissions. The increasing demand has
led to the development of more and more advanced design tools. Engine modeling has become a
critical part of the internal combustion engine design process due to increased design parameters
and existing alternative fuels. Hence, the development of advanced combustion engines is only
possible with a combination of experimental and simulation methods. At present, many computer
simulation tools are available to estimate the performance of internal combustion engines before
their actual prototyping. The processes that occur through the engine cycles are complex because
they include many physical phenomena such as fluid dynamics, heat transfer, thermodynamics,
and chemical kinetics at various levels of complexity to predict combustion, emissions, and engine

operating characteristics.

Engine modeling can be broadly divided into 0D/1D engine simulation tools and high-fidelity
three-dimensional (3D) modeling platforms. The 0D/1D simulation tools are used for engine
studies and optimizations when computationally expensive 3D simulations are impractical.
Considering the computational costs of a 3D approach, an alternative solution is provided by 1D
simulation. 1D models feature low computation costs/time and good accuracy in predicting engine
performance with a maximum and average errors of 7% and 5%, respectively [64]. The reliability
of the numerical results obtained from calibrated models allows the researcher to reduce the

number of experiments carried out to obtain an optimized result.
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3.2 Numerical Combustion Model

Engine models can be divided into two base thermodynamic and fluid dynamic-based model in
which the governing equations, energy, and momentum, are solved in a flow domain.
Thermodynamic energy conservation-based models split into two subcategories, multi-
dimensional and zero-dimensional models [42]. Multi-dimensional models solve the equations
numerically for mass, momentum, energy, and species conservation in three dimensions to predict
the thermodynamic state at different positions. Zero-dimensional models are the simplest type
since they do not require the combustion details and assume the same average state throughout the

gas.

Zero-dimensional models are the most commonly used tools for parametric studies associated with
engine development. Zero-dimensional models are further subdivided into single-zone, two-zone,
and multi-zone combustion modeling. The working fluid is assumed a thermodynamic system in
a single-zone mode, while the working fluid is divided into two thermodynamic systems consisting
of burned and unburned zones in a two-zone model [65]. A single-zone model is often used if there
is a need for a fast and preliminary engine performance analysis. In single-zone models, the
cylinder charge is assumed to be uniform in both composition and temperature, and the first law
of thermodynamics is used to calculate the mixture energy accounting for the enthalpy flux due to
fuel injection. The fuel injected into the cylinder is assumed to mix instantaneously with the

cylinder charge, which is assumed to behave as an ideal gas.

A widely used approach in engine models is the Wiebe function to determine the burned mass
fraction. The Wiebe function is a zero-dimensional engine model widely used in engine

development, particularly for Sl applications. The Wiebe function given in Equation 3.1 has an S-
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shaped curve between zero indicating starting of combustion and one indicating the end of

combustion [66].

0_00 m+1
xb(9)=1—exp[—a< IY; ) l 31

where X, (6) is the mass fraction burned; 6 is the crank angle; 6o is the crank angle at the start of
combustion; A# is the combustion duration defined as the difference between 6o and the end of
combustion; m is defined combustion characteristic exponent, determining the magnitude of the
maximum burn rate and the time in which it is attained for a given burn duration, with effects on
the shape of the S-curve (Figure 3.1), and a is the efficiency parameter because it controls the
duration of the combustion process. With the assumption of mass fraction burned 99.9% at the end

of the combustion, a has the value a = —In(1 — x;) = —In 0.001 = 6.9

The crank angle of any heat release fraction is found by solving equation 3.1 for 6. For example,

the crank angle of 50% mass fraction burned is:

1
In(1 — 0.5)>m 3.2

050 = 0o + AH( In0.001

Hence, the 10-90% burn duration is:

M)ﬁ _ (M>ﬁ 33

Burnogo = A0 ( In0.001 1n0.001

The mass burn fraction (MBF) curve versus CA can be obtained using in-cylinder pressure
measurement during the engine cycle, based on energy balance and proper hypotheses and
assumptions about heat exchange, combustion efficiency, blow-by rate, and piston crevices. Figure

3.1 compares the heat released during combustion; Qch is the sum of the net or apparent heat release
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(Qn) and the heat loss through the boundaries (Qnt). The difference between the total Qch and the
total fuel chemical energy ms Qv is due to process inefficiency and blow-by effects. The apparent

heat release rate is needed to determine the Wiebe function parameters.

4L Mt Quay

Heat release [kJ]

-20 -10 0 10 20 30 40 50
Crank angle [ATDC]

Figure 3.1 In-cylinder heat release analysis [66].

However, the standard Wiebe function was less accurate when large variations in the burning rate
were present. To account for these variations, a second Wiebe function was introduced to describe
the MBF. The second Wiebe function was associated with the slower combustion near the wall.
With spark-ignition engines, Heywood et al [42] were among the first researchers to propose the
use of a single Wiebe function to model the MBF. Up to present, this modeling approach is widely

used both with single and double functions for engine modeling.

Various algorithms can be implemented to estimate the Wiebe parameters function from the MBF
S-curve, mainly non-linear least-squares optimization methods resulting from experimental in-
cylinder pressure data. After Wiebe parameters are estimated, the function can be used to

reproduce the apparent heat release and reconstruct in-cylinder pressure during the engine cycle.
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3.2.1 Predictive and Non-Predictive Combustion Model

Predictive combustion models attempt to model the essential physics in the combustion process to
predict the combustion burn rate with varying engine parameters like engine speed, EGR rate,
engine load, etc. In practical application, predictive combustion models include assumptions and
simplifications of some of the test parameters; therefore, it will require some calibration of the
physical constants to the best match of the specific combustion system. Zero-dimensional
combustion models are recognized as predictive models capable of predicting engine performance

in a reasonably wide operating range.

On the contrary, combustion models using a Wiebe function, representative of a specific engine
working condition through a set of parameters experimentally identified, are intrinsically non-
predictive since they are not based on physical models [67]. A non-predictive combustion model
imposes a burn rate as a function of crank angle. This prescribed burn rate will be followed
regardless of the conditions in the cylinder, assuming that there is sufficient fuel available in the
cylinder to support the burn rate. In theory, predictive combustion models are an appropriate
choice for all simulations. However, there are practical factors that make non-predictive
combustion models preferable in certain situations. Predictive models typically require calibration

data in order to provide accurate results.

Wiebe-based models can be an attractive choice in preliminary design studies when it is necessary
to investigate variables which have a weak influence on burn rate. However, to give some
predictive features to Wiebe-based models, it is necessary to find that Wiebe function parameters
vary with the main variables characterizing engine operating conditions through properly

identified functional relationships. A semi-predictive combustion model is sensitive to the
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significant variables that influence combustion rate and responds appropriately to changes in those
variables but does not use any physical models to predict that response. Instead, these models
utilize a non-predictive Wiebe-based methodology. The combustion burn rate imposed with
lookups tables to calculate/predict the proper Wiebe parameters based on the significant input

variables.

Similar works are found in the literature on predictive Wiebe-based models. Galino et al. [68] used
the Wiebe function to predict the mean effective pressure. The function builds with multiple
regression analysis, including significant engine parameters of charge density, residual gas
fraction, spark timing, and mean piston speed. Maroteaux et al. [69] developed a Wiebe function
system model to calibrate and simulate burn rate and validate against experimental operating
conditions at low/medium engine speed. The model was created with five multiple regression
correlation analysis as a functions of engine operating variables. Awad et al. [70] studied a single-
zone thermodynamic model coupled with a triple-Wiebe function developed for a general form of
equations useful for the prediction of engine performance on different types of fuel. The cylinder
pressure was predicted and compared to experimental values. Sun et al. [71] developed a 1D
simulation model of a diesel engine based on GT-Power software. A partial least square regression
was imposed to relate the Wiebe parameters to the operating conditions such as speed, EGR rate,
inlet temperature and pressure, exhaust temperature and pressure. Babajimopoulos et al. [72]
discuss the development and application of a single-cylinder HCCI engine model within a 1-D
engine simulation software framework. The paper proposes a heat release model using a first
correlation defining the 0-50% burn interval as a function of ignition timing, engine speed, and
equivalence ratio. A second correlation defines 0-90% burn interval as a function of the location

of 50% heat release and equivalence ratio. Mishra et al. [ 73] worked on an optimized double Wiebe
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parameters matrix. It was formulated from experimental control variables such as premix ratio,
engine load, and injection timing. The model predicted peak pressure, indicated mean effective
pressure, and crank angle for 50% of fuel mass fraction burnt and maximum pressure rise rate. Hu
et al. [74] studied the sensitivity of each Wiebe parameter, namely, the efficiency factor (a), form
factor (m), crank angle of combustion start, and combustion crank angle duration. The sensitivity
of each Wiebe parameter is positively associated with the heat release rate normalized by the total
fuel energy but, the sensitivities of m and crank angle of combustion start are larger than the other

parameters.

A literature survey indicates that the variable parameters of Wiebe function vary with engine
operating conditions, fuels, and combustion systems. The current study deals with zero-
dimensional, double zone modeling development using the Wiebe function for DM-TJI engine. In
this work, a semi-predictive Wiebe-based combustion model is used for the combustion simulation
performance of DM-TJI engine. Multiple regression correlation was identified to predict Wiebe
parameters as a function of engine operating variables. The Wiebe function parameters are
represented by: the angle at 50% of burned fuel, the combustion duration between 10% and 90%
of burned fuel, and the form factor m. The regression correlations are developed from independent
engine variables, including engine speed, the inlet manifold pressure, the inlet manifold

temperature, spark timing, intake EGR percentage.

3.3 GT-Power Combustion Model

GT-Power is the leading engine and vehicle simulation tool used by engine makers and suppliers.
It is suitable for the analyzing a wide range of subjects related to vehicle and engine performance.

It uses a comprehensive partial differential equation-based 0D/1D engine modeling and simulation
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tool for engine development, performance simulation, and product calibration based on its high
fidelity over different engine steady and transient conditions [75]. It can perform predictive
cylinder combustion simulations, including numerical calculation of engine torque, power,
specific fuel consumption, and volumetric efficiency [64]. The current study employs GT-Power

as its modeling platform for the simulation of the Prototype 111 DM-TJI engine.

3.3.1 One-Dimensional DM-TJI Engine Model

A one-dimensional gas dynamics and thermodynamics code, GT-Power by Gamma Technologies,
is established as a reliable and accurate simulation tool for combustion modeling. The
experimental setup single-cylinder Prototype 111 DM-TJI metal engine was modeled with inlet and
exhaust parts limited to the pipes where transient pressure is measured. In GT-Power, the apparent
burn rate can be estimated using two methods, namely Cylinder Pressure Only Analysis (CPOA)
and the Three Pressure Analysis (TPA) [60]. CPOA is a fast and stand-alone calculation that only
requires one measured instantaneous pressure trace but has the downside of requiring measured

values of exhaust gas residual fraction and cylinder trapping ratio, which are difficult to obtain.

The TPA method is used with the reverse run approach to determine the burn rate in this work.
This approach requires three dynamic pressure measurements as input to the model: the cylinder
pressure, the intake pressure, and the exhaust pressure. For this analysis, no estimation of the
residual fraction and trapping ratio are needed as inputs, which would be the case with CPOA. The
simulation runs for multiple cycles until the model has converged; as a result, the trapping ratio
and residual fraction will be calculated. This method is referred as a "reverse run", because the
inputs and outputs of the calculation are reversed from the typical combustion calculations in

engine simulation. This approach requires accurate flow characteristics of the 1D model. It is
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pursued by isolating a single cylinder with its inlet and exhaust ports, whose corresponding
measured pressures are imposed as boundary conditions in the model. The simulation first assumes
an initial dummy burn rate used to estimate a first in-cylinder pressure profile and trapped
conditions at inlet valve closing. These trapped conditions are used along with the measured
pressure profile to calculate a subsequent burn rate for a forward run, and this is iterated cyclically,
using the burn rate calculated in the previous step at each iteration until convergence is reached.
The primary benefit of this approach is that in-cylinder trapped quantities are predicted by the
simulation, including the trapping ratio and the residual fraction. The downsides of this approach
are the additional measured data required and slower calculations due to the need to run the
simulation cycles until convergence. In addition to the three pressures, the model uses the intake
port temperature, EGR fraction, fuel injection, and spark timing as input. The pre-chamber model
was prepared using GT-Power cylinder template. The cylinder is a constant volume by defining a
non-moving piston with reference to bottom dead center over the entire engine cycle and defining

the minimum value allowed (1.001) for compression ratio.

TPA analysis verifies the plausibility of experimental data by analyzing burn rate input data
consistency checks. The critera used for this consistency check and selection were different and
concurrent. This step gives the possibility of testing the accuracy level of the 1D model regarding
the inlet/exhaust systems by comparing the simulated pressure profile with the experimental one.

For example:

e There should be no fuel burning during the compression stroke until the designated start of
combustion analysis. If the cumulative burn during compression is greater than 2% of the

total fuel, it indicates an error in the input data, and the simulation is flagged as an error.
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e The simulated fuel mass, fuel-air ratio, air mass at intake valve close, and low heating value
multiplier are compared to the corresponding measured values of an experimental
operating point. The simulation is flagged as an error where their difference is greater than
5%.

e Cylinder pressure shift of more than 0.5 bar results in the simulation being flagged as an

error.

3.3.2 Flow Model

The Prototype 11 DM-TJI engine model includes the intake/exhaust runner, intake/exhaust valves,
auxiliary pre-chamber valve, and compressed air supply. The engine models can be divided into
two categories: thermodynamic and fluid dynamic-based, in which the governing equations,
energy, and momentum, are solved in a flow domain. The flow model involves the solution of the
Navier-Stokes equations, namely, the equations of continuity, conservation of energy and

momentum are adapted and simplified for implementation in GT-Power [60,64].

dm , 3.4
—— m
dt boun.

Where m is boundary mass flux into volume and m mass of the volume

d(me) dv ) 3.5
= —p—+ (hH) — hA(T; — T,)

bound.

Where e is total specific internal energy, p is pressure, V is volume, H is total specific enthalpy, h
is heat transfer coefficient, As is heat transfer surface area, T fluid temperature, and Tw is wall

temperature.

. u? dxA u?
dm _ dpA + Zbound.(mu) - 4'Cf pTT - Kp (pT) A 3.6

dt dx
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Where dp is pressure differential acting across dx, A cross-sectional flow area, u velocity at the

boundary, Cr fanning friction factor, p density, dx discretization length of the mass element in the

flow direction, K, pressure loss coefficient commonly due to bend, taper, or restriction.

The flow equations are solved by an explicit method: the right-hand side of the equations is
calculated using values from the previous time step. This yields the derivative of the primary
variables and allows the value at the new time to be calculated by integration of that derivative
over the time step. At each time step, the pressure and temperature are calculated in the following
order. First, the continuity and energy equations determine the mass and energy in the volume.
Then, with the volume and mass known, the density is calculated yielding density and energy.
Finally, the equations of state for each species define density and energy as a function of pressure
and temperature. The solver will iterate on pressure and temperature until they satisfy the density

and energy already calculated for this time step.

3.3.3 Two-zone Combustion Model

The thermodynamic energy conservation-based engine cylinder model can be split into two
subcategories; quasi-dimensional and zero-dimensional models. The simplest type of these models
is the zero-dimension model since it does not require the combustion details. Zero-dimension
models are further subdivided into single-zone, two-zone and multi-zone combustion modeling.
Two-zone combustion applies to all GT-Power combustion models except for HCCI and the
predictive diesel engine models. At the start of combustion, the cylinder is divided into unburned

and burned zones.

In GT-Power, all the contents of the cylinder start in the unburned zone, including fuel and internal
or external exhaust gas recirculation. At each time step, the combustion rate of heat release is in
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charge of mass transfer from the unburned zone to the burned zone. The amount of fuel-air mixture
that is transferred to the burned zone is defined by the burn rate and the burn rate is imposed
directly to the cylinder object in GT-Power simulations through predictive, semi-predictive, and
non-predictive combustion models. A chemical equilibrium calculation is carried out for the entire
burned zone, when the unburned fuel and associated air are transferred from the unburned to
burned zone in a given time step. This calculation takes into account all of the atoms of each
species present in the burned zone at that time (C, H, O, N, S, and Ar), and obtains from these an
equilibrium concentration of the 13 products of combustion species (N2, Oz, H20, CO,, CO, Ha,
N, O, H, NO, OH, SO, and Ar). The equilibrium concentrations of the species depend strongly
on the current burned zone temperature and pressure. After the burned zone new composition is
obtained, the internal energy of each species is calculated and the energy of the whole burned zone
is obtained by summation over all of the species. Finally the new unburned and burned zone
temperature and cylinder pressure are obtained by applying the principle of energy conservation.
The energy balance equation of the unburned and burned zone are shown in equation 3.7 and 3.8
respectively. The energy equations are solved in each time step [60]. The right hand of the
unburned zone energy equation includes pressure work, heat transfer, combustion, the addition of

enthalpy from injected fuel, and the instantaneous rate of fuel consumption or burn rate.

- Par @~

dmye, dv, dmg ), dmg dmy,;
= ( It hy + it ha +Thf,i 3.7

Where, m,, = unburned zone mass, e,, unburned zone energy, p in-cylinder pressure, V,, unburned

zone volume, Q,, unburned zone heat transfer, m¢ ;, the fuel mass transferred to burned zone, h,
enthalpy of fuel mass, m, ;, the air mass transferred to burned zone, h, enthalpy of air mass, m;;

the injected fuel mass, h¢; the enthalpy of injected fuel mass.
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dmbeb _ dVb (dmf‘b dma_b n )
- a

dt P e\ Mt 3.8

Where, the subscript ‘b’ denotes burned zone.

The apparent heat release calculated by GT-Power is similar to the apparent gross heat release rate
defined by Heywood [42]. The calculation of the gross heat release is more involved and requires
calculating the heat transfer rate to the walls to isolate the energy released by the combustion of
the fuel. On the other hand, the net heat release calculation is much simpler than that of the gross
heat release. It requires only the cylinder pressure and volume. However, this method does not
report the chemical energy release rate, but it calculates the difference between the chemical
energy release and heat transfer rate to the walls. The apparent rate of heat release given by
equation 3.9 is solved after each time step using the results from that time step as an input. In other
words, the calculation of heat release is a post-processing result that uses the results of the forward-

run combustion as inputs.

dv dQ d(mey)

Par T de ac T 2. Mihis 3.9

L

AHRR =

3.3.4 Cylinder Heat Transfer Model

GT-Power simulates the heat transfer analysis in-cylinder using the WoschniGT heat transfer
model calculated by a formula which closely emulates the classical Woschni correlation without
swirl. The difference lies in the treatment of heat transfer coefficients during the period when the
cylinder valves are open where the heat transfer is increased by inflow velocities through the intake
valves and also by backflow through the exhaust valves. This option is recommended when

measured swirl data is not available [60]. With the cylinder bore B taken as the characteristic
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length, with w as a local average gas velocity in the cylinder, the convective heat transfer

coefficient for the Woschni models is calculated as follows.

KIPO'SW 0.8
hC(Woschni) = W 3.10

where, hwoschniy IS the convective heat transfer coefficient; Ky and Kz are given constants as 3.01
and 0.50, respectively; p is the cylinder pressure; B is the cylinder bore; T is the cylinder

temperature; and w is the average cylinder gas velocity (calculated using equation 3.10).

Vd Tr
BV;

w = C15_'p + C, (» — Pm) 3.11

where, C; and C, are constants given in equation below; S, is the mean piston speed; V engine is
the displacement volume; T;.is the working fluid temperature prior to combustion; B. is the working
fluid pressure prior to combustion; V. is the working fluid volume prior to combustion; p

instantaneous fluid pressure; p,, is the motoring in-cylinder pressure at the same angle as p.

For WoschniGT, C; and C, are defined as follows:

C =228+39Min<& 1)
1 Moy * [ 3.12
Where, m;,, is instantaneous mass flow rate, summed over valves and orifices through which flow

is currently entering cylinder; m,,, instantaneous cylinder mass; f is engine frequency. C, is 0

during cylinder gas exchange and compression and it is 3.24e-3 during combustion and expansion.

3.4  Experimental Setup

The engine used in this study is a single-cylinder Prototype 111 DM-TJI metal engine. The engine

stroke was 95 mm, and the bore was 86 mm with a connecting rod length of 170 mm. Table 3.1
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shows the experimental engine specifications and intake manifold with pockets for port fuel
injectors designed and installed for injection of main-chamber fuel. The recirculating exhaust gas
cools down before it reaches the EGR valve assembly using the EGR cooler. Upstream throttles,
a blow-off valve, and an EGR valve are used to control intake conditions for boosted operation. A
large intake plenum was implemented to ensure proper mixing of EGR before it entered the
combustion chamber. The intake air-EGR mixture temperature was maintained at 45°C for all the

tests.

Table 3.1 Engine specification used for engine map model

Parameter Description

Bore, Stroke, and Connecting rod | 86 mm, 95 mm and 170 mm,
length respectively

Main chamber swept volume 0.55L

Number of cylinder 1

Engine strokes 4

Compression ratio 13.3:1

Fuel injection pressure 100 bar

Pre-chamber volume 2900 mm? (~6 % of clearance volume)

Number of Nozzle orifice, diameter | 6 holes, 1.5 mm, and Symmetric
and configuration
Pre-chamber air supply pressure 30-75 psi (gauge)

Number of Valves 2-intake, 2-exhaust and 1-pre-chamber
Valve timing for max lift Intake timing - 90 CAD aTDCGE,

Air valve timing - 110 CAD bTDCF
Exhaust timing - 90 CAD bTDCGE
Fuel injection pressure 100 bar

The pre-chamber ignition system used in this study is a redesigned prototype 111 Jetfire® cartridge.
The Jetfire® cartridge design packages contain the conventional spark plug, fuel injector, and

auxiliary air valve. The engine head has a pent roof head modified to incorporate the pre-chamber
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Jetfire® cartridge and air-valve driving assembly. Details and a figure of pre-chamber cartridge

presented in Chapter 5, Section 2.4.2 and Figure 2.7, respectively.

The engine was tested in a fully instrumented engine test cell with all the standard temperature,
pressure, humidity and engine specific measurements including airflow, fuel flow, dynamometer
and emission test bench as shown in Figure 2.5. An in-house control system containing NI-PXI
chassis and Mototron ECM-5554 controllers managed within an NI Veristand environment was
used to control the main engine control parameters such as spark timing, pre- and main chamber
fuel injection timings and durations, intake runner throttle and EGR valve positions. Details of
engine test instrumentation are discussed in Chapter 5, Section 2.4.3. All tests were performed
with the Environmental Protection Agency (EPA) Tier 3 emission certification fuel general testing

regular gasoline.

35 Result and Discussion

3.5.1 0D/1D DM-TJI Engine TPA Model Development and Validation

Various driving cycles engine operating range experimental data was acquired for the engine
model calibration and validation. A summary of engine experimental operating matrix shown in
Table 3.2 and Figure 3.2. The data points vary based on engine speed, engine load, EGR inlet
percentage, spark timing, and pre-chamber auxiliary inlet air pressure. More than one data points
was taken on each engine operating point by varying spark timing and EGR dilution rate. The
engine system model developed was calibrated based on experimental data. The model was
validated by experiments with different operating conditions upon GT-Power model calibration,

as shown in Figure 3.2.
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Figure 3.2 Engine operating points for calibration and validation

The EGR intake percentage and pre-chamber auxiliary air upstream pressure mainly depend on

the engine load. Lower load demands a lower EGR percentage and low pre-chamber auxiliary air

upstream pressure. Higher load demands a higher amount of EGR percentage and pre-chamber

auxiliary air upstream pressure.

Table 3.2 Engine operating variations and range

Engine operating parameter

Variation Range

Engine Speed [RPM]

1500 — 2300

Engine Load [bar]

25-10

EGR [%]

18 -49

Pre-chamber  auxiliary  air

upstream pressure [psi]

30-75

From the experimental matrix points, engine operating points were selected after the test points

passed TPA burn rate data consistency checks. These running points were used to create the
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experimental database to develop a 1D model of the engine in GT-Power. Figure 3.3 and Figure
3.4 show the comparison of experimental and 0D/1D model simulation accuracy of in-cylinder

pressure trace and inlet/exhaust phasing.
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Figure 3.3 Comparison of experimental and 0D/1D TPA model simulation in-cylinder pressure
trace for pre- and main chamber (A) 1500rpm and 10bar IMEP (B) 2000rpm and 9bar IMEP (C)
2300rpm and 10bar IMEP

The experimental result and the 0D/1D TPA model simulations result are in good agreement, as

shown in the Figure 3.3. The simulation result achieved a reasonable degree of accuracy of peak

65



cylinder pressure within a percentage of error of 0.42 — 1.2 % for both pre- and main chamber

pressure. This shows that the model was able to simulate the peak pressure at all engine speeds

and loads that the experiment undertook.
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Figure 3.4 Comparison of experimental and OD/1D TPA model simulation intake/exhaust

instantaneous pressure trace (A) 1500rpm and 10bar IMEP (B) 2000rpm and 9bar IMEP (C)
2300rpm and 10bar IMEP
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The intake/exhaust experimental runner pressure traces were also in a good agreement with the
simulation except at the valve opening, which shown a pressure fluctuation. However, the average

inlet/exhaust pressure values achieved a good degree of accuracy within percentage error of 0.09

—-0.57 %.

The selected experimental running points were used on the TPA model calibration. The calibration
quality was checked at the end of each model simulation using the fuel flow, the lambda values
and the IMEPg prediction. Fuel flow and lambda values were checked and kept the same as the
experimental values. The simulated IMPEg value was compared with the experimental measured
value. Figure 3.5 shows the percentage error of each running point, and these errors are in the
range of between -1.48% and 3.33%. This shows that the 0D/1D model of the DM-TJI engine is

well-calibrated, and the prediction percentage error validates the calibration.

Difference Error [%)]

0 5 10 15 20 25 30 35 40 45

Test number

Figure 3.5 Experimental and predicted IMEPg difference percent error
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3.5.2 Wiebe-based Combustion Model Correlated with Operating Variables

The TPA cylinder pressure analysis calculates the burn percentage at 2%, 5%, 10%, 20%, 50%,
75%, 90%, and 99%. It also calculates burn duration of crank angle degrees from the start of
combustion 10% burned point to the 75% burned point and from the 10% burned point to the 90%
burned point. Using the 50% burn point (CA50) and the 10-90% burn duration (Burn1090), the
Wiebe exponent (m) was determined by the least square method that best fits the burning curve
predicted by the cylinder pressure analysis. Thus, only the two burning rate parameters (CA50,

Burn1090) and Wiebe exponent (m) are required for the Wiebe-based combustion model.

A database of burning parameter and Wiebe exponent was created for both pre- and main chamber
using the selected experimental running points from the in-cylinder pressure. Assuming the CA50,
Burn1090, and m as dependent variables, the rest of the multiple engine-operating variables
(manifold pressure, manifold temperature, spark timing, the laminar flame speed at the start of
combustion, engine speed, and EGR dilution rate) and dependence relationship were evaluated
with scatterplots and correlation tables. The key variables in the experimental database were
examined using the various tools provided by Statgraphics Centurion XVI software, which is
widely used for statistical analysis and the development of regression functions. Three different
correlations that predict the value of CA50, Burn1090 and, m were found from the selected engine-
operating variables using linear regressions. The dependent engine-operating variable was selected
based on the best performance parameters measured using statistical tools of adjusted R-squared,
Standard Error of the Estimate, and Mean Absolute Error. Among multiple engine-operating
variable the manifold pressure, manifold temperature, spark timing, engine speed, and EGR
dilution were selected as input for the regression function based on the results of statistical tools.

Figure 3.6 shows CA50 predicted versus experimentally observed comparison and standardized
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residual versus predicted. The output of the CA50 regression correlation shows the results of fitting
a multiple linear regression model to describe the relationship between CA 50 and 5 independent
variables. The adjusted R-Squared statistic indicates that the model as fitted explains 93.2% of
the variability in CA50. The standard error of the estimate shows the standard deviation of the

residuals to be 1.3. The mean absolute error of 0.97 is the average value of the residuals.

Figure 3.7 shows Burn1090 predicted versus experimentally observed comparison and residual
versus predicted. The adjusted R-Squared statistic indicates that the model as fitted explains 93.4%
of the variability in Burn 1090. The standard error of the estimate shows the standard deviation of

the residuals to be 1.08. The mean absolute error of 0.83 is the average value of the residuals.
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Figure 3.6 CAS0 predicted and experimentally observed correlation
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Figure 3.7 Burn1090 predicted and experimentally observed correlation

Figure 3.8 shows the last regression correlation of Wiebe exponent m predicted versus
experimentally observed comparison and residual versus predicted. For this correlation, CA50 and
Burn1090 were used as input. The adjusted R-Squared statistic indicates that the model as fitted
explains 86.3% of the variability. The standard error of the estimate shows the standard deviation

of the residuals to be 0.36. The mean absolute error of 0.25 is the average value of the residuals.
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Figure 3.8 Wiebe exponent predicted and experimentally observed correlation

3.5.3 Validation of the Wiebe-based Combustion Model

The developed regression correlation was embedded in the 1D DM-TJI engine GT-Power model
with 0D combustion model approach. Validation and calibration engine testing parameters were
used as input to determine the Wiebe functions of CA50, Burn1090 and m. These parameters were
used to develop the GT-Power combustion objective and the corresponding MBF curve. Figure
3.9 shows the correlation plots of IMEPg for the proposed Wiebe-based combustion model and
experimental result. In general, the numerical simulations were able to capture the experimental
trends. The model's validity in the prediction of experiments was observed based on the standard
metric of the coefficient of determination, R? as shown in the figure. The two dash-dot lines on
each side of the data points show the + 5% error boundaries with respect to the continuous line

representing 0% difference. Most of the numerical predictions for IMEPg are in the = 5% limits
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range of experimental data, with the coefficient of determination R? = 0.987 except at a low load

below 6 bar which is at the limit of + 6%.
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Figure 3.9 Correlation of IMEPg for proposed Wiebe-based combustion model and
experimental result.

The numerical predictions’ main chamber in-cylinder peak pressure was compared with the
experimental result to validate the model further. Figure 3.10 compares the main chamber peak
pressure, the Wiebe-based combustion model, with the experimental result. All the numerical

predictions were within the + 5% limits, with the mean of the Coefficient of determination R? =

0.992.
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Figure 3.10 Comparison of main chamber peak pressure Wiebe-based combustion model and
experimental result.

The numerical predicted in-cylinder main chamber pressure was compared with the experimental
result at each crank angle. Figure 3.11 shows the in-cylinder pressure trace comparison of main
chamber that contains experimental measured, model prediction simulation and the difference of
the two residual (error) for the selected validation running points. The model prediction can capture
the measured in-cylinder pressure at each crank angle within a maximum residual of £ 3 bar. The

residual absolute root mean square (RMS) was below 0.61.
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Figure 3.11 In-cylinder pressure trace comparison of main chamber; experimental measured,
model-predicted simulation and the residual.
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From the validation point of consistency and reliability, it was seen that the DM-TJI engine model
was able to reproduce the experimental result. Such a model is essential to project the behavior of
an engine equipped with the DM-TJI combustion technology over the entire engine map,
especially the points which are difficult to cover from the experiment. The flowchart in Figure

3.12 summarizes the engine modeling calibration, validation, and predictive model creation.

Experimental data for W
validation

model calibration and J

!

GT-Power TPA model
calibration and in-cylinder
pressure analysis

v
Wiehe parameter analysis

o Wiebe-based prediction .
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CA50, Burn1090 and m combustion modal Model Validation

Y
Test engine geometry Calibrated 1D DM-TJI
Experimental condition engine with 0D
Fuel properties combustion model

Results: IMEPg,
Efficiency, In-cylinder
pressure trace.

Figure 3.12 Flowchart outlining the calibration, validation, and Wiebe-based predictive
combustion model process for 0D/1D GT-Power simulation model.

3.5.4 DM-TJI Engine Maps Under a High-EGR Dilution Rate

The DM-TJI four-cylinder engine map was created using the experimental test and GT-Power
calibrated prediction model. The experimental result was chosen based on the best efficiency
points after applying spark swept and EGR dilution variation on specific running points. The rest
of the engine map points were covered by the calibrated GT-Power model. The engine's mean
effective pressure and thermal brake efficiency are calculated after considering additional work

input for auxiliary pre-chamber air supply and engine friction loss. The additional work required
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for the auxiliary pre-chamber air supply was estimated using the Womack fluid power design data
sheet [62], which calculates the power required to compress the purge air with an assumed 85%
isentropic efficiency of the compressor. The flow of auxiliary air supply in the experiment was

measured by LFE flow measurement used as input for work input calculation.

The lost mechanical work is the sum of pumping losses, actual friction or mechanical rubbing
losses, and auxiliary device losses. It is represented by a single term of friction mean effective
pressure (FMEP). In order to obtain the brake mean effective pressure (BMEP), which is the actual
engine output, a sub-model for FMEP evaluation must be employed. A model as proposed in the
literature [76-78] was employed. One of the most encountered models in literature and employed
in commercial software is the Chen-Flynn model [61]. The single cylinder engine friction modeled
on GT-Power also uses the empirical equation of Chen-Flynn friction correlation. This correlation
is used to calculate the FMEP of an engine (equation 3.11 and 3.12). According to this model, the
FMEP [bar] is function of the cylinder maximum pressure Pmax [bar] and an engine speed factor

St [rad-m/s].

FMEP = A+ B - Pygx + C-Sg + D - S} 311

5 = wTS 3.12
Where, A [bar] is constant which accounts for the auxiliary losses and other invariable factors; B
is constant which accounts for the load effect of the engine (in-cylinder pressure); C [bar - s/m]
and D [bar - s/m?] constants which accounts for the effect of the engine speed; w [rad/s] is engine

speed; S [m] is piston stroke.

The maximum pressure and engine speed determined form the calibrated GT-Power model with

the constant values taken from the GT-Power recommended value ranges after tuned to motoring
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data (A= 0.3bar, B=0.004, C=0.08bar s/m and D should be set to 0.0 when the rest values are

within the recommended ranges),

Figure 3.13 shows the EGR dilution rate of the DM-TJI engine map. The maximum dilution rate
for the map was 45% between 6 and 14 BMEP, and the lowest dilution rate was at a low load of
2.5 bar with 15%. Figure 3.14 and Figure 3.15 show the brake thermal efficiency map and the
BSFC map of the DM-TJI engine in a four-cylinder boosted configuration under highly diluted
conditions up to 45% EGR after considering engine friction and pre-chamber auxiliary air supply

power input.
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Figure 3.13 EGR dilution rate of the DM-TJI engine map
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Figure 3.14 Brake thermal efficiency map of DM-TJI engine with high EGR dilution
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Figure 3.15 BSFC map of DM-TJI engine with high EGR dilution
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The DM-TJI engine map was generated with a compression ratio of 13.3:1. The DM-TJI engine
can deliver a peak BMEP of above 18 bar from 2000 rpm to 4000 rpm with a maximum of 19.4
bar at 3000 rpm. A maximum brake thermal efficiency (BTE) of 40.9 % was found at 3000 rpm,
and a load of 13.8 bar, as shown in Figure 3.14. The engine could run above 38.5% BTE for a wide
engine operating load of 8 — 18 bar. A minimum BSFC of 211.1 g/kW-hr was achieved at 3000
rpm, and 13.8 bar load as shown in Figure 3.15. A wide engine operating where less than 226
g/kKW-hr with the engine operating load from 8 — 18 bar. A similar result was reported on 1.5L DI3
passive MAHILE Jet ignition system [45] with a maximum 39.6% BTE and minimum BSFC value

of 211 g/kW-hr. The summarized engine map data are shown in the Appendix A.

3.6 Summary and Conclusion

This chapter covers the numerical combustion model development of the DM-TJI engine using
GT-Power tools. The model included the intake/exhaust runner, intake/exhaust valves, auxiliary
pre-chamber valve with compressed air line, pre-chamber, connecting nozzle, and main chamber.
The flow model involves the solution of the Navier-Stokes equations: namely, the equations of
continuity, conservation of energy, and momentum are adapted and simplified for implementation
in GT-Power. In addition, the model employed a two-zone analysis in the combustion chambers,
while the GT-Power WoschniGT heat transfer model was used to simulate heat transfer. A wide
range of experimental data was acquired for engine model calibration and validation using a single-
cylinder Prototype 111 DM-TJI metal engine. The data points vary based on engine speed, engine
load, EGR inlet percentage, spark timing, and pre-chamber auxiliary inlet air pressure. A TPA
model was created that used Wiebe-based predictive combustion. The model was initially tuned

to match the engine motoring trace and engine firing trace.
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From a range of experimental running points, engine operating points were selected after the test
point passed TPA burn rate data consistency checks. These running points were used to create the
experimental database to develop a 1D model of the engine in GT-Power. The Wiebe function
parameters were estimated experimentally for each of the selected operating conditions, and three
different correlations that predict the Wiebe function (CA50, Burn1090, and m) were found from
the selected engine operating variables using linear regressions.

Based on the simulation and experimental study carried out, the results demonstrated that:

e The experimental result and the TPA model simulations result are in good agreement; the
simulation result achieved a reasonable degree of accuracy of peak cylinder pressure within
a percentage of error of 0.42 — 1.2 % for both pre- and main chamber pressure.

e The intake/exhaust experimental runner pressure trace also agrees with the simulation
except at the opening of the valve, which shows a pressure fluctuation. However, the
average inlet/exhaust pressure values achieved a good degree of accuracy within a
percentage error of 0.09 — 0.57 %.

e The effectiveness of the proposed Wiebe-based combustion model was validated by
comparing simulated IMEPg values to experimental results. The percent differences were
in the range of £5% for most test ranges except at low load below 6 bar, which is at the
limit of £ 6%.

e The in-cylinder main chamber pressure was compared with the experimental result at each
crank angle. The model prediction was able to capture the measured in-cylinder pressure
within a maximum residual of + 3 bar.

e The DM-TJI engine in a four-cylinder configuration efficiency and fuel map was employed

with boosted and highly diluted conditions. A maximum brake thermal efficiency (BTE)
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of 40.9 % and a minimum BSFC of 211.1 g/kW-hr were achieved at 3000 rpm and a load
of 13.8 bar.
A drive cycle analysis is employed to explore further fuel consumption in the coming chapters.
In order to improve the current powertrains, hybrid architectures combining electrical
components and high-efficient internal combustion engines (DM-TJI engine) were

demonstrated for better fuel consumption and CO2 reduction.
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Chapter 4: Vehicle Powertrain and Drive Cycle Analysis

4.1 Introduction

A vehicle's power output (from Engine/Motor) are controlled by a transmission system and a
driveline to deliver the tractive effort to the wheels with the help of additional accessories. The
powertrain architecture is classified into conventional (traditional), mild hybrid, full hybrid, and
electric vehicles based on the power source. All these components are referred to as the powertrain

system and are controlled by the driver.

The selection, design, and optimization of the powertrain architecture for vehicle development is
critical. Identifying the best architecture and the required components in the development stage is
challenging. It involves and depends on multiple factors. The number of parameters in hybrid
electric vehicles increases compared to the traditional powertrains due to the addition of electric
motors, battery packages, and control systems, apart from the conventional hardware such as the
internal combustion engine, transmission, and differential. Hybrid electric vehicles interact with
several energy management strategies and further complicate selecting an appropriate architecture.
The availability of different energy management options and parameters suggests that advanced

investigation needs to be performed before choosing the powertrain.

Driving cycle analysis is an essential component for determining the outcome of different
powertrain technologies. It plays a fundamental role in vehicle design since the driving cycle
outcome affects the fuel consumption, engine emission, and total vehicle performance. The
analysis can highlight the benefits obtained from the examined powertrain, as it translates fuel map

data into fuel consumption in miles per gallon and overall thermal efficiencies.
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4.2 Vehicle Simulation Model

The commercial software GT-Suite of Gamma Technologies® was used for the powertrain and
drive cycle analysis. GT-Suite, which includes the GT-Power Engine Library, is the leading engine
and vehicle simulation tool used by engine makers and suppliers. It is suitable for analyzing a wide
range of vehicle and engine performance [79]. The GT-Suite package allows the entire vehicle
model to simulate standard driveline components to construct the various driveline layouts. The

models include a gearbox, tires, axles, and couplings.

GT-Suite driveline models are built by combinations of 1-D inertias (modeled in components)
connected with either rigid/kinematic connections or slipping/compliant connections. In addition,
the GT-Suite also has the necessary devices to build the hybrid powertrain, such as different
electric motors, battery modules, and controllers. Moreover, the software allows the incorporation
of driving cycles with their respective load, acceleration profile, and performance in different
environmental conditions. In this way, the experimental engine maps are used as inputs for the

simulation.

4.2.1 Engine to Drive Cycle Framework

The comprehensive engine to drive-cycle framework developed comprises three key components.

e Full engine system models and procedures for the generation of engine performance and
fuel consumption maps.

e Experimental heat release analysis tool, which was created by coupling an in-house heat
release analysis program to an engine cycle simulation, and which can be used for model
calibration and validation when experimental data are available.

e Integrated vehicle modelling and drive cycle simulation for fuel economy assessment.
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The overall drive cycle framework is illustrated in the flow chart outline shown in Figure 4.1. Up
to the steady-state engine maps stage covered in the previous chapters. This chapter covers the rest

of the frameworks.

Engine/Combustion }_" Experimental }_" Heat Release Model ’_" Engine System
Technology Data Analysis Calibration Model

Fuel Economy Drive Cycle Vehicle }‘_‘ Steady-State
(MPQG) Simulation Model Engine Maps

Engine
Emission Vehicle Controls

‘ (Driver + Shifting)

Figure 4.1 Flow chart outline of drive cycle analysis frame work

4.2.2 Data Needed to Build a VVehicle Model

The following modeling template and list of information are needed to build a basic vehicle model

on GT-Suite.

Engine: used to characterize an internal combustion engine through a map-based engine
model that describes engine performance (power output and friction), fuel consumption,
heat rejection, emissions, and other characteristics. The engine model is based around a
steady-state fuel map and load map covering all engine speed and load conditions. The data
required are:

« Engine geometrical data and displacement.

o Effective rotational inertia.

o Idle speed.

e Mechanical performance map (map of brake power, torque, or MEP as a

function of engine RPM and normalized load).

e Fuel consumption map.
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Clutch: used to model the action of a dry (friction) clutch between two 1-D rotational
mechanical assemblies. The required data is maximum static clutch torque (which can be

approximated by engine torque).

Torque Converter: used to represent the action of an automotive torque converter in a
vehicle/driveline model. The data required is the coefficient of performance table and

torque ratio table.

Transmission: used to model the torque amplification and speed reduction effect of
discrete transmissions in vehicle models. This model shows the two sides (input and
output) of transmission as lumped inertias kinematically linked by a transmission (gear)
ratio. The gear ratio and input/output side inertias, and the transmission efficiency and
friction torque are specified individually for each discrete gear. The data required is

transmission gear ratio, gear efficiency, and friction torque.

Vehicle: used to calculate the longitudinal motion of a vehicle and the expected loads on
each axle. The vehicle's acceleration is calculated from the longitudinal force balance:
acceleration is integrated to calculate vehicle speed and displacement. The longitudinal
force balance includes, on an instantaneous basis, the effect of tractive forces applied to
the tires, tire rolling resistance, aerodynamic drag, road grade, and curvature, as well as
wind velocity and direction. The data required is vehicle mass (including drivetrain),

frontal area, and drag coefficient.

Furthermore, additional templates are required to model the electrical components on HEVs
powertrain, including the above template. Battery template and motor characteristics, and control

strategy operating points, are included in the model.
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4.2.3 Basic Driveline Model Equations of Motion

In Dynamic Analysis, the differential equations of motion for the driveline components are
integrated in time to calculate transient speeds and torques in the system. The engine torque is a
function of the engine operating condition and is applied at the flywheel. It is computed by a lookup
in the map-based engine model as previously defined. The model allows the engine mechanical
(brake) output specified as a constant or transient brake mean effective pressure (BMEP) or
accelerator position. The vehicle environment characteristics and resistance to motion (i.e., the
aerodynamic, rolling resistance, and gravity road load) are a function of the vehicle speed and

driveline applied as a linear retarding force on the vehicle [80].
Equations of engine motion in the dynamic analysis are written as follows:

dweng 41

Where: 7.,,4,= Engine (brake) Torque
Ieng = Engine Moment of Inertia
weng= Engine Speed
The total required torque to move the vehicle defined by Equation 4.2. Driveline Equation for

speed of vehicle side of clutch or torque converter is given by:

2
T =\ _I_Itransz Idsh Iaxl Mvehrwhll dwdrv
drv,v — [|‘transi 2 2 252 252

-Itransz Idsh Iaxl Mvehrv%hl th 4.2
R TR TRt TRRZ |“Yivar '
t t t'd t'd

_Faer + Frol + Fgrd

+
T R4R, ] Twht

Where: 74,,,,= Vehicle side (output) torque of clutch or torque converter
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Itrans1= Input side Transmission Moment of Inertia

Itrans2= Output side Transmission Moment of Inertia

R.= Transmission Ratio

1;5,= Driveshaft Inertia

I,,,= Axle Moment of Inertia including wheels

R ;= Final Drive Ratio

M,.n,= Vehicle Mass

rwm= Wheel Radius

w 4»,= Driveline speed on vehicle side of clutch or torque converter
F,.-= Aerodynamic Force on Vehicle

F,,;= Rolling Resistance Force on Vehicle

F4rq= Grade (Gravity) Force on Vehicle

The first term in the bracket of equation 4.2, represents the torque required to accelerate the
effective inertia, evaluated at the clutch or torque converter output, of the entire drivetrain. The
second term of the equation represents the load induced by a transient gear ratio. The third term of
the equation represents the external forces of the vehicle ambient and the road. These forces are
converted to torque by the tire radius and reduced through the gear ratios for evaluation at the

clutch/torque converter output.

The mild-hybrid powertrain system is mathematically described in the following equation:

Peng_on = Tcoupler- Weng Pregen = (Ptractive-ﬁ + Trest- weng)- € 4.3

dWeng 4.4

Tcoupler = Teng + Trotor-1- € , Trest = Tf + Tinertiar Tinertia =1 dt

Where, B, 4 on the power during engine on state, T¢pypier torque delivered to the transmission,
Weng €NQine speed, P..40n the regenerative power during deceleration and engine-off state,

Pi-active the negative portion of vehicle tractive power, 8 regenerative brake energy recuperation
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efficiency, T,.s engine resistance torque, e electric generator efficiency, T,,, engine torque,
Thmotor electrical motor torque, r belt-pulley ratios, € belt torque transmission efficiency, and T
engine friction torque. However, for a parallel hybrid powertrain system, the torque delivered to
the transmission (equation 4.4) is modified. The belt-pulley connection was replaced with a clutch
shaft connection. The clutch allows independent operation of the electric motor by allowing

completely decouple from the engine and transmission.

Tcoupler = Teng + Thnotor 4.5

4.3  Conventional, Mild and Parallel Hybrid Powertrain Models

4.3.1 Conventional Powertrain Model

The basic GT-Suite powertrain model consists of three layers; systems, components, and functions.
The system (e.g., engine) consists of components (e.g., fuel consumption), representing individual
physical entities that make up the entire system when combined. Functions are mathematical
equations that describe or correlate the systems and components of the model. A basic
conventional powertrain model is expected to have Engine, Transmission, Driver, Engine control,
and Shift control. The power line starts from ICE, the transmission is coupled with the engine
through a clutch, and the transmission’s output is connected to the differential that propels the
wheels. The vehicle model incorporates a sub-model of the brakes, tires, and axles behavior. Figure

4.2 show a scheme of conventional powertrain model developed in GT-Suite.
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Figure 4.2 Conventional powertrain model developed in GT-Suite

4.3.2 Hybrid Powertrain Models

A fundamental element in hybrid powertrains is the control system. This starts from battery power
limits and battery state of charge and define the operating condition of the driving cycle. On the
hybrid powertrain, three primary drive states are involved; pure electric mode (only electrical
motor), conventional powertrain (only engine), and dual propulsion mode (combined electrical
motor and engine). The control system determines which powertrain can propel the vehicle in
different modes by changing the states of the coupling devices. The hybrid control system is mainly
divided into two levels: Vehicle supervisor control (VSC) and local level or component controller.
The VSC primarily manages all the vehicle signals to calculate and control the engine demand
torque, the required torque from the motor, and the electrical motor activation timing. It also
contains and gives commands to low-level controllers, which include the engine controller unit
(ECU), the battery management system (BMS), the transmission controller unit (TCU), and the

regenerative brake controller.

A set of algorithms defines the power management of VSC to achieve a predefined objective that
will enable the vehicle to operate in a manner that will improve the state of charge, fuel economy,

engine performance, and vehicle emissions. In general, the VVSC control algorithm is divided into
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rule-based controllers and optimization-based controllers [81]. Rule-based methods are formulated
using human expertise, operation boundaries, and safety considerations. The control law is defined
as a set of “if-then” rules to determine the control action. The main goal of the rule-based control
strategy is to operate the vehicle at its highest efficiency point by running the engine and the
electric motor at their most efficient points while satisfying the demanded vehicle tractive power
requirements. The main advantage of these methods is the low computational requirements;
therefore, they are widely used in several commercial vehicles [82]. Optimization-based advanced
controllers were seen to hold high potential; the system optimization takes place as a result of
system learning and adapting to the condition within a framework of rules or constraints. However,
the impact of this method so far has been mainly within academic circles [83]. Therefore rule-
based methods are still more prevalent due to their effectiveness in commercial cars. These are
adapted for modeling the power management of VSC. Figure 4.3 shows the scheme of hybrid

powertrain models developed in GT-Suite.

>

BATTERY

B

Fuel_Economy  Monitors

VSC

ICE-BAS
EMACHINE Gearing-T

ENGINE TRANSMISSION Vehicls

Figure 4.3 Hybrid powertrain models developed in GT-Suite
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4.3.3 Hybrid Powertrain Rule-Based Control

The rule-based program is prepared to provide the primary function of the hybrid powertrain. The
functions include vehicle start-stop, regenerative brake, battery charging, and power assist. The
main decision factors in determining the hybrid powertrain function are battery state of charge and
drive torque demand. The driving state of a vehicle is grouped into three phases: vehicle start from
the stop (vehicle speed zero and engine off), vehicle on driving state, and vehicle decelerating or

braking.

Initially, when the vehicle is at a stop state, depending on the battery state of charge (SOC), one
of the following states is possible:
e If the engine is off, the electric motor provides torque to start the engine.
e If the driver pedal is position at on state, the electric motor provides the initial driving
torque.
e |f the engine is in an idle state, the battery charges.
When the vehicle is moving, and the drive torque request is positive, one of the following states is
possible:
e The electrical motor provides the initial driving torque up to the engine speed to reach a
high-efficiency state.
e The engine provides driving torque and electric motor power assist in which the demand
drive torque is more than that the engine can provide.
e The driving torque provided by the engine, and the battery stays charging.

e The engine provides the drive torque without charging the battery.
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When the vehicle is in decelerating or braking state (the vehicle speed is greater than zero, but the

vehicle driving demand is negative), one of the following states is possible:

Conventional braking, in which the friction brakes are activated because energy recovery
IS not required.

In regenerative braking mode, the electric motor is operated to produce a braking torque,
and part of the kinetic energy of the vehicle mass is converted into electric power and stored
in the batteries.

In mixed braking, when the electrical motor is not capable of braking the vehicle, both the
electric motor and the conventional friction brakes work together to deliver braking power

to decrease the vehicle speed.

Rule-based VSC collaborates with low-level controls and the internal feedback information (main

signals of the components) to change the powertrain state according to the primary programming.

Some of the functions of low-level controls are:

Battery Management System (BMS): Based on the difference between the current state
of charge and the state of charge target, it calculates the power available in the system and
the maximum discharge and charge rates. Suppose enough energy is available on the battery.
In that case, power is discharged from the battery to provide the demanded electric motor
torque when the pedal acceleration is greater than a defined pedal acceleration or engine
load and the vehicle tractive power is greater than zero. When the battery state of charge is
less than the target, the battery starts to recharge until it reaches the state of charge target.
A two-dimensional lookup tables as a functions of state of charge and engine speed stored

as a charging threshold values.
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Engine Control Unit (ECU): The objective is to simulate engine control functions such
as idling and fuel cut for various conditions. Engine speed and accelerator pedal position
are used as input signals, and the controller decides the engine accelerator position and

engine fueling based on the vehicle traction demand.

Transmission controller (TCU): It represents an automatic transmission control logic for
gear selection. Speed, accelerator position, initial gear number, and shift indicator are used

to determine the desired transmission gear number.

4.4  Battery Pack Model

Battery running time and Voltage-current performance can be predicted by the battery model used
to design energy-aware circuits and systems. Many battery models have been put forward for
vehicle power management control and BMS development. With many different models being
used, the most common models are electrochemical, behavioral, and equivalent circuit models

[84].

Behavioral models are empirical and utilize various functions to model battery dynamics, where
inputs are passed through a network of previously trained weights to simulate an output. It can be
applied to a nonlinear system to estimate an accurate output depending on the quality of the training
data. However, it is not very robust between different cell chemistries or boundary conditions, as
retraining is required [85,86]. Hence this model is not applicable in EV application due to the real-

time demands of BMS.

Behavioral models are empirical and utilize various functions to model battery dynamics, where
inputs pass through a network of previously trained weights to simulate an output. This means that

it can be applied to a nonlinear system and estimate an accurate output, depending on the quality
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of the training data, however, it is not very robust between different cell chemistries or different

boundary conditions, as retraining is then required [84,85]

The most common battery modeling method is the Equivalent Circuit Models (ECM), which uses
RC circuit elements such as resistors, capacitors, and an ideal voltage source to form a circuit
network and simulate the battery behavior. Compared to electrochemical models, the simulation
time and computational power needed to simulate different battery steady or transient
performances are lower. The model outputs can show the main vital battery characteristics and
information of internal resistance, voltage performance, state of charge, and battery temperature
[87]. The ECM method is helpful for BMS development, which serves as a part of vehicle level
simulation studies for battery pack sizing and range estimation calculations. This aspect of the

ECM model makes it preferable for battery modeling.

The developed ECM model should consider the appropriate parameters of different battery
components. The parameters presented on the model are in the form of lookup tables, which would
be in function of current, SOC, and temperature. A preliminary simulation can be performed with
the validation profile to verify the model. Figure 4.4 shows a schematic representation of

theoretical steps taken to achieve a complete development of a model, simulation, and validation.

Battery manufacture Actual drive
data (OCV) cvcle load test

v - - A
Simulink Electrical parameter Creating and Implementing | Model Result
Equivalent Circuit Estimation (R, OCV, C) »  Lookup tables for each Validati | Comparison
Model o ’ parameter (SoC, T, V, I) aicanon omp

f f
Battery current pulse Validation
tests (1, ¥, SoC) Load

Figure 4.4 Schematic representation of equivalent circuit battery modeling
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4.4.1 Equivalent Circuit battery model

Various equivalent circuit battery models were studied. Some of the models are Rint, RC,

Thevenin, and Dual polarization [87,88].

4.4.1.1 Rint Model

The Rint model comprises an ideal voltage source Voc to represent the battery cell’s open-circuit
voltage (OCV) and a resistor in series Rint to describe the internal ohmic losses. The basic Rint
model describes a linear behavior of a battery without knowing any information regarding the
inner composition and processes taking place in the battery. However, this method does not capture
the dynamics during transient states, and the current can fluctuate dramatically. This model would

not be suitable for HEV applications [84,87].

[+]

Ro
AN

Figure 4.5 Schematic diagram of the Rint battery model

4.4.1.2 The RC Model

The RC model consists of two capacitors (C¢, Cp) and three resistors (Rt, Re, Rc). The capacitor
represents the surface effects of a battery and the capability of a battery's store charge (state of
charge). Combining a capacitor (Cc) with a resistor (Rc) creates the RC circuit and calculates the
amount of current the battery can deliver. The RC model is classified as a semi-empirical model
[87], considers common physical aspects of a battery, and at the same time, considers the battery

as a black box.
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Cy = Vi

Figure 4.6 Schematic diagram of the RC battery model

4.4.1.3 The Thevenin Model

The Thevenin model (referred to as the first order battery model) is the expansion of the Rint
model consisting of a parallel RC circuit in series with resistance or Rint model, describing the
dynamic characteristics of the battery [87]. The model is composed of internal resistances
including the ohmic resistance R, and the polarization resistance Rth. The equivalent capacitance
Ctn connected with Ryn in parallel describes the transient response during charging and
discharging. The Thevenin model assumes that the OCV has a constant relationship with the state

of charge, and the ohmic resistance does not change during charging and discharging [88].

Rn
R, vy
AMY t—
| I
L
VOC - CTh VL

0

Figure 4.7 Schematic diagram of the Thevenin battery model

4.4.1.4 Dual-polarization model

The dual-polarization (referred as a second-order equivalent circuit) model is similar to the

Thevenin model, with an additional RC circuit attached in series with the first RC circuit. The
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dual-polarization model contains the ohmic polarization, concentration polarization (chemical
behavior), and the activation polarization related to the electrochemical reactions at the electrode
surface of a battery. The model comprises six components as shown in Figure 4.8: open-circuit
battery voltage Vo, internal resistance contains the ohmic resistance and the polarization resistance
(polarization resistance has two components, effective resistance characterizing activation and
effective resistance characterizing concentration), and two effective capacitances parameters
(which are used to characterize the transient response during the transfer of power to or from the
battery and to describe the electrochemical polarization and the concentration polarization

separately) [89,90].

Comparing the above three modeling methods, the dual polarization model has the best simulation
accuracy [87]; using two RC time constants (instead of one or three) is the best tradeoff between
accuracy and complexity because two RC time constants keep errors to within one mV [91]. This
study modeled a lithium-ion battery cell using a dual-polarization equivalent circuit cell model, as

shown in Figure 4.8. The model results validate with published battery experimental test results

[18,92-94].
Rst Rrr
R, —A\A— —A\N—
AN _I'IJTST _:'ILZT — o
1| 1|
V“—_.— Csr Crr
+ Vsr— + Vir—

]

Figure 4.8 Schematic diagram of the dual-polarization model
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4.4.2 Equivalent Circuit Cell Numerical Model

The electrical equivalent circuit cell model consists of a series resistor R, and two RC parallel
networks composed of Rst, Cst, Rit, and Cir, as shown in Figure 4.8. Series resistor Ry is
responsible for the instantaneous voltage drop of the step response. Rst and Csr are resistances and
capacitances of the electro-magnetic short-time double layer effects, respectively. Rt and C.t are
resistances and capacitances of the electro-chemical and long-time mass transport effects,
respectively. Vo is the open-circuit voltage of a battery cell, and I is the cell load current. Ist and
It are the outflow current of the two RC circuits, Vst and Vi1 are the voltage across the two RC

circuits.

The electrical behavior of the battery cell terminal voltage, V. calculated using a typical RC circuit

as shown in equation 4.6.

Vi =Voe = I R, =V =Vi4 4.6

y (1LY _ (_Vsr y (I _ (_Vir
Vsr = (CST) (RSTCST> » Vir = <CLT) <RLTCLT) 4.7
IST :VST / RST ; ILT :VLT /RLT 4.8

From equations 4.7 and 4.8, we can write

VST ZI((IL - IST)/CST)dt ) VLT ZJ.((IL - ILT)/CLT)dt 4.9

After substituting equation 4.9 into equation 4.6, battery cell terminal voltage, V. is
Vi =V —ILR; _I((IL - IST)/CST)dt_I((IL — 1)/ Cp)dt 4.10

Total battery pack voltage, Vgat, calculated by
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Veat =V (Nggries / N 4.11

series parallel )

Where:
Veatt = voltage across the terminals of the battery (V)
VL = battery cell terminal voltage (V)
Nseries = number of cells in series connection
Nparaitet = number of cells in parallel connection
Voc = 0pen circuit voltage (V)
I = battery cell load current (A)
Ro = the ohmic resistance of a cell ()
Ist = current across the first RC circuit (A)
ILT = current across the second RC circuit (A)
Cst = short-time capacitances (F)
Cst = long-time capacitances (F)

Rq; = short-time resistance (Q2)

R.; = long-time resistance (Q2)
Matlab/Simulink blocks are used to create an integrated model with easily changeable parameters
for estimating the battery parameters based on equations 4.10 and 4.11. In addition, the Simulink
method is valid for any similar battery model, which makes Simulink a great tool in parameter

estimation and model modification.

The values of current, resistance, and capacitances are included in the model using two-

dimensional look-up tables.

4.4.3 Battery Thermal Model

Battery cell internal ohmic resistance and charge transfer resistance can generate heat during the

charge or discharge cycle of operation. The performance of batteries is greatly affected by the
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operating temperature. Overheating the battery cells may undesirably affect the operation,
efficiency, life, and life cycle cost of the battery. A simple but efficient lumped capacitance thermal

model is implemented in the hybrid model to estimate the battery pack temperature [93].

The battery pack temperature was calculated by using the energy balance between battery heat

generation (Q, ) in the core of the battery (due to electrochemical reactions and resistive heating)

and heat loss (battery cooling) from the battery by conduction and convection ( Q)

The battery heat generation calculated by (Q,, ):

Qgen = IERBatt +(L=17:)1 Vi 4.12

Where:

R = battery pack resistance (€2)
N = Charge efficiency

The battery pack resistance obtained by

| | N... 4.13
Rear =[R, +(Rg; %) +(R %)] (ﬁ)
L L parall
The battery heat loss is calculated by (battery cooling)
Qloss = (TBatt _Tcoolant)(hA+ kt) 4.14

Where:
Ty, = battery temperature (C°)

T..oran = Inlet coolant temperature of the battery pack (C°)

h = convection coefficient (W /(mZK))

A= convection heat transfer surface area of the battery (m?*)
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k = battery conduction coefficient (W /(mK))

t = conduction heat transfer thickness of the battery (m)

The battery pack temperature during the battery use, Tgat, is calculated by using the thermal mass

of the battery pack and the method of cooling as follow.

t 4.15
Batt J' ( coollng )dt +T
0

Cp Batt

Where:

Maat = mass of the battery pack (ka)

Cpat = battery specific heat capacity (J / (kg.C°))
T, = initial pack temperature (C°)

Equations 4.15 is solved in the Matlab/Simulink incorporated with battery pack voltage.

45  Battery Pack Model Validation

Two different battery pack size models were simulated on a co-simulation of GT-Suite via
Mathworks (Natick, MA) MATLAB Simulink to validate the test data result. Co-simulation
enabled the combined advantages of GT-Power controllers and Simulink capability to offer a
flexible and robust control architecture. The complete Simulink model is illustrated in Figure 4.9.
The code was compiled as a dynamic link library file (.dll extension) and input in the GT-Power
model via the SimulinkHarness, as shown in Figure 4.10. The first battery pack simulated on the
model is the MHEYV battery pack of 0.4 kwWh, 48V, 8 Ah with 14 series connections using the data
published on [92] ; the data contain detailed test results of the EPA National Vehicle and Fuel

Emissions Laboratory (NVFEL). The second battery pack simulated on the model is 0.5 kWh, 115
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V, 4.4 Ah with 32 series connections. The data was extracted from Argonne National Laboratory

(ANL) Downloadable Dynamometer Database [95].
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Figure 4.9 Co-simulation of GT-Suite and MATLAB/Simulink for battery pack model
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Figure 4.10 SimulinkHarness object in GT-Power.

For both battery packs, a look-up table that includes a power limits map, open circuit voltage map,

resistance map, capacitance map, short-term and long-term resistance map was prepared based on

the charge and discharge of the battery. The maps were tabulated as function of SOC, battery
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current, and cell temperature on the model. The look-up table data were obtained from public

information of the cell manufacturers and published battery test data.
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Figure 4.11 Power limits map and open-circuit voltage (Voc) of lithium-ion battery [92].

The ohmic resistance of the model battery at the specified SOC and temperature was simulated
and compared with the experimental result, as shown in Figure 4.12 for the 48V battery pack. The
comparison was made using 10 second discharging and charging pulse currents of 200 A. The
root-mean-squared (RMS) charging voltage values of the tested and simulated battery are 46.93 V
and 47.25 V, respectively, and the RMS discharging voltage values of the tested and simulated
battery are 45.05 V and 44.81 V, respectively. The difference between tested and simulated RMS

is within 0.7% for both charging and discharging cases.
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Figure 4.12 Battery pack charging and discharging pulse test and simulation

Hardware-in-the-loop (HIL) measured battery demand on the Urban dynamometer driving
schedule (UDDS) drive cycle was compared with the modeled battery pack result, as shown in
Figure 4.13 for the 48 V battery pack. The measured battery current RMS value over the UDDS
drive cycle was 47.44A, and the simulated value was 47.53A. The voltage RMS for the measured
and simulated model were 46.01 V and 46.28 V respectively, the difference is within 0.58%. The

measured battery current RMS value over the UDDS drive cycle was 47.44A, and the simulated

value was 47.53A.

The voltage RMS for the measured and simulated model was 46.01 V and 46.28 V respectively,

the difference is within 0.58%. The battery terminal power RMS for measured was 2.18 kW, and
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the simulated model was 2.2 kW, the difference within 1.06%. The maximum SOC difference

between measured and simulated values was 0.01. The summary of the comparison result is shown

in Table 4.1.
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Figure 4.13 48 V battery pack measured and simulated result comparison (a) Battery current (b)
Battery Voltage (c) Battery terminal power (d) Battery state of charge
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Table 4.1 48 V battery pack measured and simulated result comparison

Measured | Simulated RMS Percentage

Battery Demand RMS RMS  Difference Difference
Battery Voltage (V) 46.01 46.28 0.27 0.58
Current (A) 47.44 47.53 0.09 0.17
Battery terminal power (kW) 2.18 2.2 0.02 1.06

The same comparison is made for the 115 V battery pack, the data was collected from Malibu Eco
MHEYV chassis dynamometer test [95]. The test report contains the battery pack SOC, temperature,
current, and voltage. The OCV of the battery is extracted from the cell voltage at various SOCs.
The design optimizer was implemented on the commercial software GT-Suite of Gamma
Technologies® battery modeling template to generate the missing data points. Using the 48 V data
as the initial point and the measured 115V battery voltage as a target value, the design optimizer
runs on the selected battery SOC to generate the missing data points. Measured battery demand
over Highway fuel economy test procedure (HWFET) and UDDS drive cycle applied on the
battery model to simulate the model's response. The result is compared with the chassis
dynamometer test as shown in Figure 4.14 (for HWFET drive cycle), and the summary of the

comparison for both drive cycles is presented in Table 4.2.

The modeled 115 V battery pack power was in good agreement with the measured chassis
dynamometer test result: measured battery voltage RMS 110.05 V and simulated model 109.6 V
over the HWFET cycle (Figure 4.14 B). The maximum SOC difference between the measured and

simulated model was within 0.012.
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The summary of the measured and test result shown in Table 4.2. It also includes UDDS drive

cycle comparison.

Table 4.2 115 V battery pack measured and simulated result comparison

Drive | Battery Measured = Simulated RMS Percentage

Cycle | Demand RMS RMS Difference | Difference
Battery 110.25 112 1.75 1.59
Voltage (V)

UDDS | Current (A) 20.25 20.03 0.22 1.1
Battery 2.22 2.25 0.028 1.26
terminal
power (kW)

Battery 110.05 109.62 0.43 0.39
Voltage (V)

HWFET | Current (A) 19.43 19.43 0 0
Battery 2.209 2.203 0.006 0.27
terminal
power (KW)

4.6 Powertrain Model Validation

The GT-Suite vehicle model was prepared according to the above explanation for the conventional
and mild-hybrid powertrain. The model validates using tested vehicle drive cycle results before
using it for the new analysis.

4.6.1 Conventional Powertrain

The conventional powertrain model contains an engine (engine fuel and load map), transition (gear
ratio, gear number, and gear change strategy), vehicle body (vehicle mass, passenger and cargo
mass, vehicle drag coefficient, axles, and differential geometry), engine control and driver control.
The dyno test data and results from EPA’s Advanced Light-Duty Powertrain and Hybrid Analysis
(ALPHA) tool were used to calibrate and validate the conventional powertrain GT-Suite model.
ALPHA was developed in MATLAB/Simulink and is a physics-based, forward-looking, full
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vehicle computer simulation capable of analyzing various vehicle types with different powertrain
technologies, showing realistic vehicle behavior, and auditing of all internal energy flows in the
model. The ALPHA model is built to regenerate the test data produced by chassis dynamometer

certification tests [63].

Ford F-150 EcoBoost® 2.7-Liter dyno test data and modeling results from the ALPHA model were
used to calibrate and validate the GT-Suite model. The 2.7-Liter EcoBoost® is a turbocharged six-
cylinder, direct-injection gasoline engine, dual overhead cam design with variable intake/exhaust
cam timing, and twin intercooler turbochargers for on-demand power [96]. The vehicle chassis
dynamometer and engine dynamometer benchmark testing were performed at the NVFEL in Ann

Arbor, Michigan [97]. Detail vehicle specifications are presented in Table 4.3.

Table 4.3 2015 Ford F-150 EcoBoost® V6 technical specification

Engine 2.7L EcoBoost® V6

Compression ratio | 10.3:1

Displacement 2.7L

Bore, Stroke 83.06 mm, 83.06 mm

Aspiration Twin turbo

Transmission 6R80 Automatic

Gear ratios 4.17, 2.34, 1.52, 1.14, 0.86, 0.69, reverse

3.4, axle ratio 3.73

Chassis dynamometer testing was conducted at NVFEL over the EPA city and highway drive

cycles. Figure 4.15 shows the combined city federal test procedure (FTP-75) and HWFET drive

cycles.

Max power @ RPM

335 hp @ 5,000 rpm

Max torque @ RPM

400 Ib-ft @ 2,750 rpm

Transmission type

SelectShift® 6-speed auto w/progressive
range select & tow haul mode

Fuel

Regular unleaded

Vehicle mass

2381.4 kg
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Figure 4.15 EPA FTP-75 and HWFET combined drive cycle

The simulated GT-Suite model and the measured chassis dynamometer test result for the engine
speed, transmission gear selection, and average gas mileage over the combined drive cycles are
shown in Figure 4.16. The model engine speed follows the same data points as the test data through
the combined drive cycle; however, unexpected engine speed drops for a fraction second are shown
in some data points. The model gear number selection follows the same gear number as the test
data. The tested gear number starts from zero, but the model starts from gear number one, which
is the only difference shown in drive cycle gear number plot. The calibrated GT-Suite model
predicts a similar average gas mileage to the test data. The model results are within two percent of

the test result. Test and model result are shown in Table 4.4.

Table 4.4 Experimental test and model simulation fuel economy result

Test Average Test MPG | Average Model MPG | Error %

City 21.28 21.65 1.73
Highway 29.67 29.98 1.04
Combined 24.38 24.76 1.55
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Figure 4.16 Comparison of NVFEL chassis dynamometer measured data and GT-Suite
simulated result on engine speed, transmission gear selection, and average gas mileage over the
combined EPA FTP-75 and HWFET drive cycle.

4.6.2 Mild-hybrid Powertrain
The mild-hybrid powertrain model contains a 12/15 KW electrical motor connected directly to the

engine by a belt pulley. The electrical motor data extracted from published paper [18,98]. The
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available free energy tractive power is harvested by the electric motor and charged to the battery
during deceleration. When the vehicle demand for tractive power is less than the battery available
discharge power, the battery pack may enable limited electric-only vehicle driving capability at a
very low vehicle speed. The belt-pulley connection, inverter, engine friction, and inertia generate
energy losses in the system. The model considers the energy loss while powering the vehicle and

energy recovering during regenerative braking.

The engine map, fuel map, and drive cycle test result availability of the 2013 GM Chevrolet Malibu
Eco makes it preferable to validate the hybrid powertrain model before using it for the new engine
and powertrain. The model used a brake thermal efficiency engine map [99], surrogate fuel map
[18], and GM 6 T40 6-speed automatic transmission [100] to create the power coupling. The EPA
drive cycle test result conducted at ANL was used as a reference for model result comparison

[101]. A detail vehicle description presented in Table 4.5.

Table 4.5 2013 GM Chevrolet Malibu Eco Vehicle Description

Engine Ecotec 2.4L 1-4 DI w/ eAssist

Gear ratios 4.58, 2.96, 1.91, 145, 1.0, 0.75, reverse
2.84, final drive ratio 2.64

Maximum electric generating power | 15 kW @ 1570-3180 rpm

Maximum electric motor torque 150 Nm

(cranking)

Maximum electric motor torque 107 Nm @ 1,000 rpm

(electric assist)

Maximum electric motor power 11.2 kW @ 1,000-2,200 rpm

(electric assist)

Lithium-ion battery 115V, 0.5-kWh, 15 kW peak power

Wheels / Tires 17 x 8.5-in. aluminum/P225/55R17

The GT-Suite model was tested in a drive cycles and compared with ANL chassis dynamometer
test data for validation. Figure 4.17 compares transmission gear selection, engine speed, engine

torque, the GT-Suite model simulation, and the actual test result over the UDDS drive cycle.
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Figure 4.17 Comparison of ANL chassis dynamometer measured data and GT-Suite simulated
result on engine speed, engine on off, engine torque and transmission gear selection over the
UDDS drive cycle.
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4.7  Result and Discussion of Drive Cycle Analysis

4.7.1 Conventional Powertrain

The calibrated GT-Suite model was used to analyze the drive cycle of the DM-TJI engine. The
GT-Suite model F-150 engine map was replaced with the DM-TJI engine map, and the rest of the
powertrain components remained the same for comparing the engine performance with that of the
Ford F-150 EcoBoost®. The well-known EPA dynamometer driving schedules FTP drive cycles
were employed for city fuel economy evaluation. The HWFET represents highway driving
conditions under 100km/h. The supplemental US06 test was also incorporated to evaluate more

aggressive and possibly realistic mixed driving conditions.

The general approach for drive cycle simulations involves the use of engine load and fuel
consumption maps based on experimental and simulation steady-state results. This type of model
cannot reproduce transient phenomena, and thus fuel consumption penalties due to transient effects
are not accounted. Also, the multi-cylinder map-based engine model is assumed to have the same

behavior as the detailed single-cylinder engine model from which the engine maps were derived.

The engine has a four-cylinder boosted configuration under high dilute conditions (45% EGR).
The engine operating point over brake specific fuel consumption (BSFC g/kW-h) map is presented
in the figure below for different drive cycles. It can be clearly seen that the FTP city cycle requires
a much broader range of operation, owing to its frequent stop/start events, as shown in Figure 4.18.
These also result in significant points at low speeds and loads, where the engine runs most
inefficiently. This might be improved by adding an electrical motor with a battery to assist at the
low speed and load operating points. The vehicle fuel economy is improved from 21.65 mpg using

the F-150 engine to 25.15 mpg using the DM-TJI engine on the FTP city drive cycle. The operating
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points from the highway driving cycle are much more concentrated in a region of moderate speed,
load, and engine efficiency, as shown in Figure 4.19. Engine downsizing would move the best
efficiency region to the highway operating points. Compared to the F-150 engine fuel economy,
the DM-TJI engine improved from 29.98 mpg to 33.13 mpg on the EPA highway drive cycle. The
combined EPA city and highway drive cycle is shown in Figure 4.20, and the fuel economy
improved from 24.76 mpg to 28.69 mpg. A similar behavior can also be observed in the
supplemental US06 drive cycle, shown in Figure 4.21. However, a significant portion of the
operating points are found at higher loads owing to the higher vehicle speeds and more aggressive
acceleration events. These impact operating conditions under the best efficiency engine map

region.
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Figure 4.18 Operating points over the DM-TJI engine brake specific fuel consumption (BSFC
g/kW-hr) map in the EPA city drive cycle.
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Figure 4.19 Operating points over the DM-TJI engine brake specific fuel consumption (BSFC
0/kW-hr) map in the EPA highway drive cycle.
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Figure 4.20 Operating points over the DM-TJI engine brake specific fuel consumption (BSFC
g/kW-hr) map in the combined (city and highway) drive cycle.
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Figure 4.21 Operating points over the DM-TJI engine brake specific fuel consumption (BSFC
g/kW-hr) map in the EPA US06 high acceleration aggressive driving cycle

The fuel economy improvement of the DM-TJI engine compared with the Ford F-150 EcoBoost®
vehicle is presented in the Figure 4.22. Among the tested drive cycles, the US06 drive cycle has a
higher improvement of 17.3%, and the highway drive cycle has a lower improvement of 10.5%.

Overall, the combined drive cycle shows a 15.9% fuel economy improvement.

Improved fuel economy significantly reduces the release of CO2 emission. The amount of CO2
created from burning one gallon of fuel depends on the amount of carbon in the fuel. The EPA
uses 8,887 grams of CO2 / gallon for gasoline fuel to estimate CO2 emissions [102]. The drive
cycle fuel economy, changed into average grams of CO2 per mile and is presented in Figure 4.23.

The DM-TJI engine shows between 9.5-14.8% CO2 emissions reductions on the tested drive
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cycles. This would be good progress toward achieving the long-term fleet target of 50 g CO2/km

for future automotive powertrains [103].
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Figure 4.22 Drive cycle average gas mileage for Ford F-150 vehicle, DM-TJI engine and fuel
economy improvement.
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Figure 4.23 Drive cycle average CO2 emission for F-150 vehicle, DM-TJI engine and CO2
emission reduction improvement.
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The fuel consumption equivalent CO2 emission rate (g/kwh) of the DM-TJI engine was
determined and plotted on an engine map with drive cycle operating points. Figure 4.24 shows the
DM-TJI engine operating points over the BSCO2 emission map for the combined drive cycle. The
average fuel consumption equivalent CO2 emission for the combined drive cycle is 857.4 g/kWh.

The rest of the drive cycle operating points over the BSCO2 map are added in Appendix B.

Apart from less CO2 emission, the DM-TJI engine reduce NOx emission. An indicated specific
nitrogen oxides (ISNOx) emission map was created. Figure 4.25 shows the DM-TJI engine
operating points over the ISNOx emission map for the combined drive cycle. The broad operating
points are below 2.5 g/kWh ISNOx emissions with low emission of 0.21 g/kWh. The rest of the

drive cycle operating points over the ISNOx emission map is added in Appendix B.
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Figure 4.24 Operating points over the DM-TJI engine brake specific CO2 emission (BSCO2
9/kW-hr) map in the combined driving cycle
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Figure 4.25 DM-TJI engine operating point over the ISNOx emission map for the combined
drive cycle.

4.7.2 Mild and Parallel Hybrid Powertrain

Upgrade of the powertrain system is necessary to maximize DM-TJI engine benefit and to reach
future CO2 emission targets. Hybrid architectures, combining electrical components and high-
efficient internal combustion engines, were demonstrated to be a reliable solution that can be
applied to improve the current powertrain. The DM-TJI engine is different from any Sl engine by
adding the pre-chamber and the pre-chamber purge air components, which demand additional
work input from the engine. The mild-hybrid powertrain is a good alternative to provide the work

input for the pre-chamber purge air.

Figure 4.26 compares the fuel economy results of a conventional DM-TJI engine with an electrical-

powered pre-chamber air supply powertrain over the four driving cycles. An A123 Systems battery
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pack with 14 serious and 1 parallel connection, 0.4kWh, 48 V lithium-ion battery, and 12/15 KW
(15 kW peak power in generator mode and 12 kW in motoring mode) electrical motor were added
to the powertrain for the pre-chamber purge air power source. The fuel economy was improved in
the range of 2.05-2.9 % on the tested drive cycles, the lower range on the US06 drive cycle and

the upper range on the FTP city drive cycle.
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Figure 4.26 Conventional DM-TJI engine powertrain and pre-chamber powered by electrical
source powertrain fuel economy over the four different driving cycle and fuel economy
improvement.

The mild-hybrid was further analyzed by changing the powertrain to PO system. Engine start/stop
occurs when the vehicle is in an ideal state, and the electrical motor assists in starting the engine.
At the peak power demand, the electrical motor assists the engine based on the battery state of
charge. The battery state of charge is set between 65% - 40% (initial state of charge 65% and the
minimum state of charge 40%). When the vehicle is braking, regenerative braking charges the
battery. The PO mild-hybrid powertrain simulated in the Worldwide Harmonized Light VVehicles

Cycle (WLTC). The WLTC is a chassis dynamometer test cycle for the determination of emissions
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and fuel consumption from light-duty vehicles and shown in Figure 4.27. The WLTC drive cycle
contain the low, medium, high and extra high vehicle speed, which represent all driving conditions.
The DM-TJI engine vehicle conventional powertrain model drive cycle compared with the PO
mild-hybrid powertrain. The fuel economy improved from 25.8 mpg to 28.2 mpg, which shows

9.23 % and 8.45% CO2 emission reduction. A similar powertrain comparison studies with the

same drive cycle report a similar results [10,83].
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Figure 4.27 Time Vs vehicle speed profiles of the WLTC drive cycle
The parallel hybrid powertrain has a higher battery and electric motor capacity. The battery
capacity changed to 115V and the electrical motor capacity changed to 20kW maximum power.
The P2 parallel hybrid powertrain has the same feature as the mild hybrid with an additional
electrical drive at a low vehicle speed and better regenerative brake efficiency. Compare to the
conventional DM-TJI vehicle, the P2 parallel hybrid powertrain improve the fuel economy from
25.8 mpg to 33.6 mpg and reduce the CO2 by 23%. A similar powertrain comparison studies with
the same drive cycle report a 25% CO2 reduction [10]. The rule-based hybrid control system need
further improvement to get the maximum benefit of the P2 parallel hybrid powertrain. Table 4.6
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summarizes the results obtained over the three different powertrains and compares the results with
the conventional powertrain. The parallel hybrid powertrain improves the fuel economy by ~30%

and reduces the CO2 emission by 23%.

Table 4.6 Fuel economy and CO2 emission simulation result of DM-TJI engine over WLTC drive
cycle in three different vehicle powertrain layout

DM-TJI Fuel CO2 emission | Fuel Economy CO2 emission
Engine Economy [o/km] Improvement reduction [%0]
powertrain [mpg] [%]
Conventional 25.84 343.92 - -
Mild hybrid 28.23 314.85 9.23 8.45
Parallel hybrid 33.56 264.81 29.88 23.00

A similar drive cycle analysis was conducted for the Ford F-150 2.7-Liter EcoBoost®. The
conventional, the PO mild hybrid and the P2 parallel hybrid powertrain with F-150 2.7-Liter engine
map analyzed over WLTC drive cycle. The results obtained over the three different powertrains

and compares the results with the conventional powertrain is presented in Table 4.7.

Table 4.7 Fuel economy and CO2 emission simulation result of Ford F-150 2.7-Liter EcoBoost®
vehicle over WLTC drive cycle in three different vehicle powertrain layout

Ford F-150 Fuel CO2 emission Fuel Economy CO2
Engine Economy [g/km] Improvement emission
powertrain [mpo] [%%6] reduction
[%0]
Conventional 21.99 404.14 - -
Mild hybrid 23.95 371.06 8.91 8.19
Parallel hybrid 21.7 320.83 25.97 20.61

The fuel economy improvement of the DM-TJI engine compared with the Ford F-150 EcoBoost®

vehicle over the different powertrain and WLTC drive cycle is presented in the Figure 4.22.
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Figure 4.28 Fuel economy comparison between Ford F-150 EcoBoost® vehicle and DM-TJI
engine in different powertrain arrangement

4.8  Summary and Conclusion

This chapter studies the powertrain model with different layouts and drive cycle analysis of a
vehicle equipped with a DM-TJI engine. The commercial software GT-Suite of Gamma
Technologies® was used for the powertrain and drive cycle analysis. The basic GT-Suite
powertrain model consists of systems, components, and functions to execute the drive cycle
analysis. The conventional powertrain model contains Engine, Transmission, Driver, Engine
control, Shift control, and vehicle body properties. In addition to the conventional powertrain
components, a hybrid powertrain model contains a battery, electrical motor and component-level
control system. A rule-based program is prepared to provide the primary function of the hybrid

powertrain. The vehicle model was validated and calibrated using tested vehicle drive cycle results.

The calibrated GT-Suite vehicle model compared the Ford F-150 2.7 Liter engine with the DM-
TJI engine by replacing the engine map. The EPA dynamometer driving schedules were: FTP for

the city, HWFET for highway, US06 for more aggressive drive cycle, and WLTC for hybrid drive
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cycle used for fuel economy and CO2 emission evaluation. The model simulation results were

analyzed and summarized as follows.

In all the tested driving cycles, the DM-TJI engine performs better than the Ford F-150 2.7
Liter engine in fuel economy and CO2 emission.

The DM-TJI engine demonstrates 17.29% fuel economy improvement over the US06 drive
cycle, 10.5% fuel economy improvement over the highway drive cycle, and 16.16% fuel
economy improvement over the FTP city drive cycle. Overall, the combined city and
highway drive cycle shows a 15.87% fuel economy improvement. The comparison was
made with the same vehicle components of the Ford F-150 2.7-Liter except for changing
the engine map.

The engine significant operating points were at low to moderate speeds and loads, where
the engine runs most inefficiently. This might be improved by adding an electrical motor
with a battery to assist low speeds and load operating points.

Engine downsizing would move the best efficiency region of the engine map to the most
engine operating points.

The DM-TJI engine shows between 9.5-14.8% CO2 emissions reductions on the tested
drive cycles.

The DM-TJI engine reduces NOx emission; the broad operating points are below 2.5
g/kWh ISNOx emissions with low emission of 0.21 g/kWh.

The hybrid powertrain was demonstrated to be a reliable solution that can be applied to
improve the current powertrain. Replacing the power source of the auxiliary pre-chamber
air supply with electrical power further improved the fuel economy in the range of 2.05-

2.9 % over the tested drive cycle.
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e Mild and parallel hybrid powertrain further improve the fuel economy of the DM-TJI
engine by 9.23% and 29.88%, respectively, compared to the conventional powertrain of
the DM-TJI engine. The CO2 emission was reduced by 23%. Further optimizing the hybrid

powertrain control algorithm could maximize the drive cycle fuel economy.
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Chapter 5: Combustion Characteristics and Emission Trends in the DM-TJI (Jetfire®)

Engine with Alternative Fuels

51 Introduction

Both academia and industry have been continuously studying to attain maximal benefit from Si
engines working on gasoline and alternative fuels to improve the emissions, combustion, and
performance parameters. Many renewable fuels and abundant reserve gases have been studied and
widely used as alternative fuels for ICEs, including biofuels such as methanol, ethanol, butanol,
and gaseous fuels such as hydrogen, natural gas, and petroleum gas. Ethanol and natural gas (NG)

are the most widely employed fuels among these fuels [104].

Ethanol constitutes about 75% of renewable fuel production, with additional biomass-based
production methods potentially scaling up yield in the future [105]; it is widely used as engine fuel
in several countries. Ethanol can be obtained from renewable sources such as biomass and
agricultural feedstock (sugarcane or corn). The self-ignition temperature of ethanol is higher than
that of gasoline. Therefore, an ethanol-fueled engine is less likely to knock than a gasoline-fueled
engine at the same compression ratio. This allows for higher knock-free compression ratios for Sl
engines, which leads to the higher overall efficiency and shaft power [106]. The flame speed of
ethanol is higher than that of gasoline, and it permits fast combustion. In addition, ethanol fuel has
high vaporization heat; it reduces the maximum temperature inside the cylinder and hence reduces

the NOx emission and increases the engine power [107].

The use of ethanol in SI engines is still limited by its high latent heat of vaporization and low

energy density. The high latent heat of ethanol leads to an increase in the volumetric efficiency.
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Ethanol has low diffusivity and shows ignition difficulty at low temperature, causing incomplete

combustion and adversely affecting engine economic and emissions performance [108].

NG is one of the most abundant and promising alternative fuels. It is promising for partially
substituting the traditional fossil fuels and reducing global warming effects by reducing the carbon
dioxide (CO2) emission due to its primary component of methane (99.99 %), which has the highest
hydrogen/carbon ratio among all fuel hydrocarbons [109]. It can be mixed thoroughly with air to
form a homogenous fuel/air mixture for combustion in the cylinder, and NG significantly reduces

the engine exhaust emissions.

Generally, natural gas is stored in special high-pressure gas cylinders and is typically divided into
compressed natural gas (CNG) and liquefied natural gas (LNG). CNG is suitable for short-distance
passenger cars, while LNG is suitable for the fuel supply of the long-haul transport sector because
the energy density of LNG is higher than that of CNG [104]. By shifting the gasoline and diesel
engines to NG engines, the HC and CO emissions can be reduced by 30-35% and 20-30%,

respectively [110].

NG can be used in a high compression ratio engine due to its high octane number, which provides
superior anti-knock resistance. The octane level enables NG to be used directly in the SI engines
at a relatively higher compression ratio (CR) than gasoline engines, which brings about higher
thermal efficiency and higher cost-effectiveness. In recent years, energy shortage and
environmental pollution have drawn increasing attention from governments worldwide towards

NG as the alternative fuel for heavy-duty diesel engines and stationary engines [111].

However, the NG composition has a unique tetrahedral molecular structure with larger C—H bond

energies. Demonstrating unique combustion characteristics such as high ignition temperature and
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low flame propagation speed will counteract the superiority of emissions due to significant cycle-
to-cycle variations, particularly under lean mixture operating conditions, in cold start, and under
idle and low load conditions [112]. Consequently, the NG engine is usually equipped with a high-
energy ignition system and operated at the stoichiometric air/fuel ratio over a wide range of load

and speed [109].

Stoichiometric operation combined with a three-way catalyst (TWC) has been recognized as the
most effective way for Sl engine operation to meet stringent emission legislation. However,
significantly higher combustion temperature with stoichiometric operation leads to higher heat
transfer loss, higher thermal stress on the engine, and higher knock tendency. At low-to medium-
loads operation, more throttling is also needed, which leads to more pumping loss. All these factors
would result in a decrease in the engine's thermal efficiency. Burning high diluted mixtures
(exhaust gas recirculation) has improved engine efficiency in several ways. The heat losses
through the combustion chamber walls are significantly reduced, and the pumping losses are
reduced when the engine operates at medium-to-low loads. High diluted mixtures offer the
potential to mitigate SI knock at high engine load [39]. On the other hand, introducing an EGR
diluted mixture in the combustion chamber will inevitably lower the combustion reaction rate,
which also has an adverse effect on thermal efficiency. Concerning this issue, the combustion
chamber structure should be further modified to optimize in-cylinder flows, increase the turbulence
intensity, and accelerate the flame propagation process. Pre-chambers combustion presents a
promising method to reduce the ignition difficulties of EGR diluted mixtures outlined above. In
such configurations, a mixture of air and fuel is ignited in the pre-chamber, and burning jets are

discharged into the main chamber [103].
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An active pre-chamber ignition system characterized by an additional fuel injection system
provides another degree of freedom for controlling the mixture in both chambers. A different fuel
can be injected into the pre-chamber for a better mixture and fast burn. Gaseous fuels like methane,
hydrogen, and propane are usually adopted to get better mixture formation in an active pre-
chamber because of the reduced momentum of the liquid. The amount of fuel injected into the pre-
chamber is another key operating parameter since it determines the pressure rise and the
combustion duration in the pre-chamber. This parameter is determined by the pre-chamber volume

and the pre-set air/fuel ratio to maintain combustion stability.

Many researchers investigated the effects of alternative fuels and dual-fuel combustion in regular
Sl and TJI engines with and without EGR dilution. Toulson et al. [113] studied the effect of
alternative fuels in the pre-chamber (H2, CNG, LPG, and CO) and gasoline fuel in the main
chamber. They concluded that the main chamber lean limit was affected by the fuel choice in the
pre-chamber. However, the emissions do not vary significantly between pre-chamber fuels.
Sementa et al. [114] analyze the combustion process of an optically accessible small SI engine
fueled with methane and equipped with a pre-chamber. Sementa forward fueled pre-chambers
offer the possibility to enhance the lean operating limit of methane engines while ensuring stable
operation at high excess air ratios. Costa et al. [115] used hydrous ethanol as the fuel in a single-
cylinder optical engine equipped with a homogeneous charge pre-chamber. Their study reported
that the pre-chamber torch ignition engine improved indicated specific fuel consumption by 4.5%,
and engine fuel conversion efficiency improved 5.4% compared to the baseline engine at A = 1.4.
The NOXx pollutant emission level for the pre-chamber torch ignition system was reduced with
leaner mixtures by 52% compared to the stoichiometric baseline engine. Zardoya et al. [116]

investigated optimal combustion and design needs for low methane number fuels in a pre-chamber
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injected engine. A 15% efficiency drop was obtained, and different engine design modifications
were proposed. Liu et al. [117] investigated the combustion characteristics of premixed CH4-air
and H2-air mixtures with different excess air coefficients ignited by jet flame with different pre-
chamber orifice diameters. The results show that the variation of orifice has diverse influences on
the turbulent jet ignitions of methane and hydrogen. Smaller orifices will reduce the temperature
of the jet due to the stronger stretch and throttling effect, including change of lean flammability
limit, ignition delay, and re-ignition location. Costaet al. [118] analyzed a homogeneous charge
pre-chamber torch ignition system in an Sl engine fueled with a gasoline-bioethanol blend. BSFC
was improved up to 8.4%, 12.1%, and 10.2% for engine speeds of 2500, 3500, and 4500 rpm,
respectively. Alvarez et al. [119] operated a multi-cylinder engine using ethanol as the main
chamber fuel with three combustion modes: standard spark ignition, passive pre-chamber, and
active pre-chamber at specific engine speed and load. They showed a reduction in specific fuel
consumption and the combustion duration with the use of pre-chamber ignition system. Almatrafi
et al. [39] studied the effects of using two different fuels in the main chamber and assessed the
lean limit, the combustion efficiency, and the emissions of a single-cylinder heavy-duty engine
equipped with a narrow-throat active pre-chamber. The results showed an increase in the lean limit

using ethanol in the main chamber compared to using only methane in both chambers.

Hence, this chapter aims to study the effect of alternative fuels on high compression ratio pre-
chamber ignition systems. The combustion parameters, engine stability, EGR dilution tolerance,
and exhaust emission were compared with gasoline and between the fuels. The experimental
activity was carried out on a single-cylinder DM-TJI metal engine. Furthermore, the engine

response is studied using two different fuels in the engine pre- and main chamber cylinders.
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5.2  Experimental Setup and Procedure

A single-cylinder Prototype 1l DM-TJI metal engine coupled to a dynamometer was used for all
experiments. A schematic of the experimental setup is shown in Figure 5.1. Significant engine
specifications are given in Table 5.1. The engine setup used in this study is the same as the engine
explained in chapter 2; except for alternative fuel, a different fuel delivery system and injector

implemented, and pre-chamber orifice diameter of 1.5mm used for the alternative fuel analysis.

— Intake line
= Exhaust line

— Fuel line s §| 4
Temperature Sensor (19) (15) (14)

Pressure Sensor (18)

(28 e
q—-J | (16) J

(20) 21y

i

Figure 5.1 The schematic diagram of the experimental setup

(1) Engine head with pre-chamber, (2) Intake runner (3) Exhaust runner (4) Auxiliary pre-
chamber airline (5) Pre-chamber fuel injector line (6) Main chamber injector line (7) Intake
plenum (8) Lambda sensor (9) Intake Oz sensor (10) Intake throttle (11) CAS (12) Supercharger
(13) EGR cooler (14) EGR valve (15) Upstream throttle (16) Muffler (17) EGR line (18) HORIBA
exhaust gas analyzer (19) Dynamometer (20) Fuel pump (21) Fuel flow meter (22) Liquid Fuel
thank (23) Exhaust emission line (24) Intake CO> line (25) LFE (26) Pre-chamber pressure
regulator (27) Shop compressed air supply (28) Vent (29) Methane fuel cylinder
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The engine was instrumented with thermocouples to monitor the intake and exhaust manifold and
selected coolant lines and oil gallery temperatures. The engine in-cylinder pressure data used to
calculate indicated mean effective pressure (IMEP) and COV)wep in both chambers was recorded
with a pressure transducer (Kistler). The COVmep calculated the average of over 200 consecutive
engine cycles. Piezoresistive pressure transducers were installed on the intake and exhaust runner
manifold to measure the port pressures. An ABB electrical motor was used to operate the engine

at a constant speed and act as a dynamometer.

Table 5.1 Specification of the test engine

Parameter Description

Engine type Single-cylinder, four-stroke

Ignition mode High energy spark ignition

Displacement (L) 0.55L

Bore 86 mm

Stroke 95 mm

Connecting rod length 170 mm

Compression ratio 13.3:1

Fuel type Gasoline, E80 ethanol blend, and
compressed natural gas.

Injection mode Direct injection in pre-chamber and
port injection in the main chamber

Pre-chamber volume 2.9 ml (~6 % of clearance volume)

Number of Nozzle orifice | 6 holes, Symmetric

and configuration

Orifice diameter 1.5mm

Number of Valves 2-intake, 2-exhaust, and 1-pre-chamber

Valve timing for max lift Intake timing - 90 CAD aTDCGE,
Aiir valve timing - 110 CAD bTDCF
Exhaust timing - 90 CAD bTDCGE

Aspiration mode Naturally aspirated and Boosted
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A Horiba MEXA-7100 DEGR automotive exhaust gas analyzer bench measured raw emissions of
NOX, Oz, CH4, CO, CO2, and unburned THC emissions. It also measures the EGR dilution rate,
which was calculated using measured CO> concentrations in the intake and exhaust manifold while
accounting for ambient CO> concentration. The analyzer was calibrated prior to the experimental
tests with zero and span gases. An exhaust gas recirculation (EGR) system was used, where the
charge was fed upstream from the intake surge tank, allowing time for mixing before the intake
manifold. A Meriam laminar flow element (LFE) was installed to measure the pre-chamber airflow
installed in the pressurized airline upstream from a compressed air plenum. The plenum is used to

minimize pressure fluctuation.

Tier 111 regular certification gasoline fuel, E80 ethanol fuel blends, and compressed natural gas are
used as fuel in different combinations. The engine fuel supply line was divided into two lines, each
providing fuel to a separate chamber which fueled both the pre- and the main chambers. The
combined pre- and main chamber fuel flow rate was measured using a Micro Motion (Mod. No
CMFS007M) Coriolis flowmeter for liquid fuels and the displaced bubble method for gas fuel.
Both the pre-chamber and main chamber fuel injection pressures were set at 1450 psi (~100 bar)
for liquid fuels and 400 psi (27.57 bar) for pre-chamber, and 100 psi (6.89 bar) for the main
chamber for gas fuel. The pre-chamber fuel was supplied with a custom-developed two-hole, low-
flow DI injector, whereas the main chamber fuel was supplied in PFI configuration but with a
higher flow rate six-hole DI injector. The main chamber injector was replaced by a Bosch NGI2
natural-gas port fuel injector for natural gas fuel. The fuel injection time and durations were
controlled and adjusted by an in-house developed control system containing NI-PXI chassis and
Mototron controllers managed within an NI Veristand environment. Spark timing, intake runner

throttle, and EGR valve position are also controlled from this end. Two data acquisition systems
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were used: A&D Technology Combustion Analysis System (CAS) for high-frequency data sets

and National Instruments (NI) device for low-frequency data sets.

5.3  Experimental Results and Discussion

The tests were carried out at stoichiometric conditions under different fuel matrices. A summary
of the fuel test conditions is shown in Table 5.2. Different quantities are required to achieve the
stoichiometric mixture conditions because the fuels have different energy densities. Before starting
the tests, an engine warm-up routine was followed until stable coolant temperature conditions of
90°C were obtained. Lambda was adjusted to one after the engine warm-up and start of data
acquisition. Each parameter was assessed at a low and high EGR dilution rate starting from 0%
until the fuel EGR limit was reached, which is determined by COV mep < 3%. The knock limit is

set to be less than 10% cycle crossing a 1.0 bar pressure oscillation difference (POD).

Table 5.2 Engine fuel test parameter

Pre-Chamber Main Chamber
Fuel 1 | Gasoline Gasoline
Fuel 2 | Methane Methane
Fuel 3 | E8O ethanol blend | E80 ethanol blend
Fuel 4 | Gasoline Methane
Fuel 5 | E8BO ethanol blend | Methane

A standard motored operating point was recorded and analyzed to ensure repeatability and
consistency between experimental test sets. At the start of each test day, the emission bench was
purged and calibrated using span and reference gases. The spark timing was adjusted to achieve
Maximum Brake Torque (MBT) operation. More than 30% EGR dilution helps achieve a CA50
combustion phasing of between 6 — 9 CAD aTDCF under the knock limit. When the test point

passed the knock limit, the spark timing retarded, and the CA50 might be above 10 CAD aTDCF.
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The fuel flow rate into the main chamber was controlled to obtain a stoichiometric mixture (A=1)
for the exhaust gas constituents. The lambda was measured by the exhaust emission bench and
ECM Lambda-5200 sensor installed at the exhaust system. Once a stable operating point was
achieved, 200 combustion cycles were recorded at a crank angle resolution of 0.1 using the CAS
data acquisition system. The low-speed test cell data was recorded at 1Hz for the same duration as
the high-speed data recording. The most representative cycle was used for analysis, which was
defined to be an individual cycle that was closest to the average CA50 and IMEPg. The combustion
stability is defined by the COVimep over the recorded combustion cycles. An in-house MatLab

script was used to post-process the experimental data.

5.3.1 EGR Sweep Results Using Alternative Fuels

5.3.1.1 Engine Knock

The knock amplitude of the EGR sweeps for the different fuel test matrix are shown in Figure 5.2.
Gasoline fuel injection in both chambers shows significant knock amplitude. However, the knock
amplitude decreases as the EGR dilution increases, and the engine can operate with a wide range
of EGR dilution with low knock amplitude beyond 25% dilution rate. E80 ethanol blend in both
chambers operates above the knock limit without EGR dilution; once the EGR dilution starts, the
engine can operate with low knock amplitude beyond 10% dilution rate. However, the knock limit

is not reached for any combination of methane fuel.
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Figure 5.2 Knock limit of alternative fuels in a DM-TJI engine with EGR dilution rate at 1500
rpm engine speed

5.3.1.2 Main Chamber Pressure Trace and Apparent Heat Release Rate

EGR dilution in the combustion mixture decreases the laminar flame speed and consequently leads
to slower combustion [120]. The ignition chemistry changes through an increase of quenching
reactions due to EGR diluents and leads to increased ignition delay. Figure 5.3 shows the benefits
of combustion phasing and better knock relief provided by the high EGR dilution rate at a high
engine compression ratio. Knock typically exhibits with high heat release rate; the EGR dilution
rate provides better combustion phasing, which leads to higher cylinder pressure with decreased
heat release rate, which provides more knock relief while still maintaining good combustion

stability.
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Figure 5.3 Main chamber pressure and apparent heat release rate with different EGR dilution
rates and corresponding spark timing using E80 ethanol blend fuel

5.3.1.3 Combustion Stability

The combustion stability of the EGR sweeps for different engine fuel are shown in Figure 5.4 for
the same fuel in both chambers and Figure 5.5 for different fuel in each chamber. Methane fuel in
both chambers and combined with other tested fuel in the main chamber has an EGR tolerance of
38%. However, injecting methane in the pre-chamber using a custom-developed two-hole, low-
flow DI injector for such a long time was not successful; more than two injectors were damaged
in the test process. Methane gas does not have the same lubrication as liquid fuels; after repeated
engine tests, the injector starts to leak and create high CH4 emissions. After the pre-chamber
injector started to leak, the maximum EGR tolerance of methane injected in both chambers was
20%. E80 ethanol blend has stable combustion up to 47% EGR dilution, while the gasoline enabled

a 45% EGR rate before combustion became unstable. The straight-line markers in Figure 5.4 and
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Figure 5.5 represents the spark timing for each fuel type, and it is evident that, with a high EGR

dilution rate, all fuel operating conditions required spark advance at the same combustion phasing.

The fuel injection and auxiliary air supply to the pre-chamber increases when the EGR dilution
rate exceeds 35%. This indicates that the pre-chamber residual gas fraction increased with a high
EGR dilution rate, and it needed more air in the pre-chamber to scavenge the residual gas. More
air in the pre-chamber needs more fuel to start stable combustion. The engine has a wide range of
spark sweep points with stable combustion with less EGR dilution rate. However, with a high EGR
dilution rate, the spark sweep range with stable combustion became smaller and smaller; it needed

to find a small window of stable combustion spark timing points to have stable combustion.
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Figure 5.4 Combustion stability (COV\mep) and spark timing of three different fuels (methane,
E80, and gasoline) using the same fuel in both combustion chamber with EGR sweeps.
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Figure 5.5 Combustion stability (COVimep) and spark timing of three different fuels (methane,
E80, and gasoline) using different fuels in each combustion chamber with EGR sweeps.

Gasoline fuel was more sensitive to knock-in-advance spark timing when injected into both
chambers (compared to the rest of the fuels). Methane fuel has better combustion stability in a
diluted mixture when the engine burns in lean conditions than in rich conditions. When the EGR
sweep performs, the engine burns in lean condition for a time until the combustion reaches the
dilution target, and then the combustion state goes back to stoichiometric condition. In contrast,
gasoline fuel has better combustion stability when the engine burns in rich conditions than lean at
high EGR dilution rate; the engine burns in a rich state for a time to sweep the EGR dilution rate.
Conversely, E80 ethanol blend fuel has better combustion stability in both lean and rich conditions,

and it is easy and fast to sweep the EGR dilution rate.
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5.3.1.4 Combustion Duration

The combustion duration for EGR sweeps is shown in Figure 5.6, and the delay between the spark
timing and 10% heat release is shown in panel (a). This time delay is also known as the flame
development angle measured in CAD. At zero EGR dilution, the flame initiation was similar for
the tested fuel matrix with a maximum of 2 CAD difference. The delay increases as the combustion
mixture is diluted with more EGR. E80 ethanol blend fuel has a shorter flame initiation angle than
the other fuels. Methane fuel in the main chamber or both chambers’ fuels show the most extended
delay, while gasoline fuel is in the mid-range between the two fuels. Hence, a shorter flame

development angle can be expected using fuels with lower octane ratings [121].

The duration between 10 to 90% heat release (CA10-90) is plotted in Figure 5.6 (b). The
combustion duration of each fuel in this study is extended as the EGR dilution rate increases. For
a given EGR dilution condition, shorter durations are achieved by E80 ethanol blend fuel. Due to
its slow laminar burning velocity, methane fuel shows the most extended combustion duration
among the fuels studied for a given EGR percentage. The rate at which the combustion duration

increases with increasing EGR dilution rate is similar for all the tested fuels.

141



34

@ Both chambers gasoline
32~ | @ Both chambers E80 ethanol blend
30 | |#-Both chambers methane (a)
o | [#-Pre-chamber E80 blend main chamber
S pgl | methane
5 | | 0 Pre-chamber gasoline main chamber i
S 26+ methane
Qo L
<
Q 241
g -
w® 22f
:g L
e 20
2 L
8 18+
=
= X
g 16 —
L
L 141
12
10 L | " L n 1 L 1 L n 1 L 1 L I L L 1 L
- [@ Both chambers gasoline
32~ |mBoth chambers E80 ethanol blend b
30| @ Both chambers methane (b)
| |- Pre-chamber E80 blend main chamber
28t methane
§ L | 0 Pre-chamber gasoline main chamber
O, 26+ methane
=) I 0
S 241 ;
E =
Q 22+ 0
g -
'—E 20 -
5 L
c 181
5 I .,_///”—r/
o 16 o
14
12
10 I L | L | L | L | L | L 1 L | 1 | L 1 L |

-5 0 5 10 15 20 25 30 35 40 45 50
EGR [%]

Figure 5.6 Different fuel combustion durations of CA0010 (a) and Burn1090 (b) in a DM-TJI
engine as a function of EGR dilution rate
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5.3.1.5 Exhaust Emissions

Engines emit several pollutants into the atmosphere, significantly contributing to air pollution. The
main toxic substances present in the exhaust gases are incomplete combustion oxides of a
hydrocarbon containing CO, NOx, HC, and particulates. Unlike CO2, the emission of these
pollutants is not directly linked to fuel consumption, being more dependent on engine technology
and maintenance. The engine exhaust emissions are typically measured using a gas analyzer and
reported in parts per million (ppm) and volume percent (vol %). A portable emissions analyzer
(Horiba MEXA-7100) was used. The analyzer consists of a sampling probe, an analyzer box, and
a control unit and is equipped with CO(H), CH4, 02, CO2, THC, and NOx analyzers. Table 5.3

summarizes the technical specifications of the exhaust gas analyzer used in this study.

Table 5.3 Technical specifications of the exhaust gas analyzer.

Measurement Accuracy Range
CO + 0.5% 0-12%viv
CO2 +1% 0-20%viv
02 +1% 0-25%vlv
THC +10% 0 — 50000 ppmC
CHa + 5% 0 — 500 ppmC
NOX + 10% 0 — 10000 ppm

The exhaust emissions of nitrogen oxides (NOXx), unburned total hydrocarbons (THC), carbon
monoxide (CO), and carbon dioxide (CO.) emissions for the EGR sweep and fuel types were
analyzed. All tested fuels show close results of NOx (ppm) emission. Figure 5.7 shows the
reduction of NOx (ppm) emission with increasing EGR dilution. The NOx emission was reduced

due to lower combustion temperature.

The indicated specific nitrogen oxides (ISNOx) emission was calculated for selected fuels. The

instantaneous fuel flow rate for gasoline and E80 ethanol blend fuels was measured using a Micro
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Motion Coriolis flowmeter. However, the methane fuel flow is measured before and after the test
using the displaced bubble method. The methane fuel cylinder is directly connected to the pre- and
main chamber injector, and the high pressure inside fuel cylinders drives the fuel to the engine
cylinder. The fuel flow rate is measured using the displaced bubble method by injecting fuel inside
a displaced bubble with the same injection pulse width and measuring the injected fuel volume.
Measuring instantaneous methane flow rate is not possible using the displaced bubble method; the
EGR sweep test takes more than 30 minutes, and the compressed fuel cylinder pressure will not
be the same before and after the EGR sweep test. Making displaced bubble tests after each EGR
sweep is not economical time-wise; removing both injectors from the engine and connecting to the
displaced bubble test takes much time. For gasoline and E80 ethanol blend fuels, ISNOx was
calculated at each EGR sweep point. For methane fuel, only a high EGR rate was calculated using
the instantaneous fuel and exhaust mass flowrate. Figure 5.8 shows indicated specific NOx
emission with EGR sweep. At high EGR dilution, NOx emissions fall below 1.0 g/kwh and
maintain a stable value of around 0.25 g/kWh above 40% EGR for gasoline and E80 ethanol blend

fuels. These emissions fall below 1.0 g/kWh above 35% EGR for methane fuel.

The NOx emission compared with zero EGR dilution rate. In the previous study, the engine was
equipped with interchangeable Jetfire® and SI cartridges was tested at 6 bar and 10 bar loads at
1500 rpm [33]. The Sl cartridge with no EGR dilution at 10 bar engine load the NOx emission was
14.62 g/kWh. The high EGR dilution rate reduce the NOx emission by 93.2% at 35% dilution rate

and reduced by 98.3% at 40% dilution rate.
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Figure 5.7 Effect of EGR sweep and different alternative fuels on NOx emissions
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Figure 5.8 Indicated specific NOx emission with EGR sweeps for gasoline, E80 ethanol blend,
and methane fuels.
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Similarly, Figure 5.9 shows the total hydrocarbon emissions at each EGR sweep point. Generally,
the hydrocarbon emissions increased with EGR dilution due to reduced combustion temperature
and increased cyclic variation. Moreover, low combustion temperature increased the probability

of wall quenching, thereby leading to more unburned THC emissions.
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Figure 5.9 Effect of EGR sweep and different alternative fuels on THC emissions

Figure 5.10 shows the specific total hydrocarbon emissions of gasoline, E80 ethanol blend, and
methane fuels. The total hydrocarbon emissions from ethanol are higher for high EGR dilution
rates than the other tested fuels, and methane is relatively lower; gasoline emission is between the
two fuels for high EGR dilution. These results could be significantly improved by optimization of

the ignition jet geometry.
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Figure 5.10 Indicated specific THC emission with EGR sweeps for gasoline, E80 ethanol blend,
and methane fuels

The CO- and CO emission are not significantly affected by the EGR sweep. However, each fuel
has a different emission level. The average CO, emission values of each fuel are shown in Figure
5.11. The average CO. emission for gasoline fuels is 14.51 Vol%. Considering gasoline fuel CO>
emission as a reference, E80 ethanol blend fuel produces 4.5% less CO2 emission with an average
value of 13.9 Vol%. In the pre-chamber gasoline main chamber methane dual-fuel produces 25.2%
less CO. emission with an average value of 10.9 Vol%. In the pre-chamber E80 blend main
chamber, methane dual-fuel produces 26.7% less CO. emission with an average value of 10.63
Vol%. Methane fuel produces a small amount of CO. emission with an average value of 10.46
Vol%. Compared to gasoline fuel, methane fuel produces 27.9% less CO, emission for the

condition studied.
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Figure 5.11 The average CO2 emission of different fuels injected in in a DM-TJI engine

Figure 5.12 shows the average CO emission value of each fuel combination. Similarly, gasoline
fuel has the highest CO emission values with an average of 0.299 Vol%. Considering gasoline CO
emission as a reference, E80 ethanol blend fuel produces 25.8% less CO emission with an average
of 0.222 Vol%. In the pre-chamber gasoline main chamber, methane dual-fuel produces 46.5%
less CO emission with an average of 0.16 Vol%. In the pre-chamber E80 blend main chamber
methane dual-fuel produces 49.2% less CO emission with an average of 0.152 VVol%, and methane

fuel produces 57.9% less CO emission with an average of 0.126 Vol%.
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Figure 5.12 The average CO emission of different fuel combination injected in a DM-TJI engine

5.3.2 Burn Duration Cycle-to-cycle Variation and Engine Efficiency

5.3.2.1 Burn Duration Cycle-to-cycle Variation

The burn duration cycle-to-cycle variation for each experimental data point gradually increases
along with the EGR dilution rate, as reported in the paper [122]. Since the dual-fuel type injection
with methane has close results, the study focused on the three fuel types injected in both chambers
(gasoline, E80 ethanol blend, and methane). The engine cycle-to-cycle variation shows the knock

and the misfire limits of the operating condition.

The maximum cycle-to-cycle variation was compared at the fuel maximum EGR limit and high

load with boosted conditions at engine IMEP of 10£0.5 bar and engine speed 1500rpm. Figure
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5.13 shows the main chamber 200 cycle burn duration of 1090 CAD using gasoline fuel (a),
methane fuel (b), and E80 ethanol blend fuel in both chambers at their maximum EGR dilution

limit.
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Figure 5.13 Main chamber 200 cycle burn duration 1090 CAD using a fuel of gasoline (a),
methane (b), and E80 ethanol blend (c) at 10+0.5 bar IMEPg.
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Figure 5.14 shows the three fuels' average burn duration and cycle-to-cycle variation as indicated
by standard variation bars. Gasoline fuel experiences an average shorter burn duration of 21.58
CAD; however, the cycle-to-cycle variation is higher than the two fuels, with a standard deviation
of 4.39. Methane and E80 ethanol blend have a close burn duration of 23.27 and 23.37,

respectively. E80 ethanol blend has a lower cycle-to-cycle variation with a 2.62 standard deviation.
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Figure 5.14 The average burn duration and standard deviation cycle-to-cycle variation of the
three fuels at the maximum EGR limit.

5.3.2.2 Engine Efficiency

The engine gross indicated efficiency is compared for the three fuels at 8+0.5 bar IMEPg and 1500
rpm engine speed. As shown in Figure 5.15, the E80 ethanol blend fuel has the highest indicated
efficiency of 45.61% with 45% EGR dilution. Since ethanol can operate with adequate combustion

stability, lower burn duration cycle-to-cycle variation, and knock-free across a wide range of EGR
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dilution, the gross indicated efficiency is maintained above 44% starting from 35% EGR. Due to
knock sensitivity and retarded spark timing, the gross indicated efficiency of gasoline is
considerably lesser than those two fuels; the maximum indicated efficiency is 44.12% at 45% EGR
dilution. The efficiency of methane fuel is calculated only for the peak EGR dilution rate. After
measuring the pre- and main chamber injection volumes using a displaced bubble and considering
the density of methane at 0°C temperature latm pressure, the injection mass flow rate was

calculated, and the maximum indicated efficiency of 45.03% with 38.5% EGR dilution was

obtained.
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Figure 5.15 Gross indicated efficiency of DM-TJI engine working with E80 ethanol blend,
methane and gasoline fuels
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5.3.3 Engine Speed Variation Impact on Combustion Parameters and Exhaust Emissions

The effect of engine speed using the three different fuel types on the DM-TJI engine performance
was examined at 1500, 1750, 2000, and 2300 rpm engine speeds. The engine loads were
maintained the same for all engine speeds, whereas the fuel injection duration was varied to

maintain the combustion stoichiometric condition at MBT spark timing.

5.3.3.1 Maximum EGR Dilution Rate

The effects of engine speeds on the EGR dilution limit using gasoline, E80 ethanol, and methane
fuels are shown in Figure 5.16. The EGR dilution rate decreased by a small percentage with
increasing engine speed. At the lowest engine speed, the maximum EGR dilution rate for gasoline
and E80 ethanol fuel was 47%, and for methane 38%, with COV vep < 3%. At the highest engine

speed, the dilution rate decreased to 44% for gasoline, 40% for E80 ethanol, and 30% for methane.
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Figure 5.16 Comparison of EGR dilution limit of DM-TJI engine between different engine
speeds (1500, 1750, 2000 and 2300 rpm) with different alternative fuels
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The primary reason for the marginal decrease of EGR dilution rate with higher engine speed is that
the residual gas mass fraction in the pre-chamber could be higher due to reduced scavenging by
the auxiliary air charge at high engine speed. When the engine speed increases, the auxiliary air

opening valve time decreases, which reduces the amount of pre-chamber air supply.

5.3.3.2 Combustion Duration

Figure 5.17 present the effect of different engine speeds on flame initiation (CA0010) and burn
duration (CA1090) for different fuels. When the engine speed increases, the flame initiation, and
burn duration also increase. The rate of flame initiation change has a lower slope than the burn
duration as shown in the figure. The engine speed effect on burn duration is similar for all three

fuel types. This also shows the importance of optimizing the reacting jet geometry.
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Figure 5.17 Different fuel combustion durations of CA0010 (left) and Burn1090 (right) in a DM-
TJI engine at different engine speed
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5.3.3.3 Emission

The exhaust emissions (NOx and THC) at different engine speeds are presented in Figure 5.18.
The NOx emission for gasoline and E80 ethanol blend fuel was not affected by the engine speed;
the result is similar for both fuels, and it is under 50 ppm. The methane fuel NOx emission
increased with engine speed; the main cause for the increased NOx emission at high engine speed
is the methane fuel EGR limit. Compared to other tested fuels, methane EGR limit is lower at high
speed, and that leads to high NOx emission. Hydrocarbon emissions remain the same at both end

engine speeds; in between engine speeds, a small value variation is shown.
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Figure 5.18 Exhaust emission variation along with engine speed for different fuel in a DM-TJI
engine. NOx emission (left) and THC emission (right).

Spark timing affects NOx emission; advanced spark timing increases the engine's temperature, and
high temperature increases NOx formation. Figure 5.19 shows the raw data result of spark advance
timing Vs. NOx and THC emission for 45% EGR diluted combustion at an engine speed of 1500

rpm and engine load of 10 bar. As shown in Figure 5.19 (left), the NOx emission increases almost
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linearly with the spark advance timing from 25 ppm to 77ppm. However, THC emission was not

affected significantly by the spark timing; the emission value was distributed between 2137 ppm

to 2566 ppm.
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Figure 5.19 Spark timing sweep result of NOx and THC emission for 45% EGR diluted
combustion at engine speed 1500 rpm and engine load 10bar.

54  Summary and Conclusion

This chapter studies the single-cylinder DM-TJI metal engine performance under different
alternative fuels. The engine is equipped with a pre-chamber Jetfire® cartridge that contains the
conventional spark plug, fuel injector, and auxiliary air valve. The engine head has a pent roof
head modified to incorporate the pre-chamber Jetfire® cartridge and air valve driving assembly.
An experimental test was carried out at stoichiometric conditions with different fuels, engine
speed, engine load, and EGR dilution rates. The engine was equipped with standard test setup

equipment and measurement instruments. Two data acquisition systems were used: high-
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frequency and low-frequency data sets. The results of the experimental investigation and the data

analysis are summarized as follows.

All tested alternative fuels burn in the single-cylinder DM-TJI metal engine without any

significant modification to the engine.

EGR sweep was conducted on all tested alternative fuels, and it shows high EGR dilution

tolerance with combustion stability below 3%.

E80 ethanol blend and methane fuel show less knock sensitivity at different EGR dilution
rates compared to gasoline fuel. Methane fuel performs under the knock limit from no EGR
dilution until the EGR dilution limit is reached. An E80 ethanol blend in both chambers
operates under the knock limit starting from 10% EGR dilution up to the dilution limit.

Gasoline fuel performed under the knock limit after 25% EGR dilution.

EGR diluted combustion shows a decreased heat release rate on all tested alternative fuels,
which provides better combustion phasing, leading to higher cylinder pressure and less

knock sensitivity.

Methane fuel in both chambers or combined with other tested fuel has an EGR dilution
tolerance of 38% with COVIMEP < 3%. An E80 ethanol blend has stable combustion up
to 47% EGR dilution, while the gasoline enabled 45% EGR rate before combustion became

unstable.

Methane fuel in the main chamber or both chambers shows the most extended delay on
flame initiation compared to other fuels. The E80 ethanol blend fuel has a small flame

initiation angle, while gasoline fuel result is in the range of the two fuel types.
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The burn duration for each fuel type increased as the EGR dilution rate increase. Methane
fuel shows the longest combustion duration among the fuels studied for a given EGR

dilution rate. The shorter burn durations are achieved by E80 ethanol blend fuel.

NOx emission is reduced with increasing EGR dilution. All tested fuels show close results
of NOx emission at a high EGR dilution rate. NOx emissions fall below 1.0 g/kWh.
Compare to Sl cartridge with no EGR dilution, the NOx emission reduced by 93.2% at

35% dilution rate and reduced by 98.3% at 40% dilution rate.

E80 ethanol blend fuel produces 4.5% less CO2 emission compared to gasoline fuel at the
same speed and load. In the pre-chamber E80 blend and in the main chamber methane dual-
fuel produce 26.7% less CO2 emission. Methane fuel produces 27.9% less CO2 emission.
In the pre-chamber gasoline and in the main chamber methane dual-fuel produce 25.2%

less CO2 emission.

Compared to gasoline fuel at the same speed and load, E80 ethanol blend fuel produces
25.75% less CO emission. In the pre-chamber gasoline and in the main chamber methane
dual-fuel produces 46.5% less CO emission. In the pre-chamber E80 blend and in the main
chamber methane dual-fuel produce 49.2% less CO emission, and methane fuel produces

57.9% less CO emission.

At maximum dilution rate, gasoline fuel experiences higher cycle-to-cycle variation than
the two fuels, with a standard deviation of 4.39. E80 ethanol blend has a lower cycle-to-

cycle variation with a 2.62 standard deviation.
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The E80 ethanol blend has the highest indicated efficiency of 45.61% with 45% EGR
dilution. Methane fuel has a maximum indicated efficiency of 45.03% with 38.5% EGR
dilution. Due to knock sensitivity and retarded spark timing, gasoline fuel has a maximum

indicated efficiency of 44.12% at 45% EGR dilution.

At 1500 rpm engine speed, the maximum EGR dilution rate for gasoline and E80 ethanol
fuel was 47% and for methane 38% with COVIMEP < 3%, at the highest engine speed of
2300 rpm, the dilution rate decreased to 44% for gasoline, 40% for E80 ethanol, and 30%

for methane.
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Chapter 6: Conclusion and Recommendation

6.1 Concluding Remarks

The internal combustion engine is still expected to be part of the powertrain in the following
decades. Key technologies are being developed. These include further improving engine
efficiency, advanced after-treatment systems, low carbon fuels, and hybrid gasoline engine
strategies. The main obstacle in improving the thermal efficiency of the SI engine is combustion
knock, reducing the ability of an engine operating at a high compression ratio. Advanced
combustion strategies mitigate engine knock, improve the fuel economy of internal combustion
engines and reduce CO2 emissions. Burning air-fuel mixtures highly diluted with exhaust gases
can improve engine efficiency and fuel consumption through reduced heat loss due to lower in-
cylinder temperature and high knock resistance. The Dual Mode, Turbulent Jet Ignition (DM-TJI),
or the Jetfire® ignition system with additional auxiliary air supply to the pre-chamber enables a
high compression ratio engine with high EGR dilution tolerance to improve engine fuel economy

and CO2 emission.

In this dissertation, a single-cylinder high compression ratio DM-TJI metal engine was tested at
different engine speeds. The result demonstrates that EGR diluted mixture at stoichiometric
conditions with stable combustion improves engine efficiency. Pre-chamber orifice diameters
were examined at different engine speeds and showed performance variation. A numerical
combustion model was developed using GT-Power tools to create an engine performance map in
a four-cylinder boosted configuration under highly dilute conditions. A full vehicle powertrain

model was developed and calibrated with tested vehicle data. The DM-TJI engine map was
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replaced on the calibrated vehicle powertrain, and the fuel economy and CO2 emission were

studied at different EPA drive cycles.

The DM-TJI engine demonstrates 10.5 - 17.29% fuel economy improvement and 9.51 - 14.75%
CO2 emissions reductions over the tested drive cycles compared to the same vehicle components
of the Ford F-150 2.7-Liter EcoBoost® engine. The NOx emission was reduced to below 2.5 g/kWh
for the wide engine operating points. The DM-TJI vehicle was upgraded to a mild and parallel
hybrid powertrain for further fuel economy improvement. The simulation demonstrates 9.23% and

29.88% improvement, respectively, compared to the conventional DM-TJI powertrain.

The DM-TJI metal engine fuel flexibility was studied with E80 ethanol blend and methane fuels
under single and dual fuel injections. The tested alternative fuels perform well at different EGR
dilution rates with a maximum indicated efficiency of 45.61% and 45.03%, respectively.
Compared to gasoline fuel, CO2 and CO emissions were reduced by 4.47% and 25.75% for the
E80 ethanol blend and 27.91% and 57.85% for methane fuel. At maximum dilution rate, gasoline
fuel experiences higher cycle-to-cycle variation than the two fuels, and the E80 ethanol blend has

a lower cycle-to-cycle variation.

6.2 Recommendations for Future Work

The current analysis showed the value of DM-TJI engine for future combustion applications. The
current study focused on the engine's performance with the existing valve timing, which is fixed
timing. However, a broader test matrix at different intake, exhaust, and pre-chamber air valve-
timing should be done for the different engine speeds to maximize the engine benefit and valve
timing optimization. At higher engine speeds, the pre-chamber air supply benefits from variable
valve timing to make enough air purge in the pre-chamber. The main and pre-chamber fuel are
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injected with the same pressure from the same supply line; the pre-chamber injection pressure

would be better investigated separately for pre-chamber combustion optimization.

The pre-chamber orifice diameter was analyzed at various engine speeds for the three selected
orifice diameters. Each orifice diameter shows an advantage on the tested engine speed. Further
research and optimization are required for the pre-chamber nozzle orifice orientation, orifice length

to diameter ratio, and pre-chamber shape and volume.

The DM-TJI engine would be a good choice for hybrid powertrain vehicles. The simulated model
shows better fuel economy and CO2 emission reduction than the conventional powertrain. The
implemented rule-based hybrid control algorithm performs better in switching between the engine
and electric motor; charging and discharging battery depend on the battery state of charge.
However, the control algorithm needs further optimization to select engine operating points and

keep the engine operating at a high-efficiency point.

Fuel flexibility was studied using E80 ethanol blend and methane fuel; both fuels perform stable
combustion with a high EGR dilution rate. A methane fuel injector in the pre-chamber was testes
with the same injector used for gasoline fuel. Due to lack of lubrication, the injectors start to leak
after methane fuel is injected for a while, which affects the EGR tolerance and combustion
stability. A specific pre-chamber fuel injector for methane fuel is required to harvest the maximum
fuel performance. The methane fuel delivery pipeline connects directly to the fuel injector from
the compressed cylinders. Fuel flow rates were measured using the displace bubble method.
Standard fuel flow rate and temperature measurement were required for methane fuel to determine

the engine efficiency without introducing measurement error.
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Methane and E80 ethanol blend fuel show knock-free combustion on 13.3:1 compression ratio at
advanced spark timing. The engine performance will clearly accommodates an additional
compression. The current experimental engine compression ratio cannot be further increased to
examine the compression limit. The next DM-TJI engine prototype should adopt an additional

compression ratio to investigate the compression limit of the fuels and maximum fuel efficiency.
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APPENDIX A. Engine Map Data

Table A.1 Brake thermal efficiency map data of DM-TJI engine with high EGR dilution

Engine Engine

Speed | BMEP | Efficiency | Torque Speed | BMEP | Efficiency | Torque

[RPM] | [bar] [%%0] [Nm] [RPM] | [bar] [%%0] [Nm]
1000 2.3 17.0 354 2000 16.8 39.9 296.0
1000 5.7 33.8 100.3 2000 17.5 39.5 307.0
1000 9.0 37.3 158.1 2000 18.9 38.1 331.7
1500 1.5 20.3 25.5 3000 2.3 17.4 23.5
1500 3.6 31.4 63.4 3000 6.1 34.0 107.9
1500 5.0 34.6 88.5 3000 10.5 39.6 184.7
1500 6.2 34.8 109.5 3000 13.9 40.9 243.6
1500 7.3 37.3 128.3 3000 14.8 40.5 259.7
1500 7.6 37.2 140.0 3000 15.6 40.3 274.3
1500 7.9 38.8 152.8 3000 16.4 39.8 288.1
1500 8.7 39.0 152.8 3000 17.7 39.4 311.5
1500 10.9 39.2 192.4 3000 19.4 38.1 341.4
1500 14.1 40.5 248.2 4000 3.0 18.0 23.6
1500 15.0 40.0 264.2 4000 5.7 32.7 100.0
1500 15.8 39.2 276.9 4000 6.5 32.7 114.2
2000 2.5 19.2 26.8 4000 7.1 33.0 125.5
2000 6.0 34.8 105.6 4000 9.2 35.7 162.3
2000 7.3 37.2 127.4 4000 12.4 37.4 219.0
2000 9.3 38.9 163.4 4000 13.6 37.6 238.7
2000 10.8 39.4 183.0 4000 14.5 37.7 254.0
2000 13.9 40.6 243.4 4000 15.3 37.7 268.9
2000 14.9 40.6 262.1 4000 15.3 37.7 268.6
2000 15.7 40.4 275.1 4000 16.4 375 289.0
2000 16.4 40.1 288.0 4000 18.3 37.0 321.8
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Table A.2 BSFC map data of DM-TJI engine with high EGR dilution.

Engine | Torque BSFC BMEP

Speed [Nm] | [g/kW-hr] | [bar]

[RPM]
1000 35.4 390.6 2.3
1000 100.3 255.2 5.7
1000 158.1 231.5 9.0
1500 25.5 387.9 1.5
1500 63.4 274.7 3.6
1500 88.5 250.0 5.0
1500 109.5 248.4 6.2
1500 128.3 231.8 7.3
1500 152.8 222.8 8.7
1500 192.4 221.4 10.9
1500 248.2 213.5 14.1
1500 264.2 215.8 15.0
1500 276.9 221.4 15.8
2000 26.8 387.9 2.5
2000 105.6 248.3 6.0
2000 127.4 232.4 7.3
2000 183.0 219.4 10.8
2000 243.4 212.8 13.9
2000 262.1 212.7 14.9
2000 275.1 213.8 15.7
2000 288.0 215.3 16.4
2000 296.0 218.8 16.8
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Engine | Torque BSFC BMEP

Speed [Nm] | [a/kW-hr] | [bar]

[RPM]
2000 307.0 220.1 17.5
2000 331.7 227.8 18.9
3000 23.5 387.9 2.3
3000 107.9 254.1 6.1
3000 184.7 218.4 10.5
3000 243.6 211.1 13.9
3000 259.7 213.2 14.8
3000 274.3 214.3 15.6
3000 3115 220.1 17.7
3000 341.4 228.9 19.4
4000 23.6 387.9 3.0
4000 100.0 264.5 5.7
4000 122.1 258.2 7.1
4000 139.1 248.3 8.0
4000 162.3 241.7 9.2
4000 219.0 230.8 12.4
4000 238.7 230.1 13.6
4000 254.0 229.3 145
4000 268.6 229.9 15.3
4000 289.0 230.9 16.4
4000 321.8 235.7 18.3




Table A.3 The EGR dilution rate of the DM-TJI engine map data.

Engine BMEP | EGR

Speed [bar] | [%0]

[RPM]
1000 2.0 15.0
1000 5.7 40.0
1000 9.0 45.0
1500 14 15.8
1500 3.6 354
1500 5.0 40.0
1500 6.2 42.0
1500 7.3 45.0
1500 7.3 45.0
1500 8.0 45.0
1500 8.7 45.0
1500 109 | 45.0
1500 14.1 | 45.0
1500 15.0 | 40.0
1500 15.8 | 35.0
2000 15 15.0
2000 6.0 40.0
2000 7.3 45.0
2000 9.3 45.0
2000 10.8 | 45.0
2000 139 | 45.0
2000 149 | 43.0
2000 15.7 | 40.0
2000 16.4 | 38.0
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Engine BMEP | EGR
Speed [bar] | [%0]

[RPM]
2000 16.8 | 36.0
2000 175 | 35.0
2000 189 | 30.0
3000 2.3 15.0
3000 6.1 45.0
3000 10.5 | 45.0
3000 139 | 45.0
3000 14.8 | 43.0
3000 15.6 | 40.0
3000 16.4 | 38.0
3000 17.7 | 35.0
3000 19.4 | 30.0
4000 3.0 15.0
4000 5.7 35.0
4000 6.5 40.0
4000 7.1 45.0
4000 9.2 45.0
4000 125 | 45.0
4000 13.6 | 45.0
4000 145 | 40.0
4000 153 | 38.0
4000 153 | 35.0
4000 16.4 | 33.0
4000 18.3 | 30.0




APPENDIX B. Drive cycle engine operating points

Operating points over the DM-TJI engine fuel consumption equivalent CO2 emission
(BSCO2 g/kW-hr) map in the different driving cycle.
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Figure B.1 FTP city drive cycle.
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DM-TJI operating points over the ISNOx (g/kW-hr) engine map for the different drive

cycle
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Figure B.3 US06 drive cycle.
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